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ABSTRACT -

The parallel surféce thrust bearing has been studied both
theoretically and experimentally. The general equations governing the
laminar flow of a Newtonian fluid are presented and suitably reduced to
describe the flow of lubricant through é plain collar bearing. A computer
solution of the resultiné equations has been obtained ih which'the va;iaiibnal
of density and»viacoéity with temperature are accommodated and the ciyeﬁﬁfereﬁ-
tial leakagé.of oil frém the beaiing is recognised. The resulting perfofmance
curveé indicate that uéeful load carrying capacities, pro&uceé by a 'thermal
-wedge' effect, are possible ﬁith parallel sﬁrface thrust beaiings.

A geries ofAtests was carried out on a three inch diameter
bearing opérating at speeds ranging from 15,000 to 19,000 r.p.m. The
results confirm that hydrodynamic lubricatioﬁ may be achieved with a parallel
surface thrust beﬁring. The.experimental values obtained for»the load
carrying capacity and the coefficient of friction were both less than the
'theoretiéai predidtions. - The discrepancies apﬁear'to be caused, for the
most part, by aﬁ increase in the oil temperatu:e resulting from entrainment

of the lubricant in the bearing.
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LIST OF SYMBOLS

The following syﬁbols have been’uséd’throughout the text.
Any symbol not listed is defined on introduction.
r6,3 Independent cylindrical co-ordinates

%43 Independent rectangular co-ordinates
w,v,w - Velocity in x, y and 3 direction respectively

#  Substantial time derivative
o Grid size
A Constant
8 Constant _
" Cp Specific heat at constant pressure

. Specific heat at constant volume
Dimensionless density

Internal energy

Coefficient of friction ,

Body force, direction as subscripted
Friction force

Film thickness

Enthalpy '

Thermal conductivity

Dimensionless viscosity
Rotational speed

Pressure

Dimensionless pressure

Load per unit area

Heat flux, direction as subscrlpted
Inner radius of bearing

Outer radius of bearing.

Mean radius of bearing -
Dimensionless co-ordinate
Temperature '

Temperature at inlet

Time

Dimensionless temperature

Friction torque -

Velocity of slider

Velocity, direction as subscripted
Load per pad

Viscosity in centlpoise

NEJYCH AT DI ISWUOTZIFTSnPHhmod

"ot vIncluded angle of sector pad
B Constant = .

A Dilatation = V'?

Y Operator

(2] Dimensionless co~ordinate

A Constant’
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Viscosity
Viecosity at inlet
Density

Density at inlet

Stress tensor
Dissipation function
Angular velocity

vi



~ CHAPTER I

I. 1. Introduction -



i.l. Intioduction

‘PriOr’to, and.fbn some fime snbseguent to the introduction
of Reynolds' classical paper [1]* in,1886, thrust bearinés were very
inefficient when compared to the journal bearing. In nis quantitative
analysis, Reynolds‘ahowed that a geonetric resfriction in the direction{of
motion was necessary to produce a load dérrying flnid film in a bearing.
The parnllel éurfaée thrust benring,lwhiéh at that time was'operating at low
speed and with high loads impoaed ‘on it, had no such geometric restriction,
Due to these severe running conditions and the lack of oil grooves, or other
means of aiding oil entry to.the beaning surfaces, the thrust bearing was
~then opergting in the-boundany»lubrication region. By fortuitous
coincidence;‘however, the journal bedring already pnnsessed the geometry
required for hydrodynamic lubrication and so operated with a lower ooefficient
- of friction than the thrust bearing.

As a consequence of Reynoida' theory, thrust bearings of the
early twentieth»century, and later; were designed on the tilting rad principle,
as introduced by Kingsbury and Miéhell,,and the parallel surface bearing
became virtually obsoieteQ : Thechntenéionvvas that»the latter bearing could
support a fluid film under load only‘tb the extent of the static pressure; |

6n several occasions, however, it was noted that parallel
surface bearings pérformeﬁ'better'thn enpectéd inasmuch as useful loads were
carried with a low coefficient_df fricfion; The most conclusive results
were obtained by Fogg [2] wno recorded_load carryiné‘capacities of the same
order as a tilting pad bearing with Aimosf the seme efficiency as the tilting
pad bearing. His tests were carried out at comparntively high speeds and

the annular thrust surfaces were divided into a number of sector éhaped pads

* Numbers in square brackets refer to list of referenceé in Bibliography.



by the introduction'ofradialjoiltgrooves.in thevstationary.surfsces.'
These o0il grooves; together_with.circumferential oil seals, enaured that the
bearing surfaces were alveys supplied uithfoil;':=.l |

Fogg expleined this'appsrent hydrodynamic action ssia 'thermal

'wedge' effect, analagous to the taper.Wedge effectdwhichvpredominated in the

tilting pad bearings. That is, instead of having a constant volume of
lubricant flowing through a. diminishing aree, Fogg postulated that due to the
thermal expansion 6f the. lubricant a similar effect would be obtained by -an
‘expanding volume of lubricsnt flowing through a constant area.

"As a result of Fogg.s findings,<nore_attention was given to

. the:perallel:surfsce.thrust hearing, most of this-attention being
quantitative in nsture._- | | |

Bower [3] used the equation of nass continuity, as opposed to
volume continuity, in a‘revised,form-ofwthe governing equation. By assuming
no side.leeksge‘and linear variations of.viscosity‘snd density-along the
bearing, Bower concluded that & losd csrrying fluid film could be produced by
Athe thermal wedge effect. “ 1 ’ A '_‘ '

Csmeron and Wood [4] used the revised fonm of Reynolds'
equation in conjunction with an energy equation torarrive at two simultaneous
partial differential equstions for the pressure and tempersture distributions.
Using methemstically expressed variations of viscosity and density with
température, these equations were then solved on the assumption of no side
leskage from the bearing. |

Shaw [5] obtsined a solution to the revised governing
equstion by assuming no side.leskage,.constant_viscosity and a linear
variation of density with temperature. “ln'this way he was able‘to compare
the tilting‘pad and:the parsllelysurfsce hearings;on the basis of equal film

thicknesses,'
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Starting with.the general eqnations for the steady flow of a
viscous fluid, Cope [6] arrived at the revised forn of the pressure equation,
but_obtained an.energy_eouation’whioh differed from that used previously by
Caneron:and Wood. | The resultiné equations were solved by Cope for known
variations of yiscoaity and density‘with.temperature and for no side leakage.
In this way he showed that under conditione of low variation of viscosity
with temperature, .large variation of_deneity yith temperature, and small film
thiokneeeee;‘the thernal wedge‘may completely outclaee7the geometric ﬁedge.
| Experimental results were obtained by Kettleborough [7] for a
. paraliel surface ‘bearing running at the oomparatively low speed of 695 r.p.m.
The coefficient of friction so obtained was about twice that obtained by Fogg.‘
The work performed on parallel surface bearings has tended to
be either entirely experimental or entirely theoretioal, the theoretical
analyses being used only to justify the thermal vedge idea and to compare the
perfornanoe of such a bearing to that of a similar tiltingdpad type. The
firet.real attempt to oorrelateftheoretical and‘experimental reeulte‘for a
given parallel surface bearing was due to Youngf[B]. 'In hie quantitative
analysis, Young presented three different solutions to the equations as
presented by Cope,‘the moat‘rigoroue solution’being a relaxation process,
first used in lubrication by Christophereon [9], which takes account of side
leakage. These different solutions were compared with each other and with
the experimental results obtained from a thrust bearing operating in the
speed range 4,000 to 16;000'r.p.m.;v The relaxation golution gave fairly
good agreement at the pointe;oheoked but_theoretical performance curves
could not be obtained this way due to the large amount of work involved in -
even one.solntion.‘ The experimental coefficients of friction rere higher
than those optained by FogQ,*bﬁt_lower than those obtained by Kettleborough.

. The validity of the assumptions which accompany the
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theoretical analysis of the fluid flow in a parallel surface thrust bearing,

' e&idently depénds on the‘nature_of.the‘operating conditions in the test
bearingvitself. Also; thé theoretiﬁai.results oBtained can be successfully
compared with the expe:imentgi:results'oﬁly_if certain quﬁntities can be
'accurgtely méésured. | It'thﬁs seems desirable to revise, and modify if
necessary, thé eQﬁatipna governing fhe fléw}of,fiuid iﬁ a parailel surface
bearing; to obtain as sophisfiéatéd 3’301utip#.to the governing equations as
is reasonablé; to add to the expe£imehta1 datd available and to compare the
theoretical and eXperimeﬁtal reeuitS'so-obtaith. It'waBYthh these

immediate objectives that the current research program was initiated.



. CHAPTER II

II. 1. The Governing Equations for Film Lubrication
II. 2. Solution of the Governing Equations
II. 3. Theoretical Performance of Bearing



II.l.:The'Governing Eguationg for Film lubrication
| The equations governing the flow of the lubricant in a:parallel
.surface bearing will be obtained from the general equations governing the flow
of a viscous, compressible, heat conducting fluid. The derivation of these
pgeneral_equations is presented in most texts on hydrodynamics, gasdynamics and

irelated fields. Accordingly, the general equations as presented in[lQ] aret=-

P =-,(v7) R BN
/o%u /:F vb-[VT] o - @)
f’;bt"".@t' (V? —(%: v7) B - 0

in which the symbols used are defined in the 'List of Symbols' in the
" preliminary pages of the thesis. . These are the eqnations of continuity,
‘motion and energy, respectively, in which the properties of the fluid are
variables. '

‘ The reduction of these general equations to their final form
will be carried out by the method presented by Cope [6], although the |
resulting equations will be slightly different.'v-The algebraic manipulations,
although straightforward, tend to become lengthy and tedious. Consequently,
it is proposed to indicate the steps individually_and_to present the end
results of performing each step. | | |

e begin by expanding equations (1) (2) ana (3) in _

cylindrical co-ordinates:

28 +'u;§2+ % o +'»3-§:2 =—,0[-L§l(rv. +—— ] c ()

P A B 7 )= B ) B )
V)"f&“‘é‘h [r=3"(”r'° 4 +4L ] - (5)
,f(* + v % 3—;+%%§) —.'=f_’/'}-.'§§ [—‘--}(rh)i-— %:EB]

s géwﬁH—HH% ) (%+V.-§é+_9_§g+1f;§f) 4
-Fz;.-(r¢r'+—,,f§g+'-g§+]+ ¢ < - (6)

PSS+ vl + _L.ﬂz+ Yo 4 oy



in which the components of the heat flux vector q are given by:

q- = - A3
go = — A+ | . - (7)
7 = “4%
For a Newtonian fluid we have:
= —u(2§E —%4)
’l’ee=~/u[2(’ &&4._;) 2.A]
= —/u(zﬂ%l’* -4 4)

= 'Z’”——/u[rar (_e_ +__'l: Qg] (8)

Vo= %o = <A (30 3F)
Tsr'—"”rr;g /‘L(A-J-'f'—a-l’h)

+[L 2w v 2 (v _1,3#]

O = uf2[(BE)+(+ W‘*"L)*(—*az” ["5?(‘)*r %t
[gy_,_,,,_g_w_} [am+ ‘E‘Az } . . (9)

Thus assuming the flow is steady and laminar and that the fluid is Newtonian,

the general equations (&), (5) and (6) become:

a,l;—aar-(prm)+—,’,—5%0om)+i@v) =0 . - (10)

3

P e ,&gzg — 20
B %9#(1—5”7'—%’2-*“%%)
SRR P ()
plode+ 58 + B w )= pFo —H 5 PV + ALY —Aeln-23)r
BLr )+ 3] 38
S50 5) (3 )
PG+ 3+ w43) e ~3 AV AP PG
F () -

43+ %+ 1 48)

P+ B vdl) = (vihr Bhrmgh)r f |
[Pt k38408 9 - 62




in which the continuity equation (10) has been rearranged to its more usual
form., |

Since the surfaces in a bearing are close together, parallel
and in relative tangential motion, it is reasonable to assume:

(i) That the variation of pressure, density, temperature, viscosity and
thermal cénductivity across the film are far less important.than their
variation along it. That is, it is assumed that

/, ’/of t,/u and b are functions of r and O only.

(ii) That the velocity gradients across the film are much more important than
velocity gradients pareilel to it. Symbolically, this assumption states
that |

%‘-_{z > 4%, -33—}53 == 5%';— = 4%
and so on, so that only the first named need be retained in groups of
such terms. | |

(iii) That the fluid velocity perpendicular to the film is very small so that
we may write

Vy3=0

(iv) That the bodylforces, other than those caused by the motion of the fluid,
are.negligiblg. Using the notation adopted, the assumption means that

| FF=F,=F;,=0.

(v) That the enthalpy of the fluid is a function of temperature only and that

| the gpecific heat femains constént. Consequently, we may write

| H=Ct
Applying these five assumptions to equations (10), (11) and

.

(12), they reduce to the form:

F&(pro)+vtglpw) =0 o @)
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. . (14.)

2
ple 3o+ 340 ) =~ 3 o 38

pU(wdt+ B) = (vik+ 23)+ [£ 3 (hrt)++35(£ )]+
ﬂ[() Sy - Q)
These equations are still rather elaborate and it is |
desirable to.reduce them still further before attempting a solution. This
can be dong by using actual measuremeﬁts, fdr a typical set of conditions, for
values‘dfjo,f>,lf; efc., calculating from them the orders of magnitude of the
various'terms iﬁ the above equations and neglecting any terms which are found
to be small., ‘ Consider, in particular, a 3 inch diameter bearing running at
. 15,000 r.p.m. with a light lubricating oil at a temperature of 150°F and film
thickness of 0.001 inch. These figures are estimated for‘the-test bearing to
be used. For tﬁese conditions Table I is compiled in which all quantities

have been converted to the units of lbs., ft., secs., and °F,

TABLE I

P p h M G & r t Wr

1.614 | 3000 | 0.00083 | 0.00021% | 12,470 | 0.0173 | 0.1 | 150 | 143

Now %31& is of the same order as _u%!'. and '%:;% is8 of the same

u7r
»’

Proceeding in this way Table II is compiled.

order as =<-— etc o

TABLE ‘IT

PR | pYE | 1 | ade |08 | B2 | A4 | Gy

2x10° |20x10 | 40 x 10 | 40 x 10° | 10 x 10° | 5 x 10° | 0.0001 x 16| 5 x 109

The above Table shows that, in the equations of motion, the inertia terms

(}ov‘9 %%i- etc.) are about one twentieth of the »principal terms and may be
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neglected without serious error. The force arising from the Coriolis
component of acceleration (&%) is abouf half that of the remaining terms.
Although this term is virtually of the first order, it will be neglected here
also since this approximation leads to considerabie simplification of the
equétioné, as will be shown. In any case, the pressure of 20 lbs./sq. in.
assumed»here is extremely modeét, relative to the pressures qf 2,000 1bs./sq.
in, which have been recorded nnder.smﬁller film thicknesses. TUnder conditions
of large pressure gradients and shear rafés,'the force due to Coriolis
acceleration gpzﬂ&) will become insignificant.‘ Similar considerations also
apply to the centrifugal force QP-‘-)

In the energy equation, the conductivity terms[ % k%}) etc.]'
are seen to be about 10° of the other terms and ‘are thus negligible. The

equations now become:?

Fh(pro)etglpn)=0 : . (6)
- | . . (1?)

S Cﬁ(""ﬁi +F ao) = (wgt+ 2535 +/“[(%'1)’+(1’-;’L)’] : o - (18)
In this form, the equations of motion (17) may now be intégrated twice with
respect to 3 to give the velocity distributions. On applying the velocity
boundary conditions, o
at‘3=0, Vv =0, ‘U;=u.7r.
n3=h>m#ﬂ,'m=o
the velocity expressions a}e foﬁnd to be: :
v = —4’-%#3("—3) :
v —-—;/;—;;%3(1'-3 + 42 (h-3)

Substitution of these expressions into the equations of continuity (16) and

. (9)

energy (18) yields:
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réa'{f ['2/4 or 3(h'f3)]}+ r 26 {/0[‘2,0." 26 3(1"*7)4'_“;%&(“‘3)]}': 0 ' - (20)

/DCP{[~‘T)A"§’§'—3/I'4 ]+~[ zjurig’i(h ~3)+ u?r(/’ 3)] } { 2/A ar'?ﬂ'-i)ba’é""
| F [z 353 (h-.?)+i(h—x—y§ 1=

AMr 36

/I{['/ur 26 (h-23)- ;Jr] [ Zu 3y (""23)] } : -(21)

Integrating with respect to 3 between the limits 3 = 0 and 37 =h and

simplifying, we‘obtainbthe governing equations in polar co-ordinates.,

| %(ﬁa )""ar(ﬁ’?ﬁ) = aﬁr 5%50‘ | ' - (22)
. h dDIru
f’Cl’{((g _'FT,%LT?E 30 /2éu'5‘gg$ = hr + gpzi% - - (23)

In the absence of an equation of state for liquids, it is usual to expresas the
'density and viscosity as functions of the pressure and temperature. In the
pressure and temperature_rangeg encountéred, it is sufficiently accurate to
assume that both the density and viscosity are functions of the temperature
only, the variation being given by: | |

| £ =Af-1t) D

M =Bt*F c . (25)

Thus the equations available to_solvé for the pressure and temperature

distributions are:

SR rRA =48 (22)

A 3 3 _ 1.2 ’ h
SOl AR B RE 2
p=A(I-1t) (24)

M=B t¢ - (25)
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II.Z.ISolgtion of the Governing‘Equgtiong#

The equations obtained in the prévious-section are obviously
too elaborate to permit an exact mathematical sdlution. Thus any solution
will have to be obtained by numerical means and the‘ﬁethod to be used here is
the relaxation process introduced by Southwell [11] and_applied to
lubrication theory by Christophérson (9]1. | |

The first step will be to change the independent variables by

=8 -
&R } ’ o (26)
r=re

These equations map the sector shaped pad into a rectangular shaped pad as

uée of the transformation:

shown in Figure 1.

. “\
ek
l o |
/ f —————— +(%,8)
. |
Q : / |
: |
» \t\é A |
% 8 o | | o
0 I-o@

FIG. 1. TRANSFORMATION OF SECTOR INTO RECTANGLE

in terms of the new co-ordinates R and , the governing equations become:
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5%(723&)*5—(72‘%) Lo 22 L L)
POl ARt () = B -

Next, we render the dependent variables dimensionless by

introéucing P, T, D and M which are defind by:

Ib—_,&_‘t’iip

t= o

f—;“D - (29)
M= JlM

_where.t,,pr and/;u are respectively the temperature, density‘and viscosity
at the inlet edge. Substitution of equations (29) into equations (24), (25),

(27) and (28) yields:

H(h45)+ ‘%(‘?4“3)")= <55 e (30)

(1= BV (2 ML = Sesler? L (11 38) - )
P =A(l- )\t,T)» | (%)

p=B(eT)® Lom

It now becomes convenient to call'equatiOhf(30) the pressure equation,.

equétion (31) the energy equation, and treat them individually.

Pressure Fquation

: . Making use of the identity:
2D pY) — 2 2 ) /D \JIP aP
V(5 P) = PVI(R)+ R VP+ 255 ()3 + 25 (R) 5k
in which the operator §7 now stands for (ae, ), the pressure equation
may be written in the form: | | .
2R - Sv 3 2
V(E&P) 2R =PV E)-B VP - - ()
Christopherson and Southwell [12] have shown that if « is any polynomial

function; the operator ‘71could be expressed in‘finite-difference form by the



15
equation:
AV = Z}w — 4. + terms of order a* at least,.
where the summation sign refers to four points equally spaced on & circle of
radius 'a', whose centre is gt the point 'c'. Substituting this expression

for Vzin the pressure equation giveéz

SIE). +RLIP -RLIEL R =22 e . o)

hot

where the subscripts now refer to the points on a grid network as shown in

Fig. 2.

RA

2
3 c 1
—d 4

FIG. 2. GRID POINT NOTATION FOR RELAXATION PROCESS

In the relaxgtion solution of equation (35), the residual forces and

influence coefficients are defined by:

F=ZI0 B -REIRL B -2 B . oo

oo (). +(3), _
ace= [ (£ +(%).] | R €10

The effect of any change AP on the residual forces is then

—d.AP &t each point which is altered .
v awAP at each of the four surrounding points 'n'..
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For a given temperature distribution, D and M may be
célculated using equations (29). Then, for any assumed distribution of P,
the residuals and influence coefficients are calculated from equations (36)
and (37). The residuals are now relaxed - that is, the values of P are
adjusted in such a way that the residuals are reduced to a negligible value.
This procedure gives the pressure distribution corresponding to the given

temperature distribution.

Energy Equation

\

In terms of the grid notation established, the energy

equation (31) may be written in finite-difference form to give:

[1- 5= (B I(%) [ S (B )(s) = S [ e &% (58] - o)

For an assumed pressure distribution and a known variation of

temperature along the inlet edge of the pad, the corresponding temperature may
be obtained throughout the bearing by successive applications of equation (38)

across the grid.

Simultaneous Solution for Pressure and Temperature

To summarize, the equations to be solved for the pressure and

temperature distributions are:

@ BUR LB+ (B) ]= 220 @)™ . o

[1- 4 (B E0) - [ (BR)](F) = fahenl [ e (B8)] - o)
P:A{/—ltoT) . < (41)
M=B(tT)" L )

.~ A simultaneous solution of the above equations may be obtained by first
assuming an initial pressure distribution. This pressure distribution

enables a first temperature distribution to be obtained using equations (40),
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(41) and (42), as described under 'Energy Equation'. This first temperature
distribution may ﬁhen be used to obtain a second pressure distribution from
equations (39), (41) and (42), as described under 'Pressure Equation'. The
second pressure distribution will lead to a second temperature distribution,
and so on. Due to the factithat the viscosity decreases with temperature,
the foregoing procedure possesses an inherent stability and the solutions
converge after a few iterations.

An IBM 1620 computer has been programmed to perform the

foregoing steps and to obtain the solution to equations (39) to (42) in terms
of input quantities. These quantities are spéed, film thickness and inlet

oil temperature.
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1I.3, Theoretical Performance of Bearing

The test bearing, which will be described inlthe next chapter,
has the 1imits O<R=05and 0<€<| when it is transformed into a rectangular pad -
as shown in Figure 1. A grid system was set up on the transformed bearing pad
in which the grid dimension 'a' was chosen as 0.1; For this configuration,

a total of 66 points existed which were to describe the pressure and temperature
distributioﬁs corresponding to equatiohs (39) to (42).

For an arbitrarily chosen initial pressure distribution, the
corresponding temperature field was calculated. A revised pressure
distribution was theh obtained by relaxing the pressure residuals in 7
discrgte stages of up to 15 passeslper stage as required. At this point the
residuals were reduced to about 0.1% of their initial value. Successive
solutions were carried out for a total of 3 iterations. No modification to
the pressure and temperature distributions were noticed when more than 3
iterations were performed, consequently the values obtained after 3 iterations
" were accepted as simultaneously sétisfying equations (39) to (42),

| The quantities to‘be established from the pressure and
temperature distributions are the load cafrying capacify of the bearing and

" the corresponding coefficient of friction.

Load Carrving Capacity

For the derived pressure distribution, the load carried per

pad was obtained by integration. That is,
hofo

W = /;rdrde . - {(43)
Yo ‘0 : '
The above integration was incorporated in the computer program so that the
load carried per pad was obtained directly for each pressure distribution.
For safe operation of the bearing, the pressure distribution

should be limited such that:
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(i) the maxiﬁum temperature does not exceed 220°F and
(ii) the film thickness is not less than 0.0002 inch.
The first criterion is intended to ensure that the babbit does not melt whilst
the second should ensﬁre the absence of metal to metal contact. The.bearing
load corresponding to the smallest limiting pressure distribution was

congidered to be the load carrying capacity of the thrust pad,

Coefficient of Eriction
Considering the friction forée on a fluid element to be due
to the shearing action aéross the film, we may write:
dfy = Tae rdr do
ie. dFf = —u %‘?"’—rdrdo
where the expression for Tjs has been substituted from equations (8) with
set equal to zero. 'The expression for is given in equations (19) and may

be substituted to give:

dR =48k (h-2q) + AL drde

for any point in the fluid film. In particular@_gt'3=o we get:

- Wr®
dFy= (b 85+ AL ) dr do
so that the total friction force per pad is given by:
n
P) Jrt
Fo=[ [ (3 + A422)ir do
* Ve 70 2
Integrating the first term in this expression with respect to @ and noticing

that p=0 at §=« and 6=0:
rh o .

.1
Fo=| | AY2 drdo
) Vo 7o h
The coefficient of friction is defined as the ratio of the transverse friction

force to the applied bearing load.

That is, :
| 7(____5‘_
_ w
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L':e. 7[——=/r:'/:l\‘—/v—“i—"ldrde . . ()

Equation (44) was also incorporated in the computer program.

Bearing Performance Curves

Using eqﬁations (39) to (44), the load carrying capacity and
the coefficient of friction for the test bearing wefe obtained at speeds of.
15,000 and 20,000 r.p.m. The results are shown graphically in Figures 3 and
4, In calculating these results, the inlet oil was assumed to be at a
temperature of 70°F and the physical properties of the lubricant as given in
Appendix II were used. The load carrying capacity is seen to be 40 1lbs. at
both speeds. In facf, for any selected limiting temperature, the load
carrying capacity is seen to be the same. The only difference between the
limiting conditions is the film thickness at which the limiting load is
‘Carried. This fact can be understood by considefing the action of the
thermal wedge. The load carried depends on the temperature rise across the
bearing and hence the densit& change. The necessary temperature rise may be
achieved af low speed with thiﬁ fluid films or'at»high speed with greater film
'thipknesses. Héwever, the high speed condition has the qdvantage of having

a lower coefficient of friotion.
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CHAPTER IIT

III. 1. Apparatus and Measurements
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ITI.1. Apparatus and Measurggenfg :

§i) Apparatus

The schematic layoutvof'the apparafugpis shown in Figure 5.
The drive system consisted of An electric-ﬁofor, a V-belt drive and a‘gear
box. The 15 h.p. induction motor ran at 3,5#5 r.p.m. under full load. ..
The V-belt drive consisted of one 4.,0/5.4 inch vari-pitch pulley, which was
fitted fo the motor shaft, and one of three interchangeable fixed-pitch
pulleys of 7.0, 9.0 and 12;4 inch diameters, which could‘be fitted to the
intermediate shaft, The intermediate shaft was direct coupled to a Rollé-
Royce Merlin superchgrger gear box which had # 9.5:1 sfep up ratio. With
this drive system the test bearing could Be run at almost any speed from
11,000 to 26,000 r.p.m. | |

A sectional view of the test‘bearing assembly is‘shown in
figure 6. The high speed shaft consisted of a-%-inch_diameter.steel rod on
whiéh a Blinch diamter steel disc had been shruﬁk. The opposing faces of
the thrust disc were~machined, and subsequently lapped, 80 that they were
flat and parallel to within 1.0 x 16”4.inqh and hed a surface finish of about
12 microinches. The high speed'shaft was supportéd by two double row, self
aligning, ball-type bearingsvﬁhich were lubricated by an oil drip system.
The critical speed of the high speed shaft assembly was about 10,000 T.PeMm.

A steel cylinder concentric with the high speed shaft
surrounded the thrust disc. This cylinder carried three matched hydraulic
jacks which operated in parallel and were located at 120° to each other
around the outside of the dylinder. The jacks weie cbnnected to two
triahg@lar end plates which were in contact with the two opposing loading
pistons in the steel cylinder. The loading pistons carried two simila}
babbitted thrust collars, as shown in Figure 7, which formed bearing surfaces

for the faces of the thrust disc.
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The complete cylinder assembly was torque mounted and
supported by two steel piston tubes which were attached to the loading
ﬁistons and which were concentric with the high speed shaft. The‘piston
tubes were supported at their outer ends by two roller bearings as shown in
Figure 8.

The roller bearing housings were used to admit o0il to the test
surfaces. Seals were provided between the bearing housing and the high speed
shaft, and between the housing and the piston tube. The lubricant flowed in
the annular space.befween the piston tube and the high speed shaft and into
the space between the bearing surfaces. The assembled bearing is shown in
its test position in Figurg 9. |

0il was supplied from a 45 gallon tank, which was located
about 11 feet above the test bearing, and the outlet oil vés gravity fed to
another 45 gallon tank which was located about 4 feet bglow the bearing.

A motor and pump unit returned the oil to the upper tank at the end of each
test. The oil used was Shell Turbo 27; fhe,phjsical properties of this
0il are given in Appendix II.

A sepérate 0il system supplied lubricant to the gear box.
0il from a reservoir was pressure fed to the gear box by means of a gear
pump. Another pump_drained the gear box sump and returﬁed the‘oil to ths
" reservoir. Both pumps were driven from the same electric motor.

(ii) Measurements

The essential quantities to be measured under test were speed,
load, torque, temperature and film thickness,
Speed

The rotational speed of the high speed shaft was measured
directly by use of a 'Smith's' tachometer which had speed ranges from 0-5,000

and 0-50,000 r.p.m. The instrument had a resolution of 0.4% of the full
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scale.
Load

'The bearing load was assessed by measuring the pressure
épplied to the loading jacks. Thé pressure was obtained from an 'American'
pressure gauge tester which was capable of suppiying pressures of up to 500
1bs./sq.in. in increments of 5 1bs./sq.in. The calibration curve for the
loading system is given in Appendix III,
Torque

‘The friction torque transmitted to the thrust pads was
measured by means of a weight pan which was knife-edge suspended on a torque
arm. The torque arm was mounted on the bearing torque ring and weight pan
was situated at a distance of 10 inches from the bearing centefline.
Temperature

The temperatﬁré of the o0il was measured at the inlet and
outlet of each sector of the thrust pad at the points shown in Figure 7.
qu thermocouples were placed in each oil groove. The thermocouples were
mounted in tufnol inserts which were screwed into the brass backing plate of
the thrust pad. Thermocouple potential was measured by a 'Do:an'thermocouple
potentiometer which had ranges of 0.20mV, by increments of 0.01 mV, and
0-100 mV by increments of 0.05 mV. This instrument is shown in Figure 10,
Copper-constantan thermocouples were used and the calibration procedure and
results are given in Appendix III.

Film Thickness

The thickness of the fluid film in the bearing was measured
by means of a 'Daytronic' model 103A-80 linear displacement transducer, which
is shown in Figure 11. This transducer had a range of 0.040 inch aﬁd was
fitted with a special steel tip which had a hemispherical end of radius 0,030

inch., The transducer was screwed into the loading piston crown, as shown in
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Figure 5, and the élunger‘tip passed through the_thrust pad to make contacﬁ
with the thrust disc. Thus the e1ectrioal output of the transducef was a
measure of the distance between the thrust pad and the thrust disc.

A 'Daytronic' model 300BF differential transformer indicator
supplied the excitation for the transducer and.showed the displacement on a
pre-calibrated scale. This instrument, which is shown in Figure 10, had a
range of * 0,100 inch and a maximum resolution of 10 microinches.

In addition to the tranéducer, two 'Starrett! ﬂ;%;s inch
dial gauges were mounted on the steel cylinder with their plungers touching
one of the piston end plates. | The configuration was such that the gauges
recorded the sum of the two film thicknesses, - - |

The aforeﬁentioned instruménts and pieces of equipment are

shown in their test positions in Figure 12.
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IV.1l. Experimental Procedure

A particular assembly procedure for the test bearing was

. adopted to ensure proper alignment of the thrust surfaces prior to a series
of tests. With the entire bearing assembled but unbolted, the high speed
shaft was secured by bolting down the two support bearings. With the
normally stationary parts of the test bearing assembly still unsecured, a
load was apﬁlied to the thrust surfaces, so causing metal to metal contact
between the thrust pads énd the thrust disc. The resulting confact pressure
caused the test bearing assembly to align itself with the thrust disc.. With
the load still applied to the begring, the two roller bearings which support
the stationary components were carefully secured.

Before beginning each test, a pressure of és lbs./sq.in. was
applied to the loading jacks to bring the'thrust surfaces into contact and
the differential transformer indicatof and dial gauges were set to read Zero.
The load was then removed from the bearing and the thrust surfaces were
separated by about 0,010 inch, The stationary components were torque
balanced in this position.

With these preliminaries c&mpleted, the lubrigcation system
for the gear box was started and oil was admitted to the test surfaces. The
main motor was then started and an initial loading pressure of 5 1bs./sq.in.
was applied to the hydraulic lpading jacks. After about two minutes running
time the o0il temperature in the bearing stabilized and test readings could be
taken., Readings of speed, torque, film thickness and oil temperature were
recorded. The rate of o0il flow through the bearing and the bulk outlet
temperature of the oil were recorded as supplementary information.

The foregoing procedure was repeated for loading pressure
increments of 5 lbs./sq.in. until the outlet oil temperature was about 220° F,

The maximum temperature criterion, rather than the minimum film thickness



. 38
cfiteribn, Qas found to limit'thé 1oad‘cérrying-capacity of the bearing. At
this point the bearing yas unlbaded and the machine was stopped. Immediately
the machine was at rest,.a'ioading pressure of 25 lbs./sq.in. was quicly
applied to the léading jacké and. the transducer zero reading noted while the
bearing components wefe still hot.. The load was then removed and the thrust
surfaces were separated by about 0.010 inch and the zero torque reading was
checked. | | |

The test procédure vas repeated for speeds ranging from
15,000 to 19,000 r.p.m. Tests at speeds in excess of 19,000 r.p.m. could
not be made due to fhe persistent cage failure of a reoller bearing in the
high speed end of the gear box.

Baving completed a series of tests, the test bearing was
dismantled for inspection. The thrust surfaces were found to be in good
condition with no evidence of metal to métal contact under running conditions.
The bearing Qas reassembled and the bré&ious tests repeated; the results

obtéined were found to be in agreement with the first set of readings.
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IV.2, Experimental Results
E The derived reSulté are presented in graphical form in this |
section and the observéd fesults are.giﬁen in Appendix IV, The load curves
for the beafing are shown in Figure-lj and the corresppnding friction
characteristics are shown in Figurg 14, '»To permit a direct comparison
to be made with the theoiétical curves bbtained in Chapter II, the curves for
20,000 r.p.m. have been repfoduced in Figures 13 and 14, The theoretical
curves for a speed of 15,000 r.p.m. lie very close to those for 20,000 r.p.m.,
consequently the-former.cqrves have been omitted. Experimentally, it was
found that loads in exceés of 16;5 lbs. per pad cquld not be carried by the
bearing without the outlet oil-temperature_;xceeding the specified limit of
220°F, | |
The experimental résults obtained»may be compared with the
results obtained by other investigatdrs by plotting the coeffiéient of frictioen
f against the parameter3%$; Such’a plot is shown in Figure 15 in which the
value of Z has been taken in centipoise,-N is in r.p.m. and P' is in lbs./sq.in.
To obtain the coefficient of friction from the measured

bearing torque and load, a mean radius of the bearing must be defined. The

theoretical expression for the coefficient of friction is given by equation

| h ro wort
f‘“‘/,[’%""'_’“

If the viscosity is assumed_constant at some average value/uf, then the above

(44)s

equation may bé integrated to give:
. A , s L3
][=,&£2§.(_ﬁ_—_&_) ) . 4s)
wWh E} .
For an applied load of P' per unit area, the load per pad W will be given by
‘the expression:

W = PIO( L—"—;raz)

Substituting for W in equation (45) yields:
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| f = A 3(r.—-n) ©c (46)
From equation (46), the mean bearing radius F. is defined by:
n=$(52%) s e

For the bearing tested, i = 1,5 and ¥o = 0.6875 so that Ve = 1,144 inches.,
Having defined the mean radius of the bearing, the experimental coefficient
of friction may be obtained from the measured friction torque per pad by

using the relation:

el e
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IV.3. Discussion of Results
An estimate of the accuracy of the observed results will be
made, togefher with some general comments., This discussion will be followed
by a comparison of the experimental results with the theoretical predictions.
Finally, the experimental results will be compared with those obtained by
other investigators.

Observed Results

For each nominal speed setting, the rotational speed of the
‘thrust disc was found to be independent of the applied bearing load. The
accuracy of the speed meansurements was limited only by the readability and
inherent accuraéy of the taéhometer. For the speeds at which the bearing
was run, the recorded figures may be considered as beihg accurate to within
0.2%.

The accuracy with which the bearing load was obtained was
governed by the accuracy of the calibration curve for the loading system.

In Appendix III»the loading curve is given to within 5%.

The friction torque, as measured, was produced by the action
of both thrust bearings. The balancing system was found to be sensitive to
within 4 an ounce or about 5%. The probable accuracy of the coefficient of
friction, if based on the root mean square law, is 7%.

The accuracy of the film thickness recordings was governed by
the random :‘deviations which were experienced. | Suppose that the film
thickness was nominally 0,0010 inch. It was found that this value would
prevail for 1 to 2 seconds, then it would falter briefly to about 0.0009 inch
and return to 0.0010 inch after a small overshoot. This erratic deviation
limited the accuracy of the film thickness measurements to about 10%.

Accompanying the variation in film thickness, a variation in

the temperature of the outlet oil was observed. It was noticed that if the
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film thickness decreased, the oil temperature increased, the variations in
temperature being of the same nature and duration as the variations i; film
thickness. The accuracy of the temperature measurements were consequently
limited to be within an estimated figure of 5% of the recorded values.

From the foregoing description of the variations in film
thickness and temperature, it was thought that intermittent oil starvation
existed between the bearing surfaces. Evidence of localised oil starvation
wag also reported by Fogg [2]. To ensure that the thrust pads were
oferating fully flooded, Fogg fitted circumferential o0il seals to his test
bearing. The resulting restriction to oil flow at the perimeter of the
bearing produced a small positive pressure there and a considerable improvement
in the bearing capacity was obtained.

Another factor which could contribute to the instability
.exhibited by the test bearing is the presence of air between the thrust
surfaces., Air entering the bearing, either by way of the inlet oil or
through the outlet grooves, would create a region which would move across the
bearing and which would support little or no load.

The observed results show that the temperature in the inlet
0il grooves rose to very high values even although the supply oil was at
70°F, The high temperatures recorded would éppear to be caused by leakage
of the outlet o0il from one pad into the inlet of the next pad. This leakage
could take place by either one of two mechanisms.

The first mode of leakage could be attributed to carry-over
from the rotating disc. That is, since there exists a definite gap between
the stationary and moving surfaces of the bearing, and since the layer of oil
next to the disc is moving with the disc, it is evident that some recirculetion
will always take place. By this means it may be visualized that the fluid

film at the inlet to a pad will be made up of entirely recirculated oil in
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the laygr adjacent to the disc, entirely fresh oil adjacent to the stationary
pad, and some form of mixture in the region between these extreme layers,

" The second method by which o0il may leak from one pad to
another is related to the particular thrust pad configuration employed.
Referring to Figure 7, it will be seen that oil entering the outlet groove
containing thermocouples 11 and 12 will be unable to escape until that groove
is completely filled. This means that the groove will always be full of hot
oil under test conditions. Similarly, the non-load carrying region in the
vertical position will be full of hot oil. By the action of gravity, these
two regions will feed hot o0il into the inlet groove containing thermocouples
1 and 2. Vérification of this state of affairs can be obtained by reviewing
the observed results.in Appendix IV. It will be noted that the temperatures
recorded by thermocouples 1 and 2 were higher than those recorded in the other
inlet grooves. Since the average temperature rise across the offending pad

is very small, its load carrying capacity will be greatly impaired.

Comparison of Theoretical and Experimental Results

Referriﬁg to Figure 13, it is seen that the experimental
curves tend toward the theory at medium film thicknesses, then fall away
again at low film thicknesses. The main reason for the divergence at low
film thicknesses lies in the inlet temperatures of the oil. In the theory,
the inlet temperature was assumed constant at 70°F, whereas average inlet
temperatures of up to 150°F were recorded experimentally. Since the thermal
wedge depends on viscosity to produce a temperature rise across the bearing
and since the viscosity varies as t'zﬂ', then it follows that the increased
inlet temperature will reduce the load carrying capacity of the bearing. A
point check was made on this by obtaining a computer solution for the load

carried at 15,000 r.p.m. The load was found to be reduced from 25.30 1bs.
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at 70°F to 13.85 1bs. at 100°F. These figures demonstrate the severe effect
" that the inlet oil temperature has on the bearing performance and explain the.
reduction in the load observed in the 1.0 x 10° to 1.75 x 10 range of film
thickness in Figure 13,

In the film thickness range 1.75 x 107> to 2.5 x 107 the
experimental load is close to the theoretical curve and actually exceeds the
. theory in some parts. Iﬁ this range the static pressure predominates and
the hydrodynamic theory does not account for the static pressure. The value
of the static pressﬁre was é,bout‘ 5 1bs./sq.in. but since the actual value
depends on the losses in the supply line and at entry to the bearing surfaces,
no attempt has been made to subtract load carried by the static pressure from
the total bearing load.

- ‘For film thicknesses greater than 2.5 x 10°% the centrifugal
force becomes important. In Chapter II it was shown that the centrifugal
term in the differential equation was relatively small for moderate or higﬁ
hydrodynémic presaures. However, the induced pressures are low in the range
in questioﬁ and consequently the oenfrifugal force, which impairs the load
carrying capacity of the bearing, becomes relatively important. - The effect
of the centrifugal force can be seen to extend down to film thickneséés of
about 1.25 x 1073 R For films fhicker than.1.25 x 107 the increase in'load
which is predicted by the theory for an increase in speed, is more than
offset by the corresponding increase in the centrifugal force. For films
thinner than 1.25 x 102 an increase in speed produces a higher load carrying
capacity for the same film thickness, as predicted by the theory.

The coefficient of friction curves shown in Figure 14 indicate
that the experimental values of f are everywhere less than the theoretical
predictions. The largest single factor causing this discrepancy is the

increased temperature in the inlet oil. Since f< M , an increase in the oil
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temperature wouid result in a decrease.io the viscosity andvin the coefficient
of friction. At iow velues»of film thickness, the'obServed bulk temperatcre
of the inlet oil was about twice the assumed value. The viscosity would
therefore be reduCed by about'BO%; ‘ For lerge vaiues'of film thickness the
observed inlet temperature was 10 F above the assumed value, resulting in a
30% decrease:in viscosityq- The thermocouples were located in such 8 way
that-they.ﬁould:recorc oﬂly the‘bulk temperature of the inlet oil. ~ From the
previous.discussion on recircﬁlation'of‘the lubricart.it seems possible that
a temperature gradieht"existec_i across the' fluid fi_lm; Any such temperature
gradient would-prodoce avfluid‘leyeriadjacent'to the rotating disc which
would be at‘en even higher.terperatore than that‘otserved experimentally.

A local‘increese in temperature of'this.nature would cause & further decrease
in v1scosity and in the coefficient of friction.

Apart from viscosity considerations, ﬁx 80 that'any discrep~
ancy in the load characteristics will influence the friction characteristics.
In the film thickness'range 1.0 x.1073~togl.?5:x-103_; the experimental load
is less than the theoretical load. For‘this renge, the load error will
therefore partially compensate for the yiecosity errOr. In the range 1.75 x
102 to 2.5 x 10'3_it vas observed that, :due to the effect of static pressure,
the experimental load exceeded the theoretical value. In this case the two
errors are cumulative.i For film.thicknessesigreater than 2.5 x 10~ the
experimental load is again less than the theoretical value, due to the action
of centrifugal force, so that a partial correction is once more obtained.

The theory pre&icts that an irCrease in speed will be
accompanied by_a'reduction in the coefficient_cf friction. 'In Figure 14 it
will be noticed that_the converse is,true for film thicknesses greeter than
1.25 x 1072, This contradiction of_the'theory may be attributed to the

adverse infiuence:of‘centrifugel force;on load capacity, which has been
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previously discussed, and the dependence of the coefficient of friction on

the load.

Correlation of Fxperimental Data

The coefficient of friction has been plotted against the
parameter ZA , in Figure 15. The . experimental results obtained are for the
most part in a different range from the existing published results. The
difference in range can be attributed to the low loads carried in the present
series of tests and the corresponding high value of viscosity. In the region
of overlap, the experimental results are close to those obtained by Young and
Fogg, although the gradient of the friction curve is closer to that obtained
by Kettleborough.

The wide scatter in the experimental results as obtained by
different authors is probably produced by the difference in operating speeds.
In section II.3 it was pointed oﬁt that for a given load carrying capacity, a
lower coefficient of friction could be obtained by operating at higher speeds.
That is, for two identical bearings carrying identical léads, but operating at
different speeds, a lower coefficient of friction will be obtained from the
bearing which runs at the higher spged. For the same inlet 0il temperatures,
the outlet temper@tures will be the same so that the viscosity Z will be the
same for the two bearings. This means thét the high speed'bearing will not
only have a lower coeffidient of friction, but it will have a higher value of
Z%#. The friction characteristics of the two bearings will therefore differ
if plotted on'Figure 15. |

| A method of obtaining a more general correlation of

experimental data is indicated by combining equations (46) and (47):
. '
f=r

fd_A__ Fm . . (11,9)
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Equation (49) shows that a general curve could be obtained by plotting the
coefficient of friction against the parameter.%giff. Unfortunately, Fogg
and Kettleborough do not give sufficient data to permit such a correlation to

be made.



CHAPTER V

V. 1. Summary and Conclusions
V. 2. Suggestions for Future Research
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V.1, Summary and Conclusions

The existence of a load carrying fluid film due to the action
of a thermal wedge has been demonsirated both theoretically and experimentally.
In both theory and experiment it was found that the maximum temperature of the
lubricant reached restrictive values before the film thickness was reduced to
undesirable limits.

Theoretically, it seems possible for a parallel surface thrust
bearing to support hydrodynamic loads of the order of 30 1bs./sq.in. of
bearing area. In general, it éan be concluded that for a given load capacity
a high operating speed is associated with a low coefficient of friction.

Experimentally, loads of about 12 lbs./sq.in. of bearing area
were supported. This load carrying capacity is considerably less fhan that
obtained by other investigators. The factor which limited the load capacity
of the béhring was recirculation of the lubricant which resulted in high
inlet temperatures to the béaring. In this respect the existence of
_séparate 0il outlet grooves for each thrust pad appear to be of little or no
value and if used in certain configurations they can have a detrimental
effect. The friction characteristics obtained are in good agreement with

the results obtained by other experimenters.
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V.2. Suggestions for Future Reasearch

It would seem desirable to attempt to develop the load
carrying capacity of the parallel surface thrust bearing before performing
any further tests. In this respect it seems necessary to restrict the
radial flow of oil at the periphery of the bearing to ensure an adequate
supply of lubricant reaches all areaé of the.bearing surfaces. One method
of achieving this is to fit circumferential seals as described by Fogg.

The seals used by Fogg were 4 inch thick and had a diametral clearance of
0,010 inch.

Alternatively, the same effect could be achieved by reversing
the oil flow so that the oil enters the bearing at the outef radius and
leaves at the inner radius. With this t&pe of flow, the radial oil grooves
could be wedge shaped which would'allow for the proper flow of o0il intoe the
bearing and st the same time conveniently furnish sector shaped thrust pads.

To permif accurate experimental values of the coefficient of
friction to be obtained, the bearing torque must be accurately known. For
small, high speed bearings, the friction torque is low and the weight pan
method of obtaining the bearing torque is rather insensitive. Considerable
impro&ement in sensitivity could be obtained by employing a small force
transducer to act on the torque arm. In this way rapid torque readings
could be obtained with a high degree of accuracy.

Finally, an aﬁtomatic shut=down device could bé installed
which would permit tests to be made in the thin film region. A relay switch
for the main motor could be fitted to the bearing assembly in such a way that
if metal to metal contact occurs, the resulting increased friction torque
would cause the torque drm to depress the relay button and so stop the main

motor.
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APPENDIX I

The Energy Equation in Lubrication.

Two different forms of enefgj equation are to be found in the
-literature - for example, the’équation used by que [6] differs from that used
by Christopherson [9]. In Chapter II, the energy equation obtained agrees
withvthat obtained by Christopherson; The reason for this will be shown by
repeating the procedure of Chapter II and at the same time repeating Cope's
derivation. Iﬁ the following analysis, equations and assumption numbers
with the subscript 'a' will refer to Cope's analysis. To pérmit direct
comparison with Cope's results, ?ectangular co-ordinates will be used.

For the steady, laminar flow of a Newtonian fluid we had:

(push +/ov +fw'a'li (ugéﬂr;—/lv« w?f- +r(jé§— +gi(&si)+ (&%t)ﬂp
bt H= E+#

Substituting this expression into the previous équation, ve get: _
(Pust +pvig +purdE ) plude +vip+arde) =R (h3) + SRS SAEE) + 0
but from the continuity equation,

ufprvip rard "*P(gl &+ 4)
Substituting this expression in the above equatlon we gets
(pude+PvEs +Pw b3+ =3x k"*)+s-(&-?)+r(&i)+¢

Thus we have two identical forms of the energy equation,

C”“a +pvil +/u4r )(§E+vgf-+w—f 7(&-;;+5—(£ )4-;%( ) . ,(50)
(pu 3t po gl +pwdE)+p(8% + B + S)= G )+ S FF)D - (s0n)

The second of these equations was obtained by Cope.

As before, we assume

(i) That /7-,)0,‘[‘,/0. and & are ft_mctions of x and y only
- (ia) That b ,f,‘t,/u and & are functions of X and § only
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(ii) That %‘é—»g_u. %ﬁ-»?—,;—» 24 and so on

. a al .
(iia) That -L-» i %L>>§;->> <& and so on

(iii) That w= o
(iiia)That wr = o

(iv) That H =Cpt
(iva) That E =(Cu t

Applying these assumptions, the-equations become:
(PGust + G it)—(udl +vif) = 2B HE) a1+ @] - o
(peudt+pCvih) +h(s + )= 2UE)+SA Al BTHET] - 50

Next, we make a term by term appraisal and hence assume that:

(v) conductivity terms [ -a—,;(lé,}) etc.] are negligible
(va) conductivity terms [%{&%‘) e'l'c.] are negligible

(via) dilation terms I:(%.% e‘t‘c.) are negligible

With these assumptions we get:

(,DC,»U,—E +/>C;,1r ) (ugé-r-vg# +/.t[{ (3"' ] . c (52)
(pGutt+ pCevgh) = u[(34)+ (%}L)‘] C - (52)
- Finally, we apply the velocity distribution expressions,
=~ 5 38 2(h=3)

v ==z 8 1(h-3) + L (h3)
and integrate with respect to 3 between the limits of 3 = o and 3= =h. These

steps result in the equations:

PO ,2/“ )L (,z/uay)] ,&i’-’-»ﬂh%’l K - (59)

PO[(Y - "”‘AA)T 2}4 ay at] #"’*/zﬂ[(?v%*(‘skJ -+ (538)

Fy o
The first of these equations is the cartesian form of the energy equation

obtained in Chapter II. Equation (53a) was obtained by Cope and was later
supported by Charnes, Osterle and Saibel [13]. However, the latter authors

used the Reynolds' equation in their derivation and Reynolds, in turn, used
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the concept of volume continuity as opposed to mass continuity.

Apart from being a little moré accurate than equation (53&),
equation (53) has the advantage of being some&hat simpler. Furthermore,
equation (53) involves the specific heat at constant pressure which is more

readily obtainable than that at constant volume.
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APPENDIX II

Physical Properties of Shell Turbo 27 Oil

The density and viscosity of the lubricant have to be known

functions of temperature to permit a solution 61‘ the governing equations.
Consequently, tests were carried out to obtain an accﬁrate graphical
relationship between these quantities and the temperature. Viscosities were
measured using a Saybolt Universal Viscometer and densities were measured
using a hydrometer. The resultslare,shown graphically in Figure 16. The

curves:

/0=(I.727—O-000686 t) Ibs.sec/Ft* (54)

¢ - n7’
=152 1757 Ibs. sec /FE° (55)
fit the experimental curves to within 1% in the temperature range encountered.
The specific heat was assumed constant at the value supplied by the Shell 0il

Company Ltd.
Cp= 0-497 Btv/16.°F
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APPENDIX III

Calibration“Tests on Apparatus

Calibration tests were carried out to determine, (1) the
temperature versus emf characteristic for the thermocouples and‘(2) the

loading pressure versus applied load curve for the loading system.

Thermocouple Calibration

The emf characteristic of the thermocouples was obtained by a

check at the steam point. This was done by placiné the hot junction in a
hypsometer and the cold jﬁnction in a flask containing water and crushed ice
at the melting point. In this manner the emf was measured as 4.258 mV with
the barometer reading 739.8 mm of mercury. From this information the
evaporation temperature of the steam was calculated from the relation:

by = tro + 36 8578(BA5Z80) — 20.159 (Fa5762)*+ 1621 (5260 )’
where tk = temperature of wet steam at pressureﬁ, in °C

Fmo = 10000 °C |

bs = barometric pressure, in mm of mercury
Thus the saturation temperature was calculated to be 210.64°F and from
standard taﬁles, derived from Adam's Tables, the emf for this temperéture is
found to be 4.2ﬁlnﬂk This deviation gf 0.4% was assumed to be linearly
distributed from the-sfeam poinf to the ice point, so that the curve shown in

Figure 17 was obtained.

Loading System Calibration

To obtain a relation between the pressure applied to the
loading jacks and the load delivered to the thrust surfaces, an in-site
loading test was made. The high speed shaft was removed from the test
bearing and the piston tubes sealed so‘that the space between the two

opposing pistons was pressure tight. The 0il outlet was then utilized to
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admit pressurized oil from a gauge tester into this space. Thus a known
pressure could be applied to the loading jacks by one gauge tester énd a
knowh pressure applied to the thrust pad faces by another tester. The
complete drive system up to and including the gear box was then started up
and a series of pressure regdings taken for zero piston motion. This
enabled the loading curve of Figure 18 to be drawn, from which the maximum

deviation was found to be 5%.
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APPENDIX IV

The observed experimental results are presented in Tables III

to VII, In these Tables, the following symbols have been used:

,b;. = loading pressure applied to hydraulic ioading jacks (1bs./sq.in.)
h, = film thickness reading (ins x 1043)

,h,_ = gzero reading with bearing components hot (ins x 10-3)

Q = o0il flow collected in time ét’' (c.c.)

Stlm time interval to collect o0il flow @ (secs.v)

Wr= weight applied to torque érm at 10 inch radius ( 0284, )
- en = thermocouple e.m.f. for pqsition indicated by subscript (mV)

ti = bulk oil outlet termperature (°F)

The thermocouple positions are shown in Figure 7.
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