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A B S T R A C T 

Natural, forced and mixed convection heat transfer in a vertical cross-corrugated channel 

have been experimentally studied, using air as a working fluid. The channel is formed by 

two transversely positioned corrugated sheets and two flat side-walls which are thermally 

insulated. The thermal boundary condition is asymmetric and is such that one sheet is 

radiant-heated and the other is thermally insulated. A hot-wire anemometer and ther

mocouples were used to measure the fluid velocity and temperature, as well as the wall 

temperature. The local heat flux across the heated corrugated sheet was also measured 

with heat flow sensors. 

In the natural convection experiments, the effect of channel gap on heat transfer was 

studied. The results show that the Nusselt number Nu^ based on channel length was 

larger at the smaller gap than at the larger gap under natural convective flow. This may 

be due to the specific geometry of the cross-corrugated channel; the boundary layer of 

the fluid develops from the heated sheet and interacts with the other insulated sheet. 

For the smaller gap, the interaction of the boundary layer is probably more vigorous 

compared to the case of the larger gap, which eventually changes the flow pattern and 

increases the heat transfer. 

Under forced convection, a heat transfer correlation has been developed and a com

parison was made with other similar work. A high heat transfer coefficient in this cross-

corrugated channel was achieved with a reasonable value of the friction factor. Local 
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heat transfer rate on the heated corrugated sheet was measured at several different lo

cations with heat flow sensors. The result showed that local heat flux at the valley of 

the corrugation was less than that at the peak. The ratio of these two heat fluxes was 

correlated with Reynolds number, and the difference of these two heat fluxes became 

small as Reynolds number increases in the present experimental range. 

Mixed convection has been presented in a way which allows comparison to the 'pure' 

forced convection. Mixed convection in the cross-corrugated channel has shown similar 

phenomena as buoyancy-aided pipe flow. Natural convection effect on mixed convection 

was very small in this experimental range. 
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Chapter 1 

I N T R O D U C T I O N 

Convective heat transfer in channels has many engineering applications, for instance, 

plate heat exchangers, solar collectors, heat dissipation from electronic equipment etc. 

Depending on the driving forces, the channel heat transfer can be divided into three 

types: natural convection, forced convection and mixed convection. The flow in natural 

convection is driven by buoyancy. Practical applications of this type of heat transfer 

can be found in solar collectors, fruit dryers. In forced convection, flow is driven by an 

external pumping force and has applications in many heat exchangers. Mixed convection 

is experienced when both natural and forced convection are present. 

In engineering applications, especially in heat exchanger design, augmentation of heat 

transfer coefficient is very necessary. One of the important ways to augment heat transfer 

rate is to change the flow geometry with fins or corrugated surfaces. This increases heat 

transfer surface area compared to a flat heat transfer surface and also increases the heat 

transfer coefficient. However, the increase of heat transfer coefficient with these measures 

is usually at the expense of additional cost and pumping power except when flow is under 

pure natural convection. 

There are a variety of thermal boundary conditions in practical channel flow applica

tions. The typical thermal boundary condition could be either a uniform heat flux or a 

uniform wall temperature. In practice, the reality lies somewhere in between these two 
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Chapter 1. INTRODUCTION 2 

extremes. 

The problem considered herein is natural, forced and mixed convection heat transfer 

in a vertical cross-corrugated channel. The corrugated wall geometry was chosen because 

of the potential increase to the heat transfer rate. In this study, the channel is formed by 

two transversely positioned corrugated sheets and two flat side-walls which are thermally 

insulated. The thermal boundary condition is asymmetric and is defined in such a way 

that one sheet is being heated (in present study, with electric radiant heaters) and the 

other is thermally insulated. 

The objective of this project is to study the heat transfer characteristics in this specific 

channel geometry and also develop heat transfer correlations for this problem. The 

application of this study includes solar collectors, heat exchangers, heat dissipation in 

electronic equipment etc. 



Chapter 2 

L I T E R A T U R E S U R V E Y 

2.1 Natural convection 

Natural convection is a common physical phenomenon. In the case of heating of most 

fluids in a vertical channel for instance, the density of the fluid inside the channel is 

decreased. Under the influence of a gravitational force, this difference of density between 

inside and outside a channel drives the fluid upwards. Simultaneously, the flow driven 

by the buoyancy force is being dragged downwards by the viscous force. By similarity 

consideration, this flow is usually described by Grashof Number Gr for a given fluid. 

Considering different fluids, Rayleigh number Ra is used in place of Grashof number. 

The movement of fluid is one of the key factors affecting the heat transfer coefficient. In 

natural convection, fluid movement is dependent on the heating condition at the wall. 

When the heating condition is set, the flow condition in the channel is also determined. 

Convective heat transfer is also related to the ratio of the heat dissipation and momen

tum dissipation of the fluid. The Prandtl number Pr, a physical property of the fluid, 

represents these effects. From the above, the heat transfer in a channel is determined for 

a given fluid under a given thermal boundary condition. 

The convective heat transfer rate is usually compared with the pure conductive heat 

transfer rate for the working fluid. Nusselt number Nu is used to express this comparison. 

In natural convective heat transfer, this comparison is usually expressed through the 
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Chapter 2. LITERATURE SURVEY 4 

following dimensionless relation: 

Nu^f(Gr) (2.1) 

for a given fluid. One of the objectives of this investigation is to experimentally deter

mine the above relation in the cross-corrugated channel. 

The overall range of natural convection heat transfer in vertical parallel plates in

cludes three characteristic situations: 

First, when the spacing between the plates is so large that each plate acts indepen

dently of the other, there is no interaction between the two plates either thermally or 

hydrodynarnically. In this situation, a single plate limit is obtained. The single flat plate 

natural convection heat transfer has been well understood and documented in many heat 

transfer textbooks. 

Second, when the two plates are very close to each other and this gap is much smaller 

than their length, a fully developed flow pattern inside the channel can be expected which 

is subject to the heating condition. 

Between the above two extreme cases, a third situation, thermally developing region 

exists. In this situation, thermal and flow activities of the two plates are interacting with 

each other and the temperature profile is still developing in the channel. 

The above three situations were characterized with specially defined Grashof number 

by Writz and Stulzman [1] in which the gap and length ratio of a channel bjh was taken 
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into consideration, 

or = *»(r--/-)">, (2.2) 

Writz and Stulzman referred to the study by Aung et al. [2] and showed the flow regions 

characterized as follows with Grashof number defined above: 

1000 < Gr : Single flat plate limit, 

0.0 < Gr < 0.2 : Fully developed temperature profile, 

0.2 < Gr < 1000 : Developing temperature profile. 

The three characteristic situations are summarized in Table 2.1. The correlations in this 

table are taken from Eckert and Jackson [3], and Sparrow [4]. For the laminar flow in 

the single-plate situation, the two correlations in the table are slightly different from 

each other. The correlation for the developing flow situation was interpolated from the 

correlations for single-plate flow and fully developed flow situations and also applies for 

the latter two situations. 

Natural convective heat transfer in vertical parallel plates has been extensively stud

ied during the last half century. The most well known early investigator is Elenbaas. 

In his paper [5] published in 1942, he experimentally studied the heat dissipation by 

free convection in an open channel of parallel plates. The plates studied were heated 

symmetrically and maintained at a uniform temperature. He covered a range from a 

fully developed flow to a single plate limit. A numerical study with finite difference 

method of a similar problem was carried out by Bodia and Osterle [6]. They obtained 

good agreement with the experimental results of Elenbaas's except for the low values 

of Gr. Aung et al. [2] and Aung [7] studied the same problem as the one by Elenbaas 

except for the heating condition. The thermal boundary condition in their investigation 

was an asymmetric heating with either uniform heat flux or uniform wall temperature. 
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Chapter 2. LITERATURE SURVEY 7 

The investigation covered both the fully developed flow situation and the developing flow 

situation for laminar free convection by numerical and experimental means. 

Sparrow et al. [8] studied another asymmetric heating condition: one wall was heated 

at a uniform temperature, while the other wall was thermally insulated. A flow reversal 

was observed by flow visualization near the upper part of the unheated wall at Rayleigh 

numbers exceeding a threshold value. In a recent study by Sparrow [4], a range spanning 

between the fully developed flow situation and single plate boundary-layer situation was 

covered. Good agreement was shown between the experimental data and numerical re

sults. A correlation covering the whole range of their experiment was obtained by using 

the method suggested by Churchill and Usagi [9]. The thermal boundary condition of 

Sparrow's work mentioned above [4] is quite similar to that of the present study and the 

results are used in comparison with the results from this study. 

The studies mentioned above were conducted only for smooth flat plate channels. 

As far as the corrugated channel is concerned, there is very limited published work. In 

natural convection, laminar flow usually prevails and the laminar boundary layer is quite 

thick, and the surface roughness usually has no significant effect on the heat transfer. 

Large roughness also increases friction effects and decreases the flow rate, which results 

in a decrease of heat transfer rate. Faghri and Asako [10] numerically studied natural 

convection heat transfer in a channel with corrugated confining walls. A symmetric heat

ing condition with uniform wall temperature was employed in their study. 

Among the above mentioned studies, none deals with the developing flow situation in 

a corrugated channel. In this regime the flow boundary layers interact vigorously with 

each other due to development of the boundary layers and the flow pattern caused by 
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the corrugation of the channel. 

2.2 Forced convection 

In many practical applications, an external driving flow equipment like fan, pump etc. is 

used to enhance the heat transfer coefficient. Usually natural convection in this case is 

negligible compared with forced convection. There is rarely pure forced convection, how

ever. Forced convection heat transfer refers to the case when forced convection dominates 

the heat transfer process, and the heat transfer relation is usually expressed as: 

Nu = f(Re). (2.3) 

Corrugated-wall channel has been used and extensively studied to enhance heat trans

fer rate. It changes flow pattern, which results in an increase of heat transfer rate. 

Goldstein and Sparrow [11] studied the transfer characteristics of a corrugated fin and 

tube heat exchanger configuration with heat-mass transfer analogy. It was noted that 

the windward or leeward orientation of the facets of the corrugated wall had a decisive 

effect on the transfer characteristics, with appreciably higher transfer rates prevailing 

on the windward facets. The average transfer coefficient due to the corrugated fin sur

face increased with Reynolds number. A study of the heat/mass transfer characteristics 

with the same analogy was reported [12]. The results showed that the average trans

fer coefficients for the corrugated channel were only moderately larger than those for a 

smooth parallel-plate channel in the laminar region. In the low Reynolds-number turbu

lent regime, the wall corrugations were responsible for an increase of nearly a factor of 

three in the average coefficient compared with the smooth wall channel. 



Chapter 2. LITERATURE SURVEY 9 

Visualization of flow, made in a corrugated duct by O'Brien and Sparrow [13], re

vealed a highly complex flow pattern, including large zones of recirculation adjacent to 

the rearward-facing corrugation facets. From work done by Goldstein and Sparrow [11], 

the local transfer coefficient on the leeward facets is appreciably smaller than that on the 

windward. This might be explained from the flow recirculation on the leeward facets, 

which reduces the transfer dramatically. 

Further detailed studies on the effect of rounding of the peaks of a corrugated-wall 

duct were accomplished by Sparrow and Hossfeld [14]. It is noted that rounding not only 

reduces the size of the separated region but also tends to diminish the general distur

bance level of the flow, which leads to a reduction of the heat transfer coefficient. Sparrow 

and Comb [15] investigated the effect of interwall spacing and fluid flow inlet conditions. 

Molki [16] studied the effect of corrugation angle using a heat-mass transfer analogy. 

Kirpikov et al. [17] conducted an experimental study of the heat transfer and frictional 

resistance in a diverging-converging duct. The angles of successive expansion sections 

and contracting sections were varied. Geometrical parameters could dramatically change 

the heat transfer rate over a range of Reynolds number. In Kirpikov's subsequent paper 

[18], a configuration of the channel with a slant-orientated corrugation towards the flow 

was reported. It produced a three-dimensional alternating direction pressure gradient 

field, resulting in an increase of heat transfer coefficient. 

Amano et al. [19] numerically examined turbulent flow and heat transfer character

istics in a corrugated-wall channel and the numerical results were compared with exper

iments. Asako et al. [20] conducted similar work in which the peaks of the corrugated 

wall were rounded. The rounding of the peaks resulted in a decrease of friction factor 

and Nusselt number, which agreed to the experimental results of Sparrow and Comb [15]. 
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Channel Geometry 

b 

I- M> 1 

<Z* —— b 

<$ 

LA 

r 

br 

Correlation 
Sparrow & Comb [15]: 

Nu = OA16Re0634Pr0-332 

(Fully developed flow) 

Kirpikov et al.[17]: 
Nu = OmiRe0725 

(Pr = 0.7, b/L = 0.05, L1/L2 = 5, <p = 20°) 

Nu = 0.030Re°-79 

(Pr = 0.7, b/L = 0.05,11/12 = 1 , ^ = 8°) 

Kirpikov et al.[18]: 
Nu = 0.0310#e°-8 

(Pr = 0.7, b/L = 0.05, 2,3/14 = 2,ip = 8°40', if, = 45°) 

Table 2.2: Some typical channel geometries and correlations. 

Some typical and relevant channel geometries for forced convection have been summa

rized in Table 2.2. 

Kirpikov et al. [17] showed that by adjusting the geometry parameters, the heat 

transfer for the first correlation is increased by 58.4% over the second correlation in a 

range of Reynolds number from 10,000 to 50,000. The channel geometry directly affect 

the flow pattern, which results in an increase of the heat transfer. 
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2.3 Mixed convection 

When the pumping force is being superposed on the buoyancy force and the natural 

and forced convections are comparable, heat transfer is characterized as the combined 

natural and forced convection. Under the interaction of natural and forced convection, 

it is important to find an indication of the relative magnitudes of natural convection and 

forced convection effects. 

In mixed convective flow over a vertical plate, a dimensionless group, (GTL/ Re2
L), 

provides a measure of the ratio of buoyancy force to inertial force. Gri and Re^ are 

Grashof and Reynolds numbers based on the plate length. This criterion is used to de

lineate the following three flow regimes for a vertical flat plate: 

{Gri,/Re2
L) > > 1: 'Pure' natural convection, 

(GTLIRe2
L) RS 1: Combined convection, 

(GTLIRe2
L) < < 1: 'Pure' forced convection. 

Metais and Eckert [21] studied various cases of convection in a vertical tube and 

showed that mixed convection exists when GTT) is about 1. The Grp is diameter-based 

Grashof number and is defined as: 

Gro = 9?(TW Tb)D> 

where Tb is the mean bulk temperature of the fluid. Their review showed that turbulent 

flow will exist if ReD > 2000 and RaD(D/L) < 5000 or if ReD > 400 and RaD(D/L) > 

5000, where Rap is the Rayleigh number based on the diameter of the tube. 

Mixed natural and forced convection between two vertical smooth parallel plates has 

been studied extensively. Quintiere and Mueller [22] presented an approximate analytical 
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solution to this problem with asymmetric and uniform thermal boundary condition, which 

means that each plate has either uniform wall temperature or uniform wall heat flux, but 

with different magnitudes. By using finite difference method, Dalbert [23] numerically 

investigated developing laminar flow with uniform but asymmetric heating boundary 

condition. A criterion based on: 

Re* = — — (2.5) 
V Li 

was also presented which delineated the following three zones: 

Re* < 1 : a natural convection zone, 

1 < Re* < 300 : a mixed convection zone, 

300 < Re* : a forced convection zone. 

The Um is the mean velocity of the fluid and b, L are spacing and length of the parallel 

plates. The above criterion can be written as: 

Re* = U ^ = £ * (2.6) 
uL L 

Re* shows the effect of forced flow and it does not take any buoyancy effect into consider

ation. Using this criterion to indicate the relative effects of natural and forced convection 

is therefore not appropriate. Chato [24] included transition from laminar to turbulent 

flow problem in vertical channels and discussed the stability criterion below which the 

flow will be laminar for any disturbance. Hallman [25] experimentally observed transi

tion from steady laminar to turbulent flow and detected turbulence by the temperature 

fluctuation of the heated surface wall. Baek et al. [26] reported a criterion marking the 

onset of the reversed flow and the transition from laminar to turbulent flow for combined 

convection in a vertical channel. 

Studies on combined convection in a corrugated channel have been found by the 

present literature survey. Habachi and Acharya [27] numerically investigated laminar 
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combined convection in a partially blocked vertical channel. Flow separation and reat

tachment as well as recirculating eddies were shown after the blocked body, which might 

also occur in a corrugated channel at certain boundary conditions. 

2.4 Scope of the present s tudy 

After the above survey of literature, It is noted that there has been no work done on 

the natural, forced and mixed convection in a cross-corrugated channel. This geome

try channel may find applications in solar collector and heat exchangers. At this stage, 

an experimental approach was used to investigate the heat transfer characteristics and 

correlate heat transfer relations for natural, forced and mixed convection in a vertical 

cross-corrugated channel. In this study, one side of the channel is heated while the other 

is under an adiabatic condition. 

Accordingly, an apparatus was designed and constructed. The results of the investi

gation will provide original data for engineers in the design of heat exchanger with this 

kind of channel geometry. 



Chapter 3 

E X P E R I M E N T A L A P P A R A T U S 

3.1 Experimental apparatus 

In order to determine heat transfer relations in a cross-corrugated channel experimentally, 

an apparatus was constructed and is illustrated in Fig.3.1. The cross-corrugated channel 

was positioned vertically. The heating condition of the channel was asymmetric: the sheet 

with corrugation along vertical direction was heated with electric heaters, the other one 

was thermally insulated. 

3.1.1 Corrugated sheets 

For the purpose of practical application, commercial availability and low cost were con

sidered first when choosing the material of the corrugated sheets. At last galvanized steel 

corrugated sheets were chosen. The corrugated sheet is of 30 gage (0.25 mm) thickness, 

64.7 mm pitch and 12.7 mm from peak to valley. This kind of sheet has been widely 

used in construction industry for its simplicity and rigidity in structure. The profile of 

the corrugation can be approximately expressed as a sine function, which is shown in 

Fig.3.2. With the coordinates shown in Fig.3.2, the profile is expressed as 

12.7 . / 2TT \ 
v— sin x) (3.7) y 2 V64.7 J V ' 

where x and y are in millimetres. 

14 
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Probes 

Insulat ion 

Heater 

1150 
Fan assembly 

400 Extension section 

676 Test section 

UNIT: mm 

FLOW 

Figure 3.1: Schematic diagram of the experimental apparatus. 
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Thickness: 30 gage (0.25 mm) 

Figure 3.2: Profile of the corrugated sheet. 

3.1.2 Working fluid 

Air was chosen as the working fluid, as it is easily available and also makes the design of 

the experimental set-up easier than those using other fluids. 

3.2 Test section and heating equipment 

The vertical channel of the test section is formed by two transversely positioned corru

gated sheets and two flat side walls, one of the corrugated sheets is heated with two 

electric radiant heaters. The other sheet is insulated with ceramic blankets. The two 

flat walls are thermally insulated with ceramic papers. Figure 3.3 shows the schematic 

diagram of the test section. 

Dimensions of each heater are 641 mm in length, 213 mm in width and 491 mm 

in height. Each heater connects to 220 V a.c. power supply with adjustable voltage 
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Radiant 
heater 

Cross-corrugated 
channel 

UNIT: mm 

Figure 3.3: Schematic diagram of the test section. 

control panel. The two identical heaters are positioned side by side. Therefore the heat

ing surface area is 641 mm (length) by 426 mm (width), which confines the length and 

width of the test section channel. The dimension of the channel is 676 mm (10.4 pitches 

of the corrugation) in length, 438 mm (6.8 pitches) in width, with a variable channel gap. 

In fluid dynamics, non-circular cross section flow is usually generalized with hydraulic 

diameter. The hydraulic diameter is defined as 

4 X A C 3 
Dh 

Jwp 
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for constant cross section channel. Aca denotes the cross section area of the channel and 

Lwp denotes the wetted perimeter. 

For the cross corrugated channel configuration, the spacing is periodically varying, so 

is the cross-section area of the channel. Therefore the hydraulic diameter is defined as: 

Dh = 1*^=-, (3.8) 
^wetted 

where Vf^ and Awetted are the volume of the flow and the wetted area of the corrugated 

channel respectively. The concept of channel hydraulic gap b is also used in later heat 

transfer correlations and is defined as: 

b = ^ . (3.9) 

In this cross-corrugated channel, the spacing between the two corrugated sheets is 

varying due to the corrugation. But minimum gap bmin and maximum gap bmax of the 

channel can be easily measured. The bmin is the minimum spacing between the two cor

rugated sheets and is the gap measured in the experiments. The bmax is the maximum 

spacing between the two corrugated sheets. 

With the corrugation function Eq.(3.7) and the given channel dimensions, the hy

draulic gap 6 of the channel is calculated against the minimum gap bmin. Figure 3.4 

shows the relation between b and bmin. In Figure 3.4, the maximum spacing 6m a x be

tween the two corrugated sheets is also shown. 

3.2.1 Extens ion channel 

In order to obtain the enthalpy flux in the channel, the temperature and velocity of the 

fluid before and after the channel have to be determined. Because of the complicated 
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Figure 3.4: The channel hydraulic gap b and the minimum gap bmin. 

geometry of the cross section and asymmetric heating condition of the test section, An 

insulated extension channel was placed on top of the test section, which mixed the fluid 

thermally and hydrodynamically before reaching the exit of the extension channel where 

the fluid velocity and temperature profiles were measured. The extension channel had 

rectangular cross-section geometry formed by four insulated flat walls. The dimensions of 

the extension channel were 400 mm length, 438 mm width and variable spacing subject 

to the setting of the test section spacing. The extension channel mixes the fluid both 

thermally and hydrodynamically before reaching the exit of the channel, where measure

ments are being taken. 

l • i ' 1 • r 

j i i i i i i 
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3.2.2 Fan assembly 

A 0.5 horsepower a.c. motor driven fan was used to suck the air from the top of the 

extension channel which provides the 'forced' flow condition. The motor speed was mon

itored by a variac. A 1150 mm long transition channel was used to connect a fan to the 

exit of the extension channel. This fan assembly provided forced flow conditions. 

3.3 Measurements 

3.3.1 Wall t emperature measurement 

Thirty gage J-type thermocouple was used to measure surface temperature of the heated 

corrugated sheet. The thermocouple wire was spot-welded on the sheets on the flow side 

and led out from the other side. Fig. 3.5 shows positions of the thermocouple wires on 

the heated corrugated sheet. 

3.3.2 Wall heat flux measurement 

Micro-foil heat flow sensors were used to measure local heat transfer rate across the 

heated surface of the corrugated sheet. In order to study the local heat transfer rate 

along the flow direction and compare the local heat transfer rates between the peak and 

the valley of the corrugation, four heat flow sensors were mounted on the peaks of the 

corrugation along the flow direction and one sensor was mounted on the valley of the 

corrugation. The sensors were fixed on the sheet of the flow side with high temperature 

resistant tape. Figure 3.5 also shows the position of the heat flow sensors. 
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Figure 3.5: Position of thermocouple wires and heat flow sensors. 

3.3.3 Pressure drop measurement 

The static pressure drop along flow direction was studied by mounting three pressure taps 

on the side wall of the corrugated channel. Figure 3.6 shows position of the pressure taps. 

Pressure taps were connected to a multi-channel manometer in which alcohol was used as 

the pressure difference indicator between atmospheric pressure and the static pressure. 

The alcohol column was declined in 22° (the smallest declination angle obtained in this 

manometer) in order to increase accuracy of reading. The static pressure P was calculated 

from the following relation, 

Poo-P^PAig Ah (3.10) 

where PQO is the atmospheric pressure, PAI is the density of alcohol and Ah is the vertical 

height difference of the alcohol column between the column connected to the atmosphere 
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and the column connected to the pressure tap. The reading accuracy for h was ±0.25 

mm. 

tap3 

tap2 

t ap l 

FLOW 

corrugated 
sheets 

test section 

side wal 

Figure 3.6: Position of pressure taps. 

3.3.4 Air velocity and temperature measurements 

The purpose of measuring the air velocity and temperature profiles is to obtain enthalpy 

flux of the working fluid across the vertical channel as well as the mean axial air velocity 

in the channel. The measurement was taken across the gap near the exit of the extension 

channel. A constant temperature hot-wire anemometer was used to measure the air 

velocity profile. A J-type thermocouple sensor was mounted together with the hot-wire 

probe to measure temperature profile. Positions of the hot-wire and thermocouple probes 

are illustrated in Fig.3.7. 
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Figure 3.7: Position of hot-wire and thermocouple wire probes. 

Since a high aspect ratio (gap width ratio of a channel) extension channel was used 

in the experiment, it was assumed that the flow at the cross-section of measurement was 

two dimensional. This assumption allows to measure velocity and temperature profiles 

at one plane at the exit of the extension section. 

For a constant hot-wire anemometer, the velocity u is obtained through the use of 

the dimensionless expression, 

Nu = d + C2(Re)T (3.11) 
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wnere 

and 

p 2 n 

Nu=(R + R3)lkir(Twtre-Tfy
 ( 3 - 1 2 ) 

Re = P-^. (3.13) 
M 

The variables E and R are the sensor voltage and resistance, R3 is the resistance of the 

fixed leg of the bridge and has a value of 40f2, I is the length of the sensor, k is the 

thermal conductivity of the fluid, Twire and Tf are the temperatures of the wire and fluid 

respectively. C\, C2 and n are constants. 

After choosing the sensor resistance Rt The sensor temperature is also determined 

from: 

R = Rco(l + 'y{Twi„-T00)), (3.14) 

where 7 is the temperature coefficient of the wire resistance, R^ is the resistance of 

the wire at the cold temperature T^ of the wire. The cold temperature T^ is the 

sensor temperature at the ambient condition, and the cold is relative to the hot operating 

temperature of the wire TwlTe, which is elevated high above the ambient temperature. At 

calibration temperature, Eq.(3.11) can be simplified as: 

E2 = Bi + B2(u)n, (3.15) 

where B\ and B2 are constants and are determined from a calibration curve, and n is an 

empirical constant and usually takes a value of about 0.5. 

It might be important to emphasize that the calibrations were conducted at room 

temperatures. The fluid temperature at measurement was usually higher than room 

temperature because the fluid was heated before the measurement. A correction has to 
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be done when using the calibration curves. Here a method suggested by Kanevce and 

Oka [28] was used. In this method, the bridge voltage E is corrected by multiplying it 

by a correction factor. The corrected bridge voltage is expressed as: 

\ -* wire j J 

where Tcai is fluid temperature at calibration. The corrected bridge voltage Ec is used to 

predict air velocity with the calibration curve. 

3.3.5 Data acquisition sys tem 

In order to obtain and process data, a computer data acquisition system was developed 

with a DT2801 board. The DT2801 board digitizes analog signals and takes commands 

from a data acquisition program in the PC computer. Signals from thermocouples and 

heat flux sensors are in millivolts, and they are amplified before putting into the DT2801 

board. Figure 3.8 shows the schematic diagram of the system. 

The data acquisition program written in C language communicates with the DT2801 

board and also processes the data. 

3.4 Calibration of instruments 

Temperature measurements were made by using J-type thermocouples. The voltage 

across the thermocouple wires due to temperature difference between the two junctions 

is in an order of millivolts. Therefore this voltage signal first is put into the AD594C 

which is a monolithic thermocouple amplifier with cold junction compensation. Then the 

amplified signal is connected to the DT2801 data conversion board. The error through 

signal digitizing and data transfer is minimum compared to the accuracies of the sensor 
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Figure 3.8: Schematic of data acquisition system, 

and its amplifier. The calibration accuracy of AD594C amplifier is ±1°C [29]. 

Calibration for temperature measurement was made at the ice point and boiling point 

of water. The reading of temperature was within ±1°C. 

Local heat flux measurements were conducted with micro-foil heat flow sensors. Cal

ibration of the sensors was provided by the manufacturer. Calibration was made at a 

surface temperature of 21°C. Table 3.3 shows calibrated output voltage for the sensors. 

At any other surface temperature, the output of sensors has to be compensated by 
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Sensor No. 
Output m V / ( W / m 2 ) 

1 
1.850 

2 
1.913 

3 
1.884 

4 
1.871 

5 
1.846 

Table 3.3: Output of heat flow sensors at surface temperature of 20°C. 

multiplying an output multiplication factor. Figure 3.9 shows the multiplication factor 

vs. surface temperature. This correction curve was provided by the manufactor and 

replotted here. 
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Figure 3.9: Output multiplication factor vs. surface temperature. 

Accuracy of the output was not provided by the manufacturer, therefore error anal

ysis in the heat flux measurement is not available. Since the local heat fluxes on the 

heated sheet measured with the sensors were not used in correlating the heat transfer 
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relations, the error would not affect the accuracy of the heat transfer relation in this work. 

Velocity measurement of the fluid was performed with a TSI constant temperature 

anemometer [30]. A hot-film and a hot-wire probes have been used (the hot-film is 

termed as probel and the hot-wire is termed as probe2). Fluid velocity measurement 

for the gapl and gap2 were taken with probel and probe2 respectively. The gapl and 

gap2 refer to the two channel gaps in the cross-corrugated channel for the present study. 

After the experiment for gapl , the probel was broken and the same model substitute 

was not available, so that the probe2 was chosen and used for the gap2 experiment. The 

specifications for the probes are listed in Table 3.4, which are extracted from [31, 32] 

Probel 
Probe2 

Model 
TSI 1210-60 Hot Film 

Dentec 55P01 Hot Wire 

Material 
Platinum 
Tungsten 

d 
152 /xm 

5 /xm 

I 
2.0 mm 
1.25 mm 

7 
0.0024/°C 
0.0036 /°C 

Table 3.4: Specifications of hot wire/film probes. 

The calibrations were done with the blue wind tunnel in the aerodynamics laboratory 

at the University of British Columbia. The calibration conditions of the hot wire/film 

probes are listed in Table 3.5. The operating temperature of the sensor in the table was 

calculated from Eq.(3.14). 

When calibrating the probe, the hot wire/film probe was positioned in the center part 

of the wind tunnel with the wire perpendicular to the flow. The bridge voltage of the 

anemometer was measured against the velocity predicted by a Pitot tube manometer. 

The Pitot tube probe was put in the center of the wind tunnel by the hot wire/film 

probe, where both probes were in a uniform velocity section of the wind tunnel. Alcohol 
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Probel 
Probe2 

JXQO 

5.85 n 
4.i3 n 

R 
8.19 0 
6.19 n 

T 
-1 uwe 185.9 °C 

161.6 °C 

T 
19.2 °C 
23.0 °C 

Table 3.5: Calibration conditions of the probes. 

was used in the manometer and the air velocity predicted from the manometer is related 

by the following: 

1 
pu2 = pAi g h, (3.17) 

where PAI is the density of alcohol and h is the absolute vertical difference of alcohol 

column in the manometer which is connected to the Pitot tube. 

Figure 3.10 shows the calibration curves for the probel and probe2. From least square 

regression, constants in Eq.(3.15) are obtained and listed in Table 3.6. 

1.0 1.5 2.0 
[ u (m/s) ]°5 

(a) probel 

2.5 1.0 1.5 2.0 
[ u (m/s) ] 0 4 5 

(b) probe2 

2.5 

Figure 3.10: Calibration curves for hot wire/film probes. 
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Probel 

Probe2 

Br 
7.285 

10.946 

B2 

7.172 

12.249 

n 
0.50 

0.45 

Table 3.6: Constants in Eq.(3.15). 

The calibrations of the probes were performed in a velocity range of about 0.4 ~ 6.5 

m/s . The lower limit of the velocity is confined by the limitation of the wind tunnel. The 

prediction of air velocity lower than 0.4 m/s (i.e. in natural convection case) is made by 

extrapolation of the calibration curve. 

At a fluid temperature different from the calibration temperatures, Eq.(3.16) is used 

to correct the bridge voltage readings in order to compensate the temperature changes. 

3.5 Experimental procedure 

The experimental data were taken at steady states for all parameters. At first the data 

acquisition system, power supply to the heaters and power to the fan (in mixed and 

forced convection cases) were turned on. Then the voltage to the heaters and voltage 

to the fan were adjusted to preset the working condition, which needs some experience 

since setting the wall temperature and air velocity was required. Before starting data 

sampling, about 40 minutes were allowed to come to a steady state. The criterion used 

to determine steady state was that the wall temperature reading of the heated sheet did 

not change by more than 1 °C over a five minutes time interval. The wall temperature 

was checked after the data sampling. 
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The wall temperature readings were taken one by one by shifting the thermocouple 

positions with a thermocouple switch. The air temperature and velocity profile read

ings were then recorded at each position by moving the hot wire/film and thermocouple 

probes with a travelling mechanism. A dial gauge was mounted on the mechanism to 

determine the position of the probes. The wall surface heat flux readings were taken 

later for different positions with a switch. 

After data sampling, the output data files from the data acquisition program were 

checked and the wall temperature was checked again to make sure that the system was 

still in a steady state. 

An upper limit for the wall temperature to 150 °C was set for safety reason, since the 

extension channel is made of plywood and the suggested highest operating temperature 

for the bonding tape of heat flux sensor is 150 °C. The highest air velocity was limited 

to 6.0 m/ s due to the limitation of the fan assembly. 



Chapter 4 

E X P E R I M E N T A L RESULTS A N D D I S C U S S I O N S 

Uniform wall temperature and uniform heat flux are two typical thermal boundary con

ditions in convective heat transfer. Experimental results show that the thermal boundary 

condition in this study is neither uniform heat flux nor uniform wall temperature. In 

presenting the experimental data, the heated wall temperature was averaged and heat 

transfer correlations were based on the uniform wall temperature boundary condition. 

4.1 Calculations in the heat transfer correlations 

Most of the heat transfer parameters in correlations are not directly measured. They are 

usually calculated through basic measurements, i.e. temperature, velocity etc. In this 

section, how the mean velocity f/0, bulk temperature Tba and heat transfer rate Q are 

calculated from our basic measurement will be described. 

4.1.1 Mean velocity at the inlet of the channel [70 

The velocity profile is measured across the gap of the extension channel at the mid

dle of the width of the thermally insulated extension channel. An assumption of two 

dimensional flow in the extension channel is made to simplify the measurement. The 

mean velocity at the end of the extension channel where the measurement was taken is 

32 
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expressed as 

U=~f\dy, (4.18) 

where u is the local air velocity and it is a function of y, and be is the gap of the extension 

channel. The measurement of local velocity was taken with the hot-wire anemometer by 

travelling the probe discretely across the gap of the channel so that a numerical integra

tion had to be carried out. 

Mass conservation can be used to obtain the mean velocity Uo at the inlet of the 

corrugated channel. For the corrugated channel, the spacing between the two corrugated 

sheets is not constant. The mean gap bm of the channel is defined as: 

bm = hmax + bmin. (4.19) 

From mass conservation, we have 

Pa Uo Wbm = pU Wbe, (4.20) 

where p0 and p are evaluated at temperatures of Tx and Tf,0 respectively. The mean 

velocity U0 at the inlet can be calculated from the above equation. 

4.1.2 Bulk temperature of air at the outlet of the channel T\,0 

To calculate the outlet bulk temperature, the temperature profile was also measured at 

the end of the thermally insulated extension channel. The bulk temperature of air at the 

outlet of the channel can be expressed as: 

Tho = uT CuTdy> (421) 
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where T is the local fluid temperature and is a function of y. Numerical calculation had 

to be performed since individual measurements were taken in the experiment. 

4.1.3 Heat transfer rate Q 

The heat transfer rate is the heating rate from the heated sheet to the fluid. Since the 

corrugated channel and extension channel are thermally insulated, the heat transfer rate 

equals to the enthalpy flux through the channel. The heat transfer rate can be expressed 

as: 

Q = PcpUWbe(Tbo - T^) , (4.22) 

where p and cp are evaluated at the outlet bulk temperature T{,0. 

The detailed calculation procedure through a sample calculation is shown in Appendix 

A. 

4.2 Resul ts and discussions 

Experiments were conducted for two channel gaps. Due to the complicated geometry of 

the channel, the heat transfer correlation is based on the channel hydraulic diameter Dh 

or the hydraulic diameter based channel gap b. Table 4.7 shows the channel gap related 

geometry parameters for the two channel gaps. 

In order to use commonly accepted terminology and to compare with relevant work, 

the heat transfer parameters are defined at the beginning of each of the following sections. 
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gapl (mm) 
gap2 (mm) 

" m m 

44.8 
18.4 

Qmax 

70.2 
43.5 

bm 

57.5 
31.1 

b 
51.4 
28.4 

be 

70 
44 

b/L 
0.0771 
0.0426 

Table 4.7: Specifications of channel gaps. 

4.2.1 Natural convection 

In natural convection of a channel flow, Grashof number and Nusselt number can be 

defined either in terms of the channel gap or in terms of the channel length. In terms of 

the channel gap, 

gf3(Tw - T^b3 

O f c = 5 , 

Nub = 

Ra,b — Gr^Pr, 

Q b 

In terms of the channel length, 

GrL 

Nuj 

LW(Tw-TOQ)k-

gP(Tw - TX)L3 

RaL = GrLPr, 

Q L 

(4.23) 

(4.24) 

(4.25) 

(4.26) 

(4.27) 

In natural convection, there is usually an appreciable variation between wall and free-

stream temperatures and air properties are usually evaluated at film temperature. The 

film temperature is defined as: 

T 4- T 
Tftlm — (4.29) 
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It has been found over years studies that in natural convection that the heat transfer 

relation can be expressed in the following form for a variety of circumst mces: 

Nu = C{Gr Pr)m = C(Ra)m, (4.30) 

where C and m are constants determined experimentally. In this present experimental 

range, the Prandtl number of air was a constant. The heat transfer relation can also be 

written as Eq.(2.1) and it can only be used in a circumstance that the Prandtl number 

of the fluid is the same as the working fluid. But Eq.(4.30) is a more general form since 

it may be applicable to other different fluids. 

Figure 4.11 shows the relation between Nui and Ra^ for gapl and gap2. From this 

Figure, the most prominent observation is the slope m. From present correlation, m 

equals to 0.97 and 0.86 respectively for gapl and gap2. In a smooth vertical channel, for 

the same range of Rayleigh number [33], heat transfer is in a single plate region and m 

takes a value of 0.25. This great difference might be one of the characteristics shown by 

our specially arranged cross-corrugated geometry of the channel. 

From the work done by Sparrow and Azevedo [4], the slope m ranges from 1 to 0.25 

from the fully developed region to the single plate region. Since this was a non-flat chan

nel geometry, and hydraulic gap b was used as the channel gap, which is larger than the 

bmin, the flow boundary layer on the heated sheet may already interact with the other 

insulated sheet, and the flow is in a developing region, in which m takes a value between 

0.25 and 1. 

The heat transfer relation is also expressed with the channel length as the character

istic length and this is shown in Fig.4.12. Based on the experimental data of Sparrow 
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Figure 4.11: Relation between Nuy, and .Rat in natural convection. 

and Azevedo [4], present experimental data for the gapl is still in the single plate limit 

region. The boundary layer on the heated sheet is still developing and it is not inter

acting with the other insulated sheet. The interesting feature is that for the gap2, the 

heat transfer coefficient is almost twice as much as that for gapl. Sparrow and Azevedo 

[4] conducted a similar experiment in a vertical flat plate channel with water as the heat 

transfer medium. The channel was bounded by an isothermal wall and an unheated in

sulated wall. Their typical results have also been plotted in Fig.4.12. 

In general, heat transfer rate through channel flow will be decreased with a decrease 

of the channel gap in natural convection. Sparrow and Azevedo's results show that with 

the channel gap and length ratio b/L equal to 0.022, in a certain range of Rayleigh num

ber RdL, the heat transfer rate is five percent larger compared to the larger channel gap 

(single flat plate region). This is contradictory to the general situation mentioned above. 

This phenomenon may be due to the interaction of the insulated wall to the develop

ing boundary layer from the heated wall at certain smaller gap, which changes the flow 
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Figure 4.12: Relation between NUL and Rat, in natural convection. 

pattern of the single flat plate situation. The changed flow pattern leads to an increase 

of heat transfer coefficient, which exceeds to the heat transfer decrease caused by the 

decrease of the channel gap as in general cases. 

The heat transfer relation for channel flow is generalized for different channel gaps in 

a single correlation expression: 

Nub = C\Rab-\ (4.31) 

where C and m are constants. This expression can be rewritten in another form: 

NuL = c [ - \ RaZ. = CnRa2 
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For smooth vertical channel, the constant m ranges from 0.25 to 1.0. Therefore (4m — 1) 

is always larger than or equals to zero. When the channel length L is fixed, a decrease 

of the channel gap b will results in a decrease of Cn expcept for fully developed flow 

situation in which m equals to 1. Simultanously the constant m increases as the constant 

Cn decreases. The combined effects of the constants Cn and m will make the Nusselt 

number NUL decreases as the channel gap b decreases. 

Present results showed that at smaller channel gap, the Nusselt number Nut, was 

higher than that for the larger channel gap, which was also contradictory to the general 

cases mentioned above. The same explaination for smooth vertical channel flow also 

applies here. In this case a generalized correlation is not possible, for making such a 

correlation, further experiments with more channel gaps would have to be carried out, 

which was beyond the scope of this study. 

4.2.2 Forced convect ion 

In channel forced convective heat transfer, Reynolds number and Nusselt number are 

defined in terms of hydraulic diameter D^'. 

ReD = ^ (4.32) 

NUD = # — r ^ - (4-33) 
LW(TW-Th) k y ' 

Here the air properties are evaluated at mean bulk temperature 7V In this study, it is 

an arithmetic mean of air bulk temperature at the inlet and the outlet of the channel, 

Tb = T°° + Tb°. (4.34) 
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Since the test section is vertical, there is always natural convection involved in the 

forced convection. Unfortunately there is no common criterion to determine when nat

ural convection is negligible. In this work, when the natural convection effect was five 

percent of the forced convection or less in the heat transfer process, natural convection 

was considered negligible. 

In order to achieve forced convective heat transfer conditions, a low heating input 

was used throughout the experiment. The experiments covered Reynolds number range 

from 3,000 to 50,000, which indicated turbulent flow. 

Heat transfer relations in forced convection of channel flow are expressed as 

NuD = C(ReD)m (4.35) 

where C and m are constants and are determined by experiment. The exponent m 

usually takes a value of 0.8 in most of turbulent forced convective heat transfer. Figure 

4.13 shows the heat transfer correlation for gapl and gap2. The values of m in this 

experiment are 0.90 and 0.81 for gapl and gap2 respectively. 

Figure 4.14 combines the results of both gapl and gap2 together and compares with 

published results. 

In the common range of Reynolds number for the two gaps, which is about 12000 

to 21000, the heat transfer coefficient for gapl is smaller than that for gap2. In gen

eral, Nusselt number based on the channel hydraulic diameter for a larger gap channel is 

higher than that for a smaller channel gap at the same Reynolds number, because the 

entrance effect is larger at larger gap. The local heat transfer coefficient is very large with 
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Figure 4.13: Heat transfer correlation for forced convection. 

a flat velocity profile at the entrance, and it decreases along the channel to a constant 

value, which is the heat transfer coefficient for fully developed flow. This makes the 

average heat transfer coefficient higher for the larger gap length ratio channel than that 

for smaller gap length ratio. This is contradictory to the results of present experiments. 

In this specific channel geometry, for gapl , the two corrugated sheets were farther 

apart compared to gap2. Each plate acted more or less independently. There was not 

as much interaction of the flow between the sheets as in the smaller gap. For gap2, the 

two sheets were close to each other. The flow interaction were more vigorous, which 

resulted in an increase of turbulence, as well as the heat transfer coefficient. The natural 

convection results also showed the same trend. 

Present experimental results were correlated for a Ren range of 3,000 to 50,000. In 
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this range, it was found that 

NuD = 0.0743(fleD) 0.76 (4.36) 

which is represented in'Fig.4.14 as the solid line (regression). 

Sparrow and Comb [15] correlated heat transfer relation in a corrugated channel with 

its geometry and dimensions shown in Table 2.2. The peaks and valleys of corrugation 

were sharp-edged. The effect of Prandtl number on heat transfer were studied and 

correlated in the following equation: 

0634 D-,0.332 NuD = 0.416(i2eD)°-634Pr (4.37) 
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The Prandtl number Pr of air in present experimental temperature range was 0.71. Us

ing this Prandtl number in Eq.(4.37) gives a correlation which is replotted in Fig.4.14 for 

comparison. 

Kirpikov et al. [16] conducted a similar experiment in a diverging-converging duct. 

The channel with its dimensions is shown in Table 2.2. Among their three experimental 

gaps, the one with gap length ratio equal to 0.05 was closest to present experimental gap 

settings. Kirpikov et al. obtained the best heat transfer coefficient when ip was 20° and 

the L3/LA ratio was 5:1 among their three </? and three L3/L4 settings. This setting is 

termed as easel. The correlation of this result is: 

NuD = 0.091{ReDf-725. (4.38) 

Here the equivalent diameter of the inlet section of the divergent duct was used in corre

lations. At the setting of ip — 8° and L3/LA = 1:1, the heat transfer rate was very poor, 

and it was termed as case2. The correlation for case2 was given by 

NuD = 0.030(#eD)°-79. (4.39) 

These two cases and also the heat transfer for a constant cross section channel ( Nu£> = 

0.018(.ffe£))0'8 ) are replotted in Fig.4.14 for purpose of comparison. 

The results of present experiments are compared with the above mentioned two studies 

in the common range of Reynolds numbers ranging from 10,000 to 50,000 based on cor

relation equations, and are summarized in Table 4.8. 

In the comparison range, the heat transfer in Sparrow and Comb's study was about 

42% higher than that in the cross-corrugated channel. The heat transfer in the cross-

corrugated channel was about 16% and 83% higher compared to the easel and case2 



Chapter 4. EXPERIMENTAL RESULTS AND DISCUSSIONS 44 

NuD 

our correlation: Eq.(4.36) 
Sparrow and Comb [15] 

Kirpikov et al.[17]: easel 
Kirpikov et al.[17]: case2 

constant cross section [17] 

ReD = 10000 
81.5 
127.6 
72.3 
43.4 
28.5 

ReD = 50000 
276.8 
353.9 
232.2 
154.6 
103.4 

Table 4.8: Comparison of Nusselt number Nu. 

respectively of Kirpikov's investigation. From Table 4.8, it can be seen that by choosing 

proper configuration parameters, the heat transfer coefficient can be increased substan

tially. 

4 .2 .3 M i x e d convect ion 

In mixed convection, natural convection and forced convection are comparable. The heat 

transfer relation is expressed as: 

Nu = f(Re,Gr). (4.40) 

Several different temperatures have been used to evaluate fluid properties in different 

circumstances, i.e. film temperature, wall temperature, bulk mean temperature and 

local bulk temperature [34]. In this experiment, air was used as working fluid and the 

wall temperature and the free-stream temperature were appreciably different. In such a 

situation, film temperature was recommended for evaluation of the fluid properties [35]. 

Therefore the film temperature was used to evaluate the fluid properties in correlation of 

this experimental relation. Reynolds number, Grashof number and Nusselt number are 

defined as follows: 
pU0Dh 

ReD = (4.41) 
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GTD = 90(TW TW 

The mixed convection correlation is presented by comparing with 'pure' forced con

vection. In order to keep the comparison consistent, correlations for forced convection 

were made with air properties evaluated at the film temperature. Eq.(4.44) and Eq.(4.45) 

show the correlations for 'pure' forced convection with properties evaluated at film tem

peratures for gapl and gap2 respectively: 

NuF = 0.0274(«ec)°-853, (4.44) 

NuF = O.OU5(ReD)0-94, (4.45) 

where Nup and Rep are hydraulic diameter based Nusselt number and Reynolds number 

for forced convection 

Jackson and Hall [36] derived a criterion for the onset of buoyancy effects in a heated 

vertical tube with turbulent flow in the upward direction. With an approximate analysis 

of the reduction of the shear stress near the wall due to the buoyancy effect, it was found 

that the Grashof number and Reynolds number combine together in the form Gr/Re27 

to control the extent to which buoyancy forces modify the shear stress. Through chain 

relations among shear stress, friction coefficient, Reynolds number and Nusselt number, 

the Nusselt number in mixed convection is related to the Nusselt number for 'pure' 

forced convection and the above mentioned criterion Gr/Re27. The Grashof number Gr 

is defined with the density difference instead of temperature difference: 

&=(p>-p)D39i ( 4 4 6 ) 

pv2 
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where D is the tube diameter, pb is the fluid density evaluated at the bulk temperature 

Tb and p is an integrated density, 

-p=7^~¥ tpdT. (4.47) 

l w — lb JTb 

The Grashof number defined with the density difference is different from that defined 

with the temperature difference at the beginning of this section. Aung [34] derived the 

relation between the two Grashof numbers with certain approximations, which gave 

5 ? « ^ £ . (4.48) 

In present experiments, it was difficult to fix either Grashof number or Reynolds 

number with one of the two parameters changed. Therefore no correlation was made 

between Nusselt number and Grashof number with fixed Reynolds number or Reynolds 

number with fixed Grashof number. The experimental results are correlated in the 

following form: 

^-=f(^-\ (4 49) 

NuF
 J \Reg) ' [ } 

The mixed convection experiment was conducted by adjusting both heating rate 

(changing the voltage) and fan speed in order to have both natural and forced convection 

effects at a comparable magnitude. This was a buoyancy-aided flow. The experiment 

covered a range of Reynolds number from 3,000 to 44,000 and a range of Grashof number 

from 2.3 x 105 to 65 x 105. This falls into the turbulent flow region. The Nusselt number is 

normalized with Nusselt number for 'pure' forced convection and expressed as a function 

of GTD/R 
eD?- F i g u r e 4.15 shows this relation obtained from the present experimental 

data. 

From Fig. 4.15, three regions can be defined. First, when Gro/Rejj7 < 2 x 10~6, 

the NUD/NUF is equal to about 1 and the forced convection prevails. Second, when 
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Figure 4.15: Heat transfer relation for mixed convection. 

Gr£>lRe2^ > 2 X 10~5, the ratio Nuu/Nup deviates from 1 and increases, and the natural 

convection effect increases. Third, between these two regions, the ratios Nuo/Nup 

were scattered. In this region, the heat transfer is supposed to be less than the pure 

forced convection, since the fluid close to the heated wall experiences a buoyancy force 

in the same direction of motion, which tends to decrease the shear stress and results 

in laminarization of the fluid flow [36]. For gap2 in Fig. 4.15, the experimental data 

agree with the above analysis, but for gapl , the data were much more scattered and 

the impairment of heat transfer is not observed. In the second region, the heat transfer 

recovers from impairment at high Grashof numbers, since the shear stress changes sign 

and energy inputs to the turbulent motion increase [34]. From Fig. 4.15, the criterion 
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for the onset of buoyancy-induced impairment of heat transfer can be obtained from the 

limit: 

< 2 x l (T b . (4.50) 
Rel7 

-D 

Jackson and Hall [36] presented the criterion through an approximate analysis as follows: 

^ S 1 0 - . (4.51) 

The difference between these two criteria comes from first, the definitions of the two 

Grashof numbers (Gr fa O.bGru), and second, from neglecting the Prandtl number ef

fect. Taking these factors into consideration, the two criteria will match even better 

though they are already in the same order of magnitude. 

In general, the mixed convective heat transfer coefficient had no signicant difference 

from the 'pure' forced convective heat transfer coefficient. 

4.2.4 Pressure drop and friction factor 

Fluid static pressure in a channel flow decreases along the flow direction due to the friction 

between the fluid and the channel wall. A study on the subject in the cross-corrugated 

channel was conducted under forced convection condition. 

The difference between atmospheric pressure and the static pressure drop along the 

flow direction was measured with pressure taps mounted on the side wall of the corru

gated channel. The pressure taps were placed on the side wall instead of the corrugated 

surface due to the difficulty of mounting the pressure taps on the heated and thin sheet. 

Therefore the pressure measured with the taps was an approximation of the pressure on 

the corrugated surface. Figure 4.16 shows axial pressure distribution. From the figure, 
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we can see that the pressure at the inlet of the corrugated channel has jumped since the 

pressure drop should be zero at the zjDh — 0 point. This pressure jump was due to the 

fluid flow inlet condition or say, entrance effect. 
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Figure 4.16: Axial pressure distribution in the corrugated channel. 

The friction factor £ is defined as: 

-dPIdz 

\PU2
0 

(4.52) 

where P is static pressure of the fluid in the corrugated channel. The three pressure 

taps gave an approximate linear change of pressure along the channel, which meant the 

fluid flow was already fully developed before the pressure t ap l . The slope in Fig. 4.16 

represents the friction factor. In our situation the fully developed friction factor can be 

derived from Eq.(4.52) and written as: 

(4.53) p - ( P 3 - P i ) / ( * 3 - * i ) 
Q = T-F75 Uh, 

\PU2
Q 

where Pi and P3 are pressure readings from tapl and tap3 respectively and zx and z3 

correspond to the tapl and tap3 positions in the z coordinate. 
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Figure 4.17 shows the variation of the friction factor £ with Reynolds number Reo-

In general, friction factor in a channel flow decreases with Reynolds number. The friction 

factor increases with channel roughness and its decrease with Reynolds number tends to 

ease with the increase of relative roughness of the channel, which is shown by the famous 

Moody Chart [33]. From Fig.4.17, the friction factor is almost constant in our Reynolds 

number range, which corresponds to a channel with a very rough surface. 
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Figure 4.17: Relation between friction factor £ and Rery-

In this experiment, the friction factor £ ranged from 0.14 to 0.27. The friction factor 

£ in the study of Kirpikov et al. [17] in the same range of Reynolds number is listed 

below: 

ReD = 3.0 x 103 ReD = 5.0 x 104 

Kirpikov et al. [17]: easel: 0.12 0.086 

Kirpikov et al. [17]: case2: 0.046 0.028 

The friction factor above was very small, i.e. the friction factor in the case2 was 
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comparable to the friction factor in a pipe with a relative roughness of 0.004. Sparrow 

and Comb [15] showed quite high fully developed friction factors ranging from 1.22 to 

1.39 in a range of Reynolds number from about 2000 to 20000. 

From comparison of heat transfer and friction factor with Kirpikov's and Sparrow's 

results, it is confirmed that the increase of heat transfer is usually accompanied with a 

increase of friction factor, which means at an expense of pumping power. 

4.2.5 Local heat transfer rate on the heated wall 

The fluid flow pattern in the corrugated channel directly affects the heat transfer coeffi

cient in a convective heat transfer, and results in a change of the local heat transfer rate 

in a non-uniform heat flux condition like in this experiment. In a corrugated channel, the 

fluid flow has a general change along the flow direction and also has a periodic change 

along the corrugation. A study on this subject was conducted under a forced convection 

condition. 

The local heat transfer rate q across the heated corrugated sheet was measured with 

micro-foil heat flow sensors. Figure 4.18 shows the local heat flux change along the flow 

direction at some fixed Reynolds numbers. In this figure, the readings of those sensors 

at the peaks of the corrugated sheet are connected with lines. 

At a uniform heat flux condition, the local heat transfer rate is constant along the 

flow direction. At a uniform wall temperature condition, the local heat transfer rate 

decreases along the flow direction. The local heat flow rate q in this study showed an 
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Figure 4.18: Local heat flow rate along the flow direction. 

increase along the flow direction at the measurement range, which meant that the ther

mal boundary condition of this study was neither a uniform heat flux nor a uniform wall 

temperature. In Figure 4.18, it can be noted that the local heat flux at the peak (No.4 

sensor reading) was larger than that at the valley (No.3 sensor reading). The local heat 

transfer coefficient at the peak was also higher that that at the valley, since the local wall 

temperature at the valley was higher than that at the peaks. Local wall temperature 

measurement showed that wall temperature at the valley was usually higher than that 

at the neighboring peaks. This was due to the higher local heat transfer coefficient at 

the peaks explained above. In this study, the measurement was taken only on peaks and 

a single valley of the corrugation. It is still unknown how the local heat transfer coef

ficient changes along the corrugation. Goldstein and Sparrow [11] found that the local 
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heat transfer coefficient on the leeward facets was appreciably smaller than that on the 

winward facets in a corrugated channel. From present study, a general change of local 

heat transfer coefficient along a corrugation may be described. 

From analysis of the experimental data, it is noted that the local heat flux difference 

between peak and valley of the corrugated sheet has a certain relation with fluid velocity. 

The heat flow sensor No.3 was placed on the middle of the corrugated sheet and was also 

on the peak of a corrugation, and the sensor No.4 was half pitch after the sensor No.3 

along the flow direction, which was on the valley of a corrugation. The heat fluxes q3 and 

^4 are the corresponding heat flux readings of the sensors No.3 and the No.4. The local 

heat flux ratio 93/^4 and Reynolds number has been correlated for gap2 and is shown in 

Fig.4.19. 

At very low Reynolds numbers, this ratio was very low. The local heat transfer co

efficient at the valley was much lower than that at the peak. The heat transfer mainly 

took place on the peak area. As the Reynolds number increased, this difference became 

less, and the heat transfer on the valley area became more and more active. 
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Chapter 5 

C O N C L U S I O N S 

Natural, forced and mixed convective heat transfer in a vertical cross-corrugated channel 

has been experimentally studied. The following conclusions may be drawn. 

5.1 Natural convection 

Natural convection shows significant different characteristics when it is compared to a 

smooth vertical channel at the same gap and length ratio. The slope m in Eq.(4.30) is 

very different from the smooth channel, which means that the flow starts interacting at 

smaller gap and length ratio in the cross-corrugated channel. 

The channel length based Nusselt number NUL was larger at the smaller gap than at 

the larger gap in our two-gap experiment, which is contradictory to a common smooth 

channel natural convection. This phenomenon is also observed by Sparrow and Azevedo 

[4]. The significant difference shown in present experiments might be due to the vigorous 

interaction of the flow on the channel wall surface at this smaller gap. 

55 
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5.2 Forced convec t ion 

Forced convective heat transfer was conducted for two gaps of the channel, and the 

correlation was made in a Reynolds number range from 3,000 to 50,000 as follows: 

NuD = 0.0743 (ReD)076. 

Pressure drop and friction factor were also correlated with the pressure taps mounted 

on the side wall of the channel. The pressure readings of the three pressure taps showed 

that the static pressure decreased approximately linearly along the flow direction and 

accordingly the variation of the fully developed friction factor with Reynolds number 

was observed. In this experimental range of Reynolds number, the friction factor ranged 

from 0.14 to 0.27. 

Local heat flux measurement showed that the local heat transfer coefficient on the 

peak of the heated corrugated sheet was larger than that on the valley. The ratio of the 

local heat flux between the valley and the peak changed with Reynolds number. The 

difference of these two local heat fluxes decreased with increasing Reynolds numbers. 

Comparison with other similar work has been made based on the present experimental 

correlation in a common range of Reynolds number. Heat transfer in this cross-corrugated 

channel was about 42% less than the one obtained by Sparrow and Comb [15]. The heat 

transfer was increased by 16 to 83 % by comparison with the result of Kirpikov et al. [17]. 

The heat transfer coefficient was about 2.8 times that of a smooth channel. Comparison 

of corresponding friction factors shows that the large heat transfer is at the expense of a 

large friction factor. 
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5.3 Mixed convection 

The experimental results for mixed convection have been presented by comparison to 

'pure' forced convection. It is noted that the present experimental results have shown 

phenomena quite similar to buoyancy-aided pipe flow [32]. In a range of small Grashof 

numbers, heat transfer was primarily by forced convection and heat transfer impairment 

due to flow laminarization for natural convection was not obvious in our results. This 

might be due to natural convection effects, which always appear in the forced convection 

correlation. In a range of large Grashof numbers, the heat transfer was observed to be 

larger than 'pure' forced convection but the increase was not significant. Natural convec

tion did not appear to show significant influence over the forced convection in the extent 

of this experiments. 



Chapter 6 

R E C O M M E N D A T I O N S 

6.1 Experimental apparatus 

• As discussed in Chapter four, the actual thermal boundary condition in this study 

was neither uniform wall temperature nor uniform heat flux. When these two ther

mal boundary conditions are pursued, the thickness and material of the corrugated 

sheet and the way of heating have to be considered carefully beforehand. 

• In a situation of very precise measurements, i.e. turbulence measurements, if elec

tric heating has to be used, d.c. power supply to the heater is recommended to 

prevent the electrical noise. In the present experiment, the heated corrugated sheet 

picked up electrical noise from the a.c. electric radiant heaters. This noise over

lapped with the expected sensor signal and transferred into the data acquisition 

through the sensors on the corrugated surface. The noise can be also filtered to 

some extent with certain filtering means but it is never easy to remove completely. 

• The cross-corrugated channel is recommended for forced convection applications, 

since from this study it showed a good heat transfer performance with a reasonable 

pumping power (reasonable friction factor). 
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6.2 Future work 

• Flow visualization should be conducted to understand the fluid flow behavior inside 

the channel which has great influence on the heat transfer. In order to do this, an

other apparatus should be designed with liquid as a working fluid, and transparent 

corrugated sheets have to be used. 

• In order to minimize natural convection effects in forced convection correlation, the 

cross-corrugated channel should be placed horizontally with the heated corrugated 

sheet on the top of the channel. More attention should be paid to the forced 

convection study for its good heat transfer performance. Experiment should be 

conducted for more channel gaps. 

• In order to predict the friction factor precisely, the pressure taps should be mounted 

on the corrugated surfaces. More taps should be used especially near the inlet of 

the channel to study the pressure drop along the flow direction. The friction factor 

study could be treated as a fluid mechanics problem so that no heating is required 

in this study, which will make it easier to place pressure taps on the corrugated 

surface. 

• Results of the present study showed that the local heat transfer coefficient on the 

peak of the corrugation was larger than that on the valley, and Goldstein and 

Sparrow [11] found that the local heat transfer coefficient on the leeward facets was 

appreciably smaller than that on the winward facets in a corrugated channel. But 

it is still not clear how the local heat flux changes along the corrugation. It would 

be interesting to study how the local heat transfer changes along the corrugation 

and how this change depends on the Reynolds number. 
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• In the present experiment, the heating was asymmetric and the heated sheet cor

rugated along the main flow direction (z direction). It might also be interesting to 

investigate heat transfer situation when the heated sheet corrugates across the main 

flow direction. For present test section, the corrugated channel should be heated 

from the present insulated sheet and insulated from the present heated sheet. 

• Numerical modelling of heat transfer in the cross-corrugated channel should be 

conducted. 
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Appendix A 

Sample Calculation 

We choose a mixed convection case for gap 2 as a sample, and forced convection and nat

ural convection are similar. Some known parameters for the sample case are listed below: 

Length of the cross-corrugated channel L — 667 (mm), 

Width of the cross-corrugated channel W — 437 (mm), 

Hydraulic diameter of the channel Dh = 57 (mm), 

Gap of the extension channel be = 44 (mm), 

Mean spacing of the cross-corrugated channel bm = 31 (mm), 

Ambient temperature Tx — 24.4 (°C). 

The wall temperature readings at each position were obtained from the data acquisition 

and shown in Table A.9.(a). The fluid velocity and temperature profiles were measured 

as well and presented in Table A.9.(b). In the Table, Tw is the averaged local wall 

temperature and STW is the standard deviation of the averaged local wall temperature, 

which are defined as: 

Tw = S^iMl, (A.54) 

and 

ST„ = y - 1 ^ , (A.55) 

where N is the sampling number of data acquisition for each local wall temperature mea

surement and equals to 100 in the experiments. 
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Similarly, Tf and u are measured fluid temperature and velocity, ST} and Su are their 

corresponding standard deviations. The definitions are shown in the following Appendix 

B: Error analysis. 

No.(i) 
1 
2 
3 
4 
5 
6 
7 
8 
9 
10 
11 
12 
13 
14 
15 
16 
17 
18 
19 
20 
21 
22 
23 
24 

Tw (°C) 

47.9 
55.9 
59.8 
65.8 
70.8 
76.3 
80.8 
84.6 
85.3 
83.2 
44.2 
55.9 
66.4 
77.6 
84.7 
44.1 
55.7 
66.8 
76.7 
81.5 
87.3 
86.9 
76.2 
73.6 

STW (°C) 
1.4239 
1.4845 
1.7486 
1.384 
1.412 

1.3571 
1.8786 
1.5205 
1.4649 
1.8051 
1.4747 
2.0998 
1.9527 
1.4432 
6.3777 
1.4737 
2.3008 
2.1506 
1.4725 
1.3681 

1.445 
1.4464 
2.278 

2.7477 

No.(i) 
0 
1 
2 
3 
4 
5 
6 
7 
8 
9 
10 
11 
12 
13 
14 
15 
16 
17 

Tf (°C) 
24.38 
36.11 
36.38 
36.58 
36.69 
37.31 
36.86 
37.12 
36.96 
37.25 
36.95 
36.83 
35.89 
34.92 
33.3 
32.25 
31.92 
24.4 

ST, (°C) 
0.5723 
0.7197 
0.755 
0.8181 
0.765 
0.7474 
0.8348 
0.7447 
0.7426 
0.745 

0.7709 
0.7412 
0.7512 
0.7409 
0.6836 
0.7305 
0.8372 

0.57 

u (m/s) 
0 

0.64587 
0.77379 
0.80992 
0.83859 
0.83875 
0.85721 
0.84772 
0.86635 
0.83828 
0.82833 
0.79123 
0.76718 
0.70214 
0.5957 

0.54056 
0.57709 

0 

Su (m/s) 

0 
0.0975 
0.0874 
0.0772 
0.0779 
0.0828 
0.0851 
0.0766 
0.0872 
0.0791 
0.096 
0.0817 
0.0914 
0.0797 
0.084 
0.0427 
0.0293 

0 

(a ) . Tw readings (b ) . Tf and u readings 

Table A.9: The original data from data acquisition. 
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Figure A.20: Wall temperature distribution on the heated sheet. 

A . l Wall t emperature 

The wall temperature of the heated corrugated sheet was measured at twenty four points 

on the sheet. At each point, the sampling frequency and sampling time of the data ac

quisition are 20 Hz and 5 seconds. 

For visual convenience, the wall temperature distribution on the heated corrugated 

sheet was plotted by both interpolating and extrapolating the data in Table A.9.(a) and 

is shown in Fig.A.20. 
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From the above figure, the wall temperature periodically changes along the flow di

rection due to the corrugations and the temperature at the peak is about 5 percent lower 

than that at the valley. This is because the local heat transfer coefficient at the valley is 

lower than that at the peak which leads to an increase of local wall temperature and a 

decrease of local heat flux across the wall at the valley. 

From Fig.A.20, the wall temperature variation across the flow direction, was higher 

at the center and lower at the two ends. This was due to the way of heating. The radiant 

heaters were supposed to generate a uniform heat flux at their radiant surfaces. Since the 

surfaces were about 2 inches apart from the heated sheet, the shape factor from center 

point of the heated sheet to the surfaces was higher than that from point at the edge 

of the sheet to the surfaces. This would result in a highest local heat radiance at the 

center of the sheet and lowering heat radiance away from the center. The average wall 

temperature across the flow direction at a fixed x value was about five percent lower than 

the temperature at the center. 

An averaged wall temperature has been used in our heat transfer correlation. This 

wall temperature is obtained by averaging the wall temperatures at each peak of the 

corrugation which is 

^ = 4ET^^ = 7 1 - ° (°C)- (A56) 

1 - 1 

From the above analysis and the way the averaged wall temperature was calculated, the 
Tw was close to the temperature obtained by averaging the overall heat corrugated sheet 

temperatures. 
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A.2 Mean velocit ies and bulk temperatures of the fluid 

The temperature and velocity profiles of the fluid were measured across the gap of the 

extension channel at its exit. The sampling rate was 10 Hz and the sampling time was 20 

seconds for each sampling. The fluid temperature was used to compensate the velocity 

deviation due to temperature difference from the calibration temperature. It was also 

used to obtain the fluid bulk temperature at the outlet of the corrugated channel. The 

profiles are obtained through travelling the thermocouple and hot-wire probes across the 

extension channel at the measuring section. The velocity in the figure has already been 

compensated for the fluid temperature difference from the calibration temperature which 

is directly done by the data acquisition program. Air velocity at the extension channel 

wall was set to be zero by considering the fluid viscosity. Air temperature at the wall was 

set to be equal to the ambient temperature which was validated in appendix D. Figure 

A.21 shows the air velocity and temperature profiles at the measurement section. 

The mean velocity at the measurement section is obtained through numerically inte

grating Eq.(4.18), which turns out to be for this case: 

The inlet bulk temperature of the fluid was set to be equal to the ambient tempera

ture Too which was measured at the inlet of the corrugated channel. The sampling rate 

was 10 Hz and sampling time was 20 seconds. 
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Figure A.21: Air velocity and temperature profiles. 

The outlet bulk temperature of the fluid T(,0 is obtained through numerically inte-

grating Eq.(4.21), 

Tbo — 7^ ^m^^^mw^mm^ 35.8 (°C). (A.58) 

The mean bulk air temperature is defined as the average temperature of the inlet and 

outlet bulk air temperatures, 

Tb - 1-(T00 +T^ = 30.1 (°C). 

The mean velocity at the inlet of the corrugated channel £/0 is obtained by applying the 
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mass conservation in the channels, 

u ° = 4w-=L059 (m/a)' 
PoU0Wbm 

where ^o and p are evaluated at T^ and Tb0 respectively, and po — 1.1463 kg /m 3 and 

p = 1.1038 kg/m 3 . 

Heat Transfer rate from the heated sheet to the fluid is derived from calculation, since 

the corrugated channel and the extension channel are thermally insulated. From energy 

balance, the heat input from the heated sheet is equal to the enthalpy flux across the 

channels, 

Q = pUWbecp(Tbo - Too) - 195 (WO, 

where p and cp are evaluated at Tb0 and p = 1.1038 kg/m 3 , cp — 1013.8 J /kg K. 

A .3 Sample calculation 

In the experiment of mixed convection, the wall temperature and fluid bulk temperature 

difference is quite high and the film temperature has been used for the evaluation of the 

fluid properties. 

Tftlm = ~ ^ = 50.6 (°C). 

The properties were originally taken from Kreith and Bohn's book [31], and they were 

interpolated with linear regression for a specific temperature. Prandtl number for air is 

constant and equal to 0.71 in the range of temperatures of the experiments. At the film 

temperature of 50.6 °C, the fluid properties are listed below: 
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p = 1.10535 (kg/m2) , 

p = 3.1 x 10^3 (1/K), 

cp = 1015.6 (J /kg K), 

k = 0.02725 (W/m K), 

/i = 1.955 x 10-5 (N s/m2) , 

v = 1.862 x 10~5 (m2 /s) . 

From the above properties and given parameters, the following heat transfer dimen-

sionless terms can be calculated: 

ReD 

GrD 

Rap 

NuD 

GrL 

RaL 

NuL 

oU0Dh 
H = 3400, 

M^lM _ 6 575 x 105 

GrDPr = 4.668 x 105, 

QDh 

LWk(Tw - Tb) 
= 34.1, 

—LWW^— = 5 - 2 8 8 X 1 0 ' 

GrLPr = 3.754 x 105, 

QL 

LWk(Tw - Tb) 
399.0. 
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Error analysis 

B . l Wall t emperature measurement 

The error of the wall temperature measurement is associated to the process of data acqui

sition. The voltage through the J-type thermocouples is first input to AD594C which is a 

monolithic thermocouple amplifier with cold temperature compensation. The calibration 

accuracy is of ±1°C. 

The local wall temperature Tw was an averaged value of the N samples from the data 

acquisition, 

w~ N ' 

The error in the local wall temperature associated with the temperature signal is the 

standard error of the signal. The standard deviation of the local mean wall temperature 

N 

where N is the number of samples for each local wall temperature measurement and 

equals to 100. Since Sxw is less than 3°C in most cases, the standard error: 

eT =^%=S^. (B.59) 
™ JW 10 K J 

Therefore the error caused by the uncertainty of the signal is about 0.3°C. The error of 

the combined effects in the local wall temperature is about ±1.3°C. 
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B.2 Air velocity measurement 

The error in air velocity measurement is associated with the hot-wire anemometry. In 

our experiment, the output of the bridge voltage and fluid velocity are related through 

the following equation at the calibration condition: 

E2 = BX + B2 (u)n 

During calibration, the velocity was calibrated against a Pitot tube manometer. The 

velocity from the manometer was related by, 

~pu2 = pAigh, (B.60) 

where p^i was the density of alcohol and h was the vertical height of the alcohol column 

in the Pitot tube manometer. A scale of 1:25 declination of the column was chosen in the 

calibrations. The reading from the column gave an accuracy of ±0.25 mm. Converting 

this accuracy to the vertical height scale gives the error from reading Ah = ±0.01 mm. 

From differentiating the above equation, the error in air velocity from reading the column 

scale is, 

£" = (I) Ak 

= <[^^Ah 
\ 2P Vh 

= ( ^ W (B.61) 

At a room temperature, say 20 °C, p = 1.164 kg/m 3 and PAI — 806.6 kg/m 3 , the 

above equation can be simplified to 
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0.068 ,n , 
eu= . (B.62) 

u 

The error is inversely proportional to air velocity. The velocity is calibrated at a range 

of 0.4 ~ 6.5 m/ s , and the error with respect to these two limits is in a range of 0.17 m / s 

to 0.01 m/s . The calibration curves also show more scattered points in the low velocity 

range. The above analysis doesn't account the effect of speed fluctuation and shift of the 

fan of the wind tunnel. 

It should be noted that in our application, we use the developed fitting functions of 

calibration in predicting air velocity instead of using calibration points. The error of 

bridge voltage E is related to the fan speed shift and ambient temperature shift and 

we assume these errors are negligible during calibration. The standard deviation of air 

velocity regression Su can be expressed as: 

% = ^JElliU
N

 UrCfl)2> (B-63) 
where N is the number of calibration points and uTeg is the velocity from the regression. 

The standard deviations for probel and probe2 are 0.034 m/s and 0.029 m/s respectively. 

Besides the calibration error, we have to consider the practical situation in which the 

fluid temperature is different from the calibration temperature. We used temperature 

correction to compensate this effect, 

T - T \ 0 ' 5 

p _ p i wire cal 

-L wire f I 

This correction suggested by Kanevce and Oka [28] compensates the fluid temperature 

variation very well over large velocity range (i.e. velocity is larger than 2.5 m/s ) . The 

lower the velocity, the larger the error when using the above correction. At a velocity 
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of 0.14 m/s and a temperature range of ±15°C around the calibration temperature, the 

relative error in velocity is ±4%. 

The low velocity and high temperature flow situation took place in our natural con

vection experiment. The maximum fluid temperature above the calibration temperature 

was 14°C and the velocity in this case was 0.5 m/s . The minimum fluid velocity was 0.15 

m/s and the corresponding fluid temperature was 3°C above the calibration temperature. 

We can see that the relative error in velocity at our extreme cases is less than ± 4 % and 

3% might be a good estimate for these extreme cases. 

From the above analysis, we can see that the maximum error appeared in the smallest 

velocity and it can be as much as 20% high. This is because at small velocity range, veloc

ity was predicted with the calibration regression function and it is out of the calibration 

range. We predict the error in this small velocity range with the standard deviation of 

calibration regression. At higher velocity range, say higher than 2 m/s , the relative error 

in velocity is less than 3%. 

B.3 Bulk air temperature measurement 

The inlet bulk air temperature is the ambient temperature and it is measured with the 

same AD594C thermocouple amplifier which gives a calibration accuracy of ±1°C. Con

sidering the uncertainty of the temperature signal, the error is the standard error of the 

sampling signal and less than 0.1°C. Therefore the error in the inlet bulk air temperature 

caused by the combined effects is ±1.1°C. 
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The outlet bulk temperature Tt0 is calculated through measuring temperature and 

velocity profiles. The calculation of Ti0 is simplified as following for the convenience of 

error analysis: 

where Abe is the step distance of the profile measurement and be — N Abe. The error 

ETbo of the outlet bulk temperature Tfe0 is related by, 

where iV is the number of samples for each velocity and temperature measurement, £T(I) 

and eu(j) are errors in the fluid temperature and velocity measurements respectively. Since 

the 20% relative error in velocity is brought by the method of velocity measurement, in 

the above equation, the error in velocity considered here should be the error caused by 

uncertainty of the velocity signal, which is the standard error of the velocity signal: 

^ = jw= jm> (B-66) 
where N is the samples for each velocity measurement and equal to 200 in our experi

ment. This makes the relative error in u(i) signal about 1%. 

Similarly, the error in the fluid temperature caused by uncertainty of the temperature 

signal is less than 0.1°C which leads to the relative error in the fluid temperature to be 

less than 0.5%. The error in the bulk temperature caused by the uncertainty of the 

velocity and temperature measurement is less than 0.15°C. Therefore the uncertainty of 

the outlet bulk temperature is less than ±1.2°C. 
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B.4 Heat transfer rate 

The heat transfer rate Q equals to the enthalpy flux across the channel. The error of its 

measurement is associated with the error of the fluid bulk temperature difference across 

the channel. The error €Q of the heat transfer rate is related by 

^4^\^ABS\el, (B.67) 
where 

AT = Tbo-TOB. 

Since the temperatures Tb0 and T^ were measured with the same amplifier and same 

type of thermocouple wire, the error £AT of the bulk temperature difference was related 

by, 

£AT = <4to + era, • (B.68) 

Here the errors considered are the uncertainties of temperature signals. With the above 

analyzed 0.3% relative error in air temperature, erho and £«, are 0.11°C and 0.06°C, when 

Tb0 and T^ are 35°C and 20°C respectively. In this case, SAT takes a value of 0.13°C. 

The minimum value of AT was 2.3°C in our experiment and the relative error in A T 

was 5.7%. Therefore the error caused by the uncertainty of A T is very small compared 

to the 20% error of the velocity measurement. The uncertainty of heat flow rate EQ was 

about 20%. 

B.5 Dimensionless terms 

The uncertainty of Reo is directly associated to the accuracy of velocity measurement 

and can be expressed as: 

-=(Hf) ">» <B-«» 
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We may also write, 

(B.70) 
ReD U0 U 

The minimum velocity appeared in forced and mixed convection experiment is 0.72 

m/s . Since the standard deviation of the velocity calibration regression is 0.034 m/ s , 

the relative error in velocity is about 5%. The relative error in velocity caused by the 

temperature compensation is about 3%. The error caused by the combined effects is 

about 8%. Therefore the uncertainty in Rep number is about 8%. 

The error of Gro is directly associated to the accuracy of Tw and !/& measurement 

and can be expressed as: 

dGrD 

where 

-=G^>—*» & ) • <B"» 
AT = T —T 
*-*-* woo -* w J oo 

for natural convection. For mixed convection, ATwb is used in place of ATwoo, 

ATwi = Tw — Tfc. 

Since the wall temperature and the bulk temperature were both measured with the 

same thermocouple amplifier, the error considered here was only associated with the 

uncertainty of the temperature signals. For natural convection, we have 

4T.fc = 4 „ + 4 . - (B.72) 

For mixed convection, we have 

-2 _2 , Jl 
£ AT* , — £' ATub ~ c-Tu "T- CJT + 4 6 . (B.73) 
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Taking values of 0.3°C and 0.1°C for ETW and e^ respectively, the uncertainty in the 

temperature difference £&Twh and 6ATWOO is about 0.3°C. The minimum temperature dif

ference ATwb and AT'̂ oo is about 7.0°C. Therefore the relative error in Grashof number 

is less than 5% 

Since different definitions were used for Nusselt number in natural convection, forced 

and mixed convection, it is necessary to analyze the errors separately. In natural convec

tion, the error in Nusselt number was associated with the accuracy of heat transfer rate 

Q measurement and the temperature difference measurement between the wall and the 

fluid ambient. The error can be written as: 

(£) ,=te) , +&)' - <»•«> 
The minimum temperature difference ATwoo is about 12°C in natural convection. The 

relative error in the temperature difference is 2.5%. Therefore the relative error in Nus

selt number Nu is about 20% for natural convection. 

Under the forced and mixed convection, the error in Nusselt number was associated 

with the accuracy of heat transfer rate Q measurement and the temperature difference 

measurement between the wall and the fluid bulk mean. The error is related by, 

(£)•=(?)'• (*£)'• ^ 
The minimum temperature difference ATwb is about 2.3°C in natural convection. The 

relative error in the temperature difference is 13%. 

The minimum velocity appeared in the forced and mixed convection experiment is 

0.72 m/ s . Since the standard deviation of the velocity calibration regression is 0.034 
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m/s , the relative error in velocity is about 5%. The relative error in velocity caused by 

the temperature compensation is about 3%. The relative error in velocity caused by the 

combined effects is about 8%. As the error analysis for the heat transfer rate , the relative 

error in the bulk temperature difference AT" is 5.7% for forced and mixed convections. 

This makes the relative error in the heat transfer rate about 10%. Therefore the relative 

error in Nusselt number Nuo is less than 17%. The summarized error analysis is listed 

in Table B.10. 

Wall temperature Tw 

Inlet bulk air temperature T^ 
Outlet bulk air temperature 7fe0 

Air velocity U 
Heat transfer rate Q 
Reynolds number Rep 
Grashof number Grp, Gri 
Nusselt number Nuo, NUL 

II 

1.3°C 
1.1°C 
1.2°C 
20% 
20% 
8% 
5% 
20% (natural convection) 
17% (forced and mixed) 

Table B.10: Summary of error analysis. 
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Estimation of Radiation Heat Transfer 

Under the natural and the mixed convective heat transfer, surface temperature of the 

heated sheet was usually high compared to the fluid temperature. The radiation heat 

transfer has to be estimated for this situation. The estimation is performed for natural 

convection case at which the surface temperature is maximum. The mean beam length 

method is used to evaluate the radiation effect. The corrugated sheets are assumed to be 

grey body, and the hemispherical emittance e„, « 0.50. The known parameters for the 

chosen gap2 case are listed below: 

^ = 27.8 (°C) = 301 (K), 

Tbo = 51.7 (°C) = 325 (K), 

Tw = 115°C = 388 (K), 

Q = 318 (W), 

<j> = 42 % (from TdTy = 27°C, Twet = 18°C). 

Relative humidity of atmosphere was obtained from the Psychrometric Chart. The 

dry bubble and wet bubble temperatures of atmosphere were taken every experiment 

day. In most of the experimental conditions, relative humidity of the atmosphere was in 

a range of 40 ~ 60 %. Here (f> = 80% is used in the estimation. The saturation pressure 

of the water vapor at 27.8°C is 

pa = 0.03768 (bar). 
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The partial pressure of the water vapor pwv is 

Pwv = <l>Ps = 0.03014 (bar). (C.76) 

Due to the rough geometry of the cross-corrugated channel, an effective mean beam 

length Lmb of the channel has to be used, 

Lmb = ^ - ^ = 0.85Dh = 0.048 (m). (C.77) 
^•wetted 

Therefore, 

Pwv Lmb = 0.00145 (barm) — 0.0015 (atmm). 

From Figure 9.45 of Kreith and Bohn's book [33], at mean bulk temperature of the fluid 

Tb of 40°C, the emittance ewv of water vapor is about 0.018. The absorptance of the 

water vapor awv is 
,rp ^0 .45 

cx-wv = Cwvewv [-jT~ J > (C.78) 

where Twv = water vapor temperature (°C), 

e'wv — water vapor emittance evaluated at Tw and pwvLmb(Tw/Twv), 

Cwv — 1 at pressure of 1 atm. 

The calculation results are: 

<,„ = 0.017, 

awv = 0.0153. 

The heat transfer rate by radiation from the heated corrugated sheet to the water 

vapor is equal to the difference of the absorbed and emitted radiation by the water vapor, 

qT = oA^tt^a^ejTl - twvT*v) = 0.024 (W), (C.79) 
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where a is Stefan-Boltzmann constant and equals to 5.67 X 10 8 ( W / m 2 K4), Awetted is 

the wetted area of the corrugated channel and equals to 0.692 (m2). 

From calculation, the radiation heat transfer is only about 0.01% of the total heat 

transfer. The radiation effect in this experiment is negligible. 



Appendix D 

Est imation of Heat Loss through the Insulated Walls 

In the analysis of heat transfer process, An assumption was made that there was no 

heat loss through the walls of the extension section and test section. In practice, there 

is always heat transfer when temperature gradient exists. The heat loss is estimated in 

the following sections. In this experiment, the heat loss consists of the loss through the 

extension channel and the loss through the cross-corrugated channel. 

D . l Heat loss through the extension channel 

The heat loss through the wall of the extension channel is illustrated in Fig. D.22. The 

process of heat loss goes through the following procedure. The fluid has been heated up 

before entering the extension channel. The heated fluid transfers the heat by a rate of 

qi to the inner wall of plywood board by forced convective way. The heat then transfers 

through the plywood board and ceramic blanket by conductive way, and dissipates to 

the environment by natural convective way. 

In the estimation, it is assumed that the outer surface temperature of the ceramic 

blanket equals to the ambient temperature T^. This assumption will lead to an over

estimate of the heat loss, since the heat resistance through natural convection from the 

ceramic blanket to the environment is neglected. 
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Plywood 

Ceramic blanket 
( Insulat ion) 

FLOW 

Figure D.22: Heat loss through the extension channel. 

The heat loss rate qi is coupled through the following equations: 

C(Re'Dr, QID'H 

k 
Qi T \-Lw -fooj) 

(D.80) 

(D.81) 
L3 + U 

where Re'D is Reynolds number based on the hydraulic diameter D'h of the extension 

channel, T^ is the inner wall temperature of the plywood, C and n are constants, and ki 

is the combined heat conductivity of the plywood and the ceramic blanket, 

L-\ L4 «. = (^)/(£ + £) (D.82) 

where k$ and A;4 are the heat conductivities of the plywood and the ceramic blanket 

respectively. The heat loss qi can be expressed as: 

qi = hi{Tb - Too), (D.83) 
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where hi is the heat loss coefficient for the extension channel. From the above equations, 

hi can be expressed as: 

The fixed parameters in the above analysis are listed below: 

D'h = 0.121 (m) for gapl, and 0.080 (m) for gap2, 

2,3 = 0.013 (m), 

k3 = 0.109 ( W / m K), 

U = 0.025 (m), 

K = 0.035 ( W / m K), 

k = 0.0251 ( W / m K) at 20°C. 

Since the combined heat loss conductivity ki is a constant when the insulation mate

rials are chosen, the heat loss coefficient hi reaches its maximum when Reynolds number 

Re'D is maximum. The heat loss rate qi reaches its maximum with the maximum bulk 

temperature difference between the inlet and the outlet of the test section at the maxi

mum hi. 

Considering these factors, a case of mixed convection is chosen for the estimation, in 

which the flow reached its maximum bulk temperature increase with the largest Reynolds 

number. The known parameters are listed below: 
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D'h = 0.121 (m) 

^ = 22.0 (°C) 

Tbo = 31.2 (°C) 

Re'D = 38400 

Q = 1690 (W) 

Using Dittus-Boelter [37] correlation for cooling, 

NuD = 0M3Re°D
8Pr°\ (D.85) 

the constants C and n in Eq.(D.80) can be determined: 

C = 0.023 Pr03 = 0.021, 

n = 0.8. 

With these known parameters, others can be calculated: 

hi = 1.12 (W/m 2 K), 

qt = 10.3 (W/m 2 ) . 

The heat loss through the extension channel Q\ is: 

Q\ - qi Ae = 4.2 (W), 

where Ae is the wetted area of the extension channel. From Eq.(D.81), T^ 

and equals to 22.1°C. 

D.2 Heat loss through the cross-corrugated channel 

The heat loss through the cross-corrugated channel consists of heat loss through the 

insulated corrugated sheet and the two side walls in the test section. This corrugated 

(D.86) 

can be solved 
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sheet is straight along the flow direction. It is treated here as flat channel convective 

heat transfer. The bulk temperature increased from the ambient temperature Too to the 

outlet bulk temperature Ti0. Therefore the mean bulk temperature Tb is used in the 

calculation of heat loss. If the heat loss coefficient for the extension channel is used here, 

the heat loss through the corrugated channel Q'{ is: 

Q'l = h, {Tb - T^ At = 1.9 (W). (D.87) 

where At is the wetted area of the insulated corrugated sheet and the side walls. The 

total heat loss Qi is the sum of the heat losses through the corrugated channel and the 

extension channel: 

Qi = Q[ + Q» = 5.1 (W). (D.88) 

The total heat transfer rate Q in this considered case is 1690 W. Therefore there is about 

0.3% relative heat loss. 

The above estimated Qi was the maximum heat loss in this experiment. The mini

mum heat transfer rate Q in the forced and the mixed convection experiment was 62.5 

W. In this case, we have 

Re'D = 11600, 

^ = 23.1 °C, 

Tbo = 24.2 °C. 

With the same procedure, the heat loss can be calculated: 

hi = 1 .03 (W/m 2 K) , 

Qi = 0.87 (W). 
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Therefore there was about 1.4% heat loss in this situation. The above analysis shows 

that the heat loss from the insulation is negligible for forced and mixed convection ex

periment. 

From the above estimations, the effect of the forced convective part on the heat loss 

coefficient was very small due to the effective insulation. The maximum relative heat 

loss occurred when the fluid temperature gradient was maximum and the heat transfer 

rate was minimum. This occurred in natural convection situation. 

In natural convection, Nu = C(Ra)m
1 which can be interpreted as: 

T> /rp rp \m 
rp _ rp ( X \IJU> iooJ • 

The heat transfer loss Qi is proptional to the temperature difference of the outlet and 

the inlet of the channel, 

Qi oc (Tbo - Too) oc (Tw - Too). 

Therefore we have, 

Qi 1 
oc 

Q (T^ -Too)" 1 ' 

where m is about 0.9 in this experiment. This means that the relative heat loss reaches 

its maximum when the temperature difference is minimum. This is the case when the 

heat transfer rate is minimum in the natural convection. The known parameters for the 

chosen case for gapl are listed below: 

ReD = 640, 

^ = 21.5 ("0), 

Tbo = 23.5 (°C), 

Q = 5.8 (W). 
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The fluid was laminar under this condition and the Nusselt number was about 5.1 

[33]. This means in Eq.(D.80), C(Re'D)n should replaced with 5.1. With these known 

parameters, the others can be obtained, 

hi = 0 . 7 2 ( W / m 2 K ) , 

qi = 1.44 (W/m 2 ) , 

Qi = 0.4 (W). 

Therefore the relative heat loss in this situation was 6.9 %. In most cases, the relative 

heat loss was small and the assumption of neglecting heat loss through the insulation 

was valid except that in a few natural convection cases with very low heat transfer rate, 

the relative heat loss was a little high. 


