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Abstract
Rotating stall is a complicated phenomenon which may occur when a centrifugal
compressor works at low flow rate condition close to the compressor surge limit. Rotating stall
and surge may cause a large amount of damage to the compressor components due to instability
and high pressure fluctuations which increase vibration of the compressor blades.
This research introduces numerical simulations of the rotating stall phenomenon in a high
speed centrifugal compressor with vaned and vaneless diffusers. The present study discusses the
improvement of two important methods to control stall: the air injection method and the casing
grooves treatment method. The method of air injection was optimized by monitoring the effects
resulting from the variation of the angle of injection and the injection flow rate. The efficiency of
the casing grooves method was related to the grooves' locations, cross section dimensions, and
the number of grooves. The current research also presents estimations of the deformation of the
compressor blades during the transition stage between stall and surge in order to determine
whether the blades will deform safely within the tip clearance gap without touching the casing.
Rotating stall simulations showed that the initiation of stall is due to the flow separation
and the formation of the tip leakage flow. Simulations showed also that stall development
appears at the vaneless area between the impeller and diffuser.
Air injection simulations showed that stability is optimized when the air injection angle is
approximately double the value of the diffuser inlet vane angle. Simulations showed that in order
to achieve effective flow circulation, the aspect ratio of the casing groove cross section should be
at least equal to one.
Structural analysis showed that the most dangerous region at the deformed blade’s tip
surface is located at the transition area between the axial and radial blade profile. Results also
showed that the deformation of the blades at the tip region can be limited by changing the shaft
bearing stiffness; this is useful to prevent damage to the compressor blades.

ii

Preface
A version of section 5.1 in Chapter 5 was collected from the data presented in the following
articles:
Halawa, T., Alqaradawi, M., Badr, O., and Gadala, M. S., "Numerical Simulation and Control of
Rotating Stall in a Transonic Centrifugal Compressor," Proc. ASME 2014 12th Biennial
Conference on Engineering Systems Design and Analysis, American Society of Mechanical
Engineers, pp. V002T011A024-V002T011A024.
I generated the numerical model, analyzed results, and wrote the manuscript in consultation with
M. S., Gadala. M., Alqaradawi (Assistant professor at the Mechanical and Industrial Engineering
Department at Qatar University) and O., Badr (Professor and Head of the Mechanical
Engineering Department at the British University in Egypt) enhanced the paper’s quality by
suggesting the addition of specific numerical model validations.

Halawa, T., Alqaradawi, M., Badr, O., and Gadala, M. S., "Numerical Investigation of Rotating
Stall Characteristics and Active Stall Control in Centrifugal Compressors," Proc. ASME 2014
Power Conference, American Society of Mechanical Engineers, pp. V002T011A002V002T011A002.
I created the hypothesis, designed the numerical model, analyzed the model outputs, and wrote
the manuscript in consultation with M.S., Gadala. M., Alqaradawi and O., Badr contributed their
experience in the discussion of the numerical results.

Halawa, T. and Gadala, M. S., “Rotating Stall simulation in Axial and Centrifugal
Compressors," Accepted for publication in the International Journal for Computational Methods
in Engineering Science and Mechanics, July 2016.
I generated the numerical model, analyzed results, and wrote the manuscript in consultation with
M. S., Gadala.
iii

A version of section 5.2 in Chapter 5 was taken from the following article:
Halawa, T., Alqaradawi, M., Shahin, I., Gadala, M. S., and Badr, O., "Numerical investigation
of rotating stall in centrifugal compressor with vaned and vaneless diffuser." Journal of Thermal
Science 24.4 (2015): 323-333.
I performed the simulations for the compressor model with vaned diffusers and participated inthe
simulations of the compressor model with vaneless diffusers. I wrote the manuscript in
consultation with M. S., Gadala. Also, I., Shahin (Postdoctoral Fellow at the Mechanical and
Industrial Engineering Department at Qatar University) performed the numerical simulations for
most of the analysis of the compressor model with vaneless diffusers and analyzed the data. M.,
Alqaradawi and O., Badr checked the concepts and results for accuracy.

A version of section 5.3 in Chapter 5 was collected from the data published in the following
articles:
Halawa, T., Gadala, M. S., Alqaradawi, M., and Badr, O., 2015, "Optimization of the Efficiency
of Stall Control Using Air Injection for Centrifugal Compressors," Journal of Engineering for
Gas Turbines and Power, 137(7), p. 072604.
Halawa, T., Gadala, M., Alqaradawi, M., and Badr, O., "Numerical Simulation of Stall
Development into Surge and Stall Control Using Air Injection in Centrifugal Compressors,"
Proc. Proc. ASME Power 2014 Conference, Baltimore, Maryland, ASME paper No.
POWER2014-32053.
Halawa, T., Alqaradawi, M., Badr, O., and Gadala, M. S., "Numerical Investigation of Steady
air Injection Flow to Control Rotating Stall in Centrifugal Compressors," Proc. ASME 2014 12th
Biennial Conference on Engineering Systems Design and Analysis, American Society of
Mechanical Engineers, pp. V002T011A025-V002T011A025.
I created the numerical analysis and the optimization, and wrote the manuscript in consultation
with M. S., Gadala. Also, M., Alqaradawi and O., Badr were involved in the discussion of the
final results.
iv

A version of section 5.4 in Chapter 5 was collected from the data presented in the following
articles:
Halawa, T., Alqaradawi, M., Badr, O., and Gadala, M. S., "Numerical Simulation of Using
Combined Active and Passive Stall Control Techniques in Centrifugal Compressors," Proc.
ASME 2014 International Mechanical Engineering Congress and Exposition, American Society
of Mechanical Engineers, pp. V007T009A026-V007T009A026.
Halawa, T., Gadala, M. S., Alqaradawi, M., and Badr, O., 2016, "Influence of Changing Casing
Groove Parameters on the Performance of Centrifugal Compressors Near Stall Condition."
Journal of Fluids Engineering 138.2 (2016): 021104.
I generated the design, perormed the simulations, extracted results, and wrote the manuscript in
consultation with M. S., Gadala. Some modifications for the numerical model design were
suggested by M., Alqaradawi and O., Badr.

v

Table of Contents

Abstract ................................................................................................................................................. ii
Preface ..................................................................................................................................................iii
Table of Contents ................................................................................................................................ vi
List of Tables ....................................................................................................................................... ix
List of Figures ....................................................................................................................................... x
List of Symbols .................................................................................................................................. xiv
Acknowledgements ........................................................................................................................... xvi
Dedication ......................................................................................................................................... xvii
1) CHAPTER 1: INTRODUCTION ............................................................................................................. 1
1.1

Compressor Map and the Safe Operating Zone ...................................................................... 1

1.2

Overview of the Rotating Stall Concept ................................................................................. 2

1.3

Surge and its Relation to Rotating Stall .................................................................................. 3

1.4

Rotating Stall Control ............................................................................................................. 4

1.5

Scope of the Work .................................................................................................................. 6

2) CHAPTER 2: LITERATURE REVIEW ................................................................................................... 8
2.1

Rotating Stall Characteristics ................................................................................................. 8

2.2

Compressor Safe Margin Enhancement Methods ................................................................ 11

2.2.1

Casing Treatment .......................................................................................................... 11

2.2.2

Air Injection .................................................................................................................. 14

2.3

Structural Analysis of Compressor Blades ........................................................................... 16

2.4

Synopsis of the Literature ................................................................................................... 17

3) CHAPTER 3: NUMERICAL METHODOLOGY ..................................................................................... 19
3.1

Turbulence Modeling............................................................................................................ 20

3.2

Near-Wall Treatments for Turbulent Flow ........................................................................... 20

3.2.1 Wall Functions .................................................................................................................... 21
3.3

Dynamic Mesh Model .......................................................................................................... 23

3.3.1 Dynamic Mesh Concept ..................................................................................................... 23
3.3.2 Dynamic Mesh Conservation Equations ............................................................................ 25
3.4

Fluid-Structure Interface ...................................................................................................... 26
vi

4) CHAPTER 4: SELECTED CASE STUDY MODELING AND VALIDATION ............................................. 28
4.1

Description of the Case Study .............................................................................................. 28

4.2

Numerical Modeling of the Case Study................................................................................ 29

4.2.1

CFD Models .................................................................................................................. 29

4.2.2

Structural Model ........................................................................................................... 31

4.2.3

Meshing Analysis .......................................................................................................... 32

4.3

Validation of the Numerical Model ...................................................................................... 36

5) CHAPTER 5: RESULTS AND DISCUSSION .......................................................................................... 44
5.1

Rotating Stall Simulation for the Compressor with a Vaned Diffuser ................................. 44

5.1.1

Overall View of Stall Characteristics............................................................................ 44

5.1.2

Tip Leakage Flow Variation With Time ....................................................................... 46

5.1.3

Rotating Stall Effects on the Compressor Blades ......................................................... 49

5.1.4

The Most Affected Region by Rotating Stall................................................................ 51

5.2
Rotating Stall Simulation for a Compressor with a Vaneless Diffuser and its Comparison to
a Compressor with a Vaned Diffuser ............................................................................................... 54
5.2.1

Monitoring the Fluctuating Parameters During Surge .................................................. 56

5.2.2

Velocity Contours Comparison ..................................................................................... 60

5.2.3

Pressure Contours Comparison ..................................................................................... 62

5.2.4

Velocity Vectors Comparison ....................................................................................... 63

5.3

Air Injection Simulations ...................................................................................................... 64

5.3.1

Description of the Location and Orientation of the Injected Air .................................. 65

5.3.2

Clarification of the Air Injection Effect ........................................................................ 66

5.3.3

Comparison Between all Injection Cases...................................................................... 67

5.3.4. Comparison Between the Best Injection Cases .................................................................. 72
5.3.5. Effect of Changing the Injection Angle in the Radial-Axial Plane ................................... 78
5.4

Casing Treatment Simulations .............................................................................................. 80

5.4.1

Simulation of Different Casing Treatment Configurations ........................................... 80

5.4.2

Simulation of the Casing Grooves with the Variation of their Parameters ................... 85

5.5

Structural Analysis of the NASA CC3 Compressor ............................................................. 98

5.5.1 Stress Variation Near Surge for the Controlled and the Uncontrolled Compressors .......... 98
5.5.2 Total Force and Moment Variations Near Surge for the Controlled and the Uncontrolled
Compressors ............................................................................................................................... 100

vii

5.5.3 Deflection of the Blades During Stall for the Controlled and the Uncontrolled Compressors
.................................................................................................................................................... 102
5.5.4 Effect of Variation in the Bearing Stiffness on the Deformation of the Blades Tip Surfaces
During Stall ................................................................................................................................ 104
6) CHAPTER 6: CONCLUSIONS & FUTURE WORK .............................................................................. 108
6.1

Conclusions ....................................................................................................................... 108

6.1.1
Conclusions on the Simulations of Rotating Stall for the Compressor With Vaned
Diffuser....................................................................................................................................... 108
6.1.2
Notes on the Difference Between Compressors With Vaned and Vaneless Diffusers in
the Stall Development ................................................................................................................ 109
6.1.3

Comments on the Air Injection Simulations ............................................................... 109

6.1.4

Comments on the Casing Treatment Simulations ....................................................... 111

6.1.5

Conclusions on the Structural Analysis Work ............................................................ 112

6.2

Future Work ....................................................................................................................... 113

REFERENCES ...................................................................................................................................... 114
APPENDIX ........................................................................................................................................... 119
A.1

The Conservation Equation of Transport and its Discretization......................................... 119

A.2

Boussinesq Hypothesis ....................................................................................................... 119

A.3

Realizable

A.4

Definitions of the Near-Wall Treatment Parameters .......................................................... 120

A.5

Equations for the Using of Wall Functions for Momentum ............................................... 121

A.6

Equations for the Using of Wall Functions for Energy ...................................................... 122

Model Equations ..................................................................................... 120

viii

List of Tables
Table 2-1 Literature summary ............................................................................................................ 18
Table 4-1 NASA CC3 compressor specifications............................................................................... 29
Table 5-1 Stiffness values .................................................................................................................. 105

ix

List of Figures
Figure 1-1 Schematic of the compressor pressure map [1]. ................................................................... 2
Figure 1-2 Flow rate variation for mild and deep surge cases [1]. ........................................................ 4
Figure 1-3 Casing treatment of a centrifugal compressor [21]. ............................................................. 5
Figure 1-4 Schematic of an air injection for a centrifugal compressor [22]. ......................................... 6
Figure 1-5 Clarification of the stall and surge region on the compressor pressure map ........................ 6
Figure 2-1 Schematic view of the stall inception conditions. ................................................................ 8
Figure 2-2 Influence of changing the clearance ratio on the onset of instability [4]. .......................... 10
Figure 2-3 Effect of changing the grooves’ number and location on the surge margin and efficiency
losses [39]. ........................................................................................................................................... 12
Figure 2-4 Air injection system used for the NASA CC3 compressor [22]. ....................................... 14
Figure 3-1 Overview of the density based method. ............................................................................. 19
Figure 3-2 Classification of the near-wall region. ............................................................................... 21
Figure 3-3 Schematic drawing for the various zones result due to a non-periodic interaction. ........... 24
Figure 3-4 Faces and zones created by the interaction between two cell zones. ................................. 25
Figure 4-1 NASA CC3 centrifugal compressor [74] ........................................................................... 28
Figure 4-2 The single passage numerical model .................................................................................. 30
Figure 4-3 The full annulus numerical model ...................................................................................... 30
Figure 4-4 The structural model .......................................................................................................... 31
Figure 4-5 Global mapping method [75] ............................................................................................. 32
Figure 4-6 Pressure variation at the mid span with the axial direction (z) .......................................... 33
Figure 4-7 Mass flow rate convergence for different CFL values ....................................................... 34
Figure 4-8 Meshing at the vaneless region ......................................................................................... 34
Figure 4-9 Meshing of the CFD model ............................................................................................... 35
Figure 4-10 Meshing of the mechanical model .................................................................................. 35
Figure 4-11 Compressor pressure and efficiency maps (numerical results versus measurements [69])
.............................................................................................................................................................. 36
Figure 4-12 Pressure and Mach number contours for the current model results and for previous CFD
model results [75] ................................................................................................................................ 37
Figure 4-13 Mean velocity variation with the % meridional distance (numerical results versus
measurements [73]) .............................................................................................................................. 38
Figure 4-14 Velocity profile from hub to tip at the vaneless region at radius ratio of 1.1 (numerical
results versus measurements [69]) ....................................................................................................... 38
Figure 4-15 Normalized pressure variation with the normalized meridional distance at the impeller
tip (numerical results versus measurements [77])................................................................................ 39
Figure 4-16 Velocity at the diffuser different times of the surge cycle (numerical results versus
measurements [72] ............................................................................................................................... 40
Figure 4-17 Stress distribution at impeller blade surface (The presented numerical model results
compared with the NASA numerical model results [73]).................................................................... 42
Figure 4-18 Axial deflection (for the presented numerical model results) .......................................... 43
x

Figure 5-1 Velocity vectors near impeller shroud during stall ............................................................ 44
Figure 5-2 Velocity vectors showing tip leakage flow ........................................................................ 45
Figure 5-3 Velocity vectors showing back flow impingement at impeller exit during stall ................ 45
Figure 5-4 Velocity contours near diffuser shroud surface during stall............................................... 46
Figure 5-5 Path lines near shroud surface at different time frames ..................................................... 47
Figure 5-6 Velocity vectors at different planes through the impeller at an instant of time during stall
.............................................................................................................................................................. 48
Figure 5-7 Pressure development during stall...................................................................................... 49
Figure 5-8 Stream lines distribution during stall and surge at location near shroud surface ............... 50
Figure 5-9 Variation of the force affecting impeller blades with time during surge ........................... 51
Figure 5-10 Location of the numerical monitor points at the tip clearance gap .................................. 52
Figure 5-11 Dynamic pressure variation with time at points in the tip clearance gap ......................... 52
Figure 5-12 Pressure variation with time during stall and surge for a point in the vaneless region .... 53
Figure 5-13 Pressure monitoring with time at the vaneless region ...................................................... 54
Figure 5-14 The numerical model for the compressor with a vaneless diffuser .................................. 55
Figure 5-15 Description of the operating conditions used for the simulations of the vaneless and the
vaned diffuser cases ............................................................................................................................. 56
Figure 5-16 Area weighted average of the mass flow rate at compressor exit near surge condition for
the vaneless and vaned diffuser cases .................................................................................................. 57
Figure 5-17 Static pressure at radius ratio of 1.1 near surge condition for the vaneless and vaned
diffuser cases ........................................................................................................................................ 58
Figure 5-18 Pressure surge cycle for the vaned diffuser case according to measurements [72] ......... 59
Figure 5-19 Dynamic pressure at radius ratio of 1.1 near surge condition for the vaneless and vaned
diffuser cases ........................................................................................................................................ 59
Figure 5-20 Spectral analysis of the convergence history of the dynamic pressure at radius ratio of
1.1 near surge condition for the vaneless and vaned diffuser cases ..................................................... 60
Figure 5-21 Axial velocity contours upstream the impeller inlet at different operating conditions for
the vaneless and the vaned diffuser cases ............................................................................................ 61
Figure 5-22 RMS of the static pressure at the impeller hub and blades surfaces at different operating
conditions for the vaneless and the vaned diffuser cases. .................................................................... 62
Figure 5-23 Velocity vectors at 98% of span for the vaneless and vaned diffuser cases during surge 64
Figure 5-24 Location of the point selected for the air injection simulations ....................................... 65
Figure 5-25 Description of the injection locations and the injection angle ......................................... 66
Figure 5-26 Pressure contours near the shroud surface ....................................................................... 67
Figure 5-27 Velocity vectors near the shroud surface ......................................................................... 67
Figure 5-28 The number of diffuser passages with reversed flow for various angles of injection and
injection mass flow rates ...................................................................................................................... 68
Figure 5-29 Flow path lines colored by Mach number value for various angles of injection at the
minimum and maximum injection mass flow rate used ...................................................................... 69
Figure 5-30 Representation of one of the paths through a diffuser passage used to show results ....... 70
Figure 5-31 Mach number variation with the radial distance at different injection mass flow rates for
injection angles of 10◦, 20◦, 30◦, 40◦ and 180◦ ....................................................................................... 71
xi

Figure 5-32 Mach number and velocity angle variations for the best injection cases ........................ 73
Figure 5-33 Pressure contours (in Pascals) at impeller shroud for the best injection cases................ 75
Figure 5-34 The CFD numerical model of the NASA CC3 compressor ............................................. 76
Figure 5-35 Variation of the force acting on blades with time for the best injection cases and for the
case without using injection ................................................................................................................. 77
Figure 5-36 The angle of injection α at the radial-axial plane ............................................................. 78
Figure 5-37 Pressure variation at points in the vaneless region with time at Ɵ = 30◦ for α = 10◦, 15◦,
20◦......................................................................................................................................................... 79
Figure 5-38 Numerical models for three different casing treatment cases and for the case without
casing treatment ................................................................................................................................... 81
Figure 5-39 Velocity contours at 0.99 of span for the four different cases ......................................... 82
Figure 5-40 Average Mach number variation with time at the position of the first slot...................... 84
Figure 5-41 Average Mach number variation with time...................................................................... 84
Figure 5-42 Isentropic total to total efficiency variation with time during stall for all cases .............. 85
Figure 5-43 The numerical model used for the simulations of the groove aspect ratio variation........ 86
Figure 5-44 The numerical model used for the simulations of the groove location variation ............. 87
Figure 5-45 The numerical models used for the simulations of changing the number of grooves ...... 87
Figure 5-46 Velocity contours at a plane perpendicular to the axial direction with the clarification of
the velocity vectors inside the groove for various groove aspect ratio values ..................................... 89
Figure 5-47 Radial velocity variation with the circumferential angle for 3 different groove aspect
ratio values ........................................................................................................................................... 90
Figure 5-48 Mach number values at 99% of the impeller span for 3 different groove locations ........ 91
Figure 5-49 Static pressure variation in the circumferential direction at the blades leading edge at
99% of span.......................................................................................................................................... 92
Figure 5-50 Velocity stream lines at 98% of span for cases with different numbers of grooves ........ 93
Figure 5-51 Average velocity contours at the impeller meridional plane for cases with different
numbers of grooves .............................................................................................................................. 94
Figure 5-52 Pressure variation with the normalized meridional distance for the cases of smooth
casing and for the cases with 5 and 7 grooves ..................................................................................... 95
Figure 5-53 Total to total isentropic efficiency for cases with different numbers of grooves ............. 96
Figure 5-54 Velocity vectors inside the grooves and at a plane near the shroud surface at the best
efficiency operating condition ............................................................................................................. 96
Figure 5-55 Velocity vectors inside the grooves and at a plane near the shroud surface at the stall
operating condition .............................................................................................................................. 97
Figure 5-56 The variation of the peak value of the maximum principal stress with time for the
impeller blade....................................................................................................................................... 99
Figure 5-57 The variation of the peak value of equivalent stress with time for the impeller blade .. 100
Figure 5-58 The variation of forces and moments with time for both of the controlled and the
uncontrolled cases .............................................................................................................................. 101
Figure 5-59 The maximum full tip blade surface deformation profile for the case of an uncontrolled
compressor ......................................................................................................................................... 103

xii

Figure 5-60 The maximum full tip blade surface deformation profile for the case of controlled
compressor using air injection at zone 2 ............................................................................................ 104
Figure 5-61 The location of the compressor shaft bearings and their numerical representation ....... 105
Figure 5-62 Deformation of the blade tip surface at zone 2 for different stiffness values ................ 106
Figure 5-63 Deformation of the blade tip surface at a specific part of zone 2 for different stiffness
values ................................................................................................................................................. 107

xiii

List of Symbols
A

Af

Area vector [m2]

Aj

Area vector for the face j

cp

Specific heat of fluid [J/kgK]

Area vector at the face f [m2]

C Turbulence model parameter
E
F
Gk
H
K
kp

Empirical constant
Force [N]

T
TP

Time [s]

Tw
t
t
u

Temperature at the wall [K]
Time step [s]
Incremental change in time [s]
Flow velocity vector [m/s]
Mesh velocity of the moving mesh [m/s]
Dimensionless velocity
Dimensionless velocity for CFD
Mean velocity magnitude when y *  yT*

Kinetic energy production rate
Groove Height [m]
Turbulence kinetic energy per unit mass [m2/ s2]

Turbulence kinetic energy at point P[m2/ s2]
Ks Spring stiffness [N/m]
M Moment [N.m]
ṁ Mass flow rate [kg/s]
nf Number of faces on the control volume
Pr Molecular Prandtl number
Prt Turbulent Prandtl number
q Wall heat flux [Watt/ m2]
R Radial distance [m]
S Shear stress [N/m2]
2
S Average shear stress [N/ m ]
S The source term of 

ug
∗

Temperature at the cell adjacent to wall [K]

Uc
U p Mean velocity of the fluid at point P [m/s]
Frictional velocity[m/s]

v Velocity vector
xiv

Mesh volume [m3]
 V Incremental change in mesh volume [m3]
W Groove Width [m]
X x- direction
Y y-direaction
y p Distance from point P to the wall [m]
Dimensionless distance from the wall
*
y Dimensionless distance from the wall for CFD
V

yT*
Z
R

Thermal conduction layer thickness
Axial direction
Radial distance [m]

Abbreviations
CFD
CFL
FEM
FSI
GCI
KSI
NASA
NSE
RMS
rpm
SRCT

Computational fluid dynamics
Courant–Friedrichs–Lewy number
Finite Element Model
Fluid-Structure Interaction
Grid Convergence Index
Kilo pound per Square Inch
National Aeronautics and Space Administration
Navier Stokes Equations
Root Mean Square
Revolutions per minute
Self-Recirculation Casing Treatment

Greek letters


t

Symbol for general flow variable
Turbulence dissipation rate [m2/ s3]
Fluid density [Kg/m3]
Diffusion coefficient
The gradient of a value
Injection angle in the radial-tangential plane
Injection angle in the radial-axial plane
Von Kármán constant
Dynamic viscosity [pa.s]
Turbulent viscosity [pa.s]



the mean rate of rotation tensor

∅

Ε




Ɵ
Α



xv

Acknowledgements

In the name of Allah, I started this research hoping that it accelerates the wheel of progress in
this field.
I would like to express my sincere appreciation and infinite thanks to my supervisor, Professor
Mohamed S. Gadala, who gave me a great scientific support and guidance to make progress in
my research. His vast experience and unlimited co-operation and efforts have helped me to
produce this research in the best way.
Special thanks to the Qatar National Research Fund (QNRF) for supporting this research from
the first moment of work to the end.
I thank all members of my family, especially my wife, who helped me greatly through all of it,
and my parents for their magnificent role of supporting and encouraging me to move ahead
towards progress and success.

xvi

Dedication

To my wife, my parents, and my children

xvii

1)CHAPTER 1: INTRODUCTION
Centrifugal compressors are widely used in many applications, as turbochargers in
automotive engines and gas turbine engines, in the processing of natural gas, and in refrigeration
systems. The stable operating range of centrifugal compressors is wider than that of the axial
compressors and the efficiency drop at low flow rates is lower. Also, the pressure ratio for a
single stage is higher in centrifugal compressors compared to axial compressors, making
centrifugal compressors more common in industrial applications these days.
Over the last decade, several studies have discussed various ways to increase the stable
working zone of centrifugal compressors by studying the reasons for the evolution of the
aerodynamic instabilities represented by stall and surge, and developing modern control methods
to detect these instabilities.
1.1

Compressor Map and the Safe Operating Zone
Maximum efficiency can be achieved if the compressor operates at the design mass flow

rate. If the compressor works at the off design condition, there is a possibility of the occurrence
of instabilities. For any compressor, there is a specific stable region that extends from the surge
limit at relatively low flow rates to the choke limit at relatively high flow rates. Near the surge
limit zone, aerodynamic instabilities and rotating stall may occur and cause repetitive pressure
pulses on the rotor blades, and this may result in damage to the blades. On the other hand, near
the choke limit zone, there is a high probability of the sudden appearance of strong shock waves
which can affect the blades. Figure 1-1 shows a schematic of the compressor pressure map with
an indication of the compressor's stable margin, which is limited by the surge and choke lines.
Most of the current research about rotating stall aims at increasing the compressor’s stable zone
of operation by shifting the surge limit to the left as shown in Fig. 1-1. Some pressure maps refer
to a line called the surge avoidance line, and this line is parallel to the surge limit inside the
stable zone. The purpose of the surge avoidance line is to indicate the dangerous unstable zone
close to the surge limit.

1

Figure 1-1 Schematic of the compressor pressure map [1].

1.2

Overview of the Rotating Stall Concept
The rotating stall is a flow disturbance where waves propagate at the rotor tip area at a

speed of 50% to 75% of the rotor speed [2]. Many studies suggest that the early separation and
the tip leakage flows are important reasons for stall inception [3-5]. The tip leakage flow is
considered a secondary flow which separates from the main flow and moves through the tip
clearance gap randomly, causing partial blocking of the impeller passages. The stall cells form
due to the occurrence of the low velocity regions caused by the flow separation and the tip
leakage flow effect. The rotating stall cells move in the same direction of the rotor blade motion
corresponding to the inertial coordinates.
The mechanism of stall inception is complicated and there are two main types of stall
inception known as modes and spikes. Modes are flow disturbances formed near the blade tips
with long length scales and small amplitudes, and move in the axial flow direction. Spikes are
finite amplitude disturbances that propagate mainly in the rotor circumference. There is a
considerable difference between modes and spikes in terms of their appearance time before stall
initiation. Spikes can cause a stall within a few rotor revolutions but modes need hundreds of
rotor revolutions to trigger a stall [6-8]. The slope of the pressure ratio curve with the flow rate

2

can indicate which type of stall inception is taking place; the curve slope is zero in the case of
modes, while its value is negative in the case of spikes [9, 10].
Rotating stall may cause large losses in efficiency and compression performance. The
existence of any stall cell may result in a sudden drop in the compressor’s total pressure ratio.
Also, the formation of multiple stall cells minimizes the pressure ratio gradually. During stall,
the average mass flow rate does not change but there are pressure fluctuations that affect the
blades. As the stall develops with time, the amplitude of the pressure fluctuations increases and
the temperature exceeds the designed value; this may cause fatal damage to the rotor blades.
1.3

Surge and its Relation to Rotating Stall
As the flow separation and stalled area expand with time, surge may take place. Surge

can be defined as strong fluctuations in the mass flow rate accompanied with a rise in
temperature and pressure that may cause damage to the rotor seals and bearings and also to the
rotor blades [11]. The main difference between stall and surge is that the average flow rate is not
constant and reversed flow can occur during surge. The surge can increase the blades’ strain to
the limit that the impeller blades may touch the casing surface or the stator vanes, causing
significant damage to the compression unit [12].
Surge is classified into four different types depending on the level of pressure
fluctuations [11]. The surge classes are mild, classic, modified and deep. For the mild surge,
there are small pressure fluctuations without any back flow. The classic surge is similar to the
mild surge in that there is no reversed flow but the amplitude of the pressure fluctuations is
larger and occurs at lower frequencies compared to the mild surge. A more developed situation
where the rotating stall combines with the classic surge, and the flow at the blades’ tip starts to
move in the axial direction, is called a modified surge stage. If the pressure oscillations become
larger and reversed flow forms, this can be described as deep surge. Figure 1-2 shows the
difference between mild surge and deep surge in terms of the mass flow rate fluctuation
overtime. It may be seen in Fig. 1-2 that the average mass flow rate is constant for the mild
surge, but for the deep surge, the average mass flow rate is variable and the amplitude of
fluctuations increases with time until the occurrence of the reversed flow.
The rotating stall is often a precursor of a surge and the rotating stall may lead to a mild
surge, which may then develop into a classic or deep surge.
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(a) Mild surge

(b) Deep surge

Figure 1-2 Flow rate variation for mild and deep surge cases [1].

1.4

Rotating Stall Control
There are two main ways to control stall: the closed loop method and the open loop

method. In the closed loop control method, there are some devices placed and fixed on the
compressor casing in order to detect the rotating stall by measuring some of the flow parameters.
The signals that come out of these devices are passed for filtering and then sent to a control unit
in order to prevent or delay the onset of stall. In the open loop control method, the design of the
compressor geometry is altered for the purpose of expanding the compressor’s stable zone by
shifting the surge line. The open loop control method involves adjusting the inlet guide vanes,
casing treatment and air injection control.
The inlet guide vanes are angle-adjusted vanes which are placed before the impeller
blades in order to control the flow angle at the impeller inlet when the flow rate is reduced [13,
14].
The casing treatment concept was first proposed by Hartmann et al. [15]. The idea of
casing treatment control is to make a specific modification in the casing aimed at minimizing the
tip leakage flow and increasing the kinetic energy in the stalled regions depending on the
circulation effect. The most common types of casing slots are the casing discrete slots which are
distributed in the circumferential direction and the continuous circumferential grooves which are
designed to have the same cross section circumferentially [16, 17]. Figure 1-3 describes the
casing discrete slots type for a turbocharger compressor. It may be noted from Fig. 1-3 that there
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are some slots made in the casing near the impeller inlet region and the function of these slots is
to transfer the tip leakage flow from the impeller tip area to the impeller inlet at a low flow rate
operating condition. One disadvantage with the casing treatment is that the flow movement
inside slots or grooves causes a drop in the efficiency due to the increased frictional interaction
[18-20].

Casing
slots

Figure 1-3 Casing treatment of a centrifugal compressor [21].

The air injection is used to decrease the flow incidence angle, and adding kinetic energy
when the operating condition is corresponding to low mass flow rate. In the air injection method,
pressurized air is injected through injectors mounted on the compressor casing at the impeller
inlet or at the vaneless region. Figure 1-4 shows the air injection system of a centrifugal
compressor from a previous experimental study [22]. The air is injected through eight nozzles
fixed at the shroud surface of the impeller at the vaneless region area in an opposite direction to
the impeller rotation direction (Fig. 1-4). The injection angle and mass flow rate can be adjusted
by these injectors in order to enhance the injection efficiency. The air injection method has
proved successful in decreasing the surge zone for both axial and centrifugal compressors [2224].
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Figure 1-4 Schematic of an air injection for a centrifugal compressor [22].

1.5

Scope of the Work
The scope of the work in this thesis is highlighted in the following objectives:


Accurate simulation of the rotating stall phenomenon for a high speed centrifugal
compressor and providing detailed explanations about the stall initiation and its
development with time.



Increasing the compressor stable margin by making an optimization to the factors which
guide the air injection control method and the casing treatment control method (Fig. 1-5).

Decreasing this region is
required in order to increase
the compressor stable zone.

Figure 1-5 Clarification of the stall and surge region on the compressor pressure map
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Expanding the information provided by previous studies regarding the structural analysis
of the selected compressor by:
 Studying the dynamic structural behavior of the compressor during stall/surge by
considering one way Fluid Structure Interaction (FSI) analysis.
 Assessment of blade deflection and stresses during stall/surge & its implication on the
design stage.



Finally, this research aims to provide a comparison between the behavior of controlled
and uncontrolled compressors regarding the maximum deformation at the blades tips
when using various values of the compressor shaft bearing stiffness based on the results
of the dynamic structural model.

In order to attain the above objectives, the following tasks are considered:
i) Construction of CFD model for a high speed centrifugal compressor that is capable of
simulating the compressor’s unstable behavior at high pressures and at low mass flow rates.
ii) Developing the computational mesh for a section model of the compressor containing one
blade passage, and testing the mesh density’s effect on the solution convergence in order to
optimize the model accuracy.
iii) Building the full annulus model containing all impeller blades and diffuser vanes, obtaining
results concerning the identification of rotating stall parameters, and recording the early
signs of stall formation.
iv) Simulating modern active control methods and optimizing control parameters in order to find
the best suitable combination of control actions to delay or prevent stall.
v) Performing structural analysis on the deflection of impeller blades during stall by analyzing
the FEM model results, which are obtained after transferring the pressure loads from the
CFD model.
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2)CHAPTER 2: LITERATURE REVIEW
This chapter presents a survey of the literature for three main subjects: the characteristics
of rotating stall, the methods used to increase the compressor's stable margin, and the structural
analysis of the compressor blades.
2.1

Rotating Stall Characteristics
The complexity of the rotating stall phenomenon led to much research about the reasons

for stall initiation and the stall inception mechanism. Vo et al. [25] explained the mechanism of
stall inception and the main reasons for stall initiation in compressors. It was found that flow
separation causes the formation of secondary flow which moves between any two adjacent
impeller passages through the casing clearance; this kind of flow is called the tip clearance flow.
This study also clarified that part of the flow at the impeller exit turns back and hits the impeller
blades randomly at the beginning of stall. It was found that the rotating stall starts when the tip
leakage flow appears at the same time as the impeller blades are impinged with some back flow.
Figure 2-1 indicates the two conditions which cause stall.

Figure 2-1 Schematic view of the stall inception conditions.
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The stall inception mechanism clarified by Vo et al. [25] is one of the most famous
explanations of stall initiation in axial compressors. The stall inception mechanism in centrifugal
compressors is close to but not identical to that for axial compressors; it has a more complex
nature due to the flow direction at the compressor exit compared to the inlet. There is no
complete explanation for the stall development criteria in centrifugal compressors. One of the
main aims of the research presented in this thesis is to simulate and analyze the flow variations
during stall, as a step towards improving some deficiencies in the understanding of stall
complexity in centrifugal compressors.
Pullan et al. [26] numerically and experimentally investigated stall inception caused by
spikes, and examined their structure. It was proven that the starting point of stall cell formation is
at the impeller leading edge, due to the effect of the flow with a high incedence angle on the
vortices' generation rate. Results showed that there is a specified path for most of the vortices
which moves from the suction side to the pressure side of the blade gradually, towards the
shroud surface.
Several studies related the stall progress rate to the flow at the blades tips where the stall
cells form and develop with time. Huang et al. [27] created numerical simulations of the
unsteady characteristics of rotating stall for a high speed centrifugal compressor. Numerical
results showed that the impeller tip exit region is the location that is most affected by the
pressure variation during stall. By monitoring pressure fluctuations at the blades tip area, it was
found that frequency of the tip leakage vortex is close to half of the impeller blade passing
frequency value. Geng et al. [28] studied the variation of the tip leakage flow overtime for an
axial compressor. Results showed that the tip clearance flow propagates circumferencially with
time during stall, and blocks some of the impeller passages. It was also found that the main flow
passing through the impeller is affected by a reversed flow which is separated from the tip
leakage flow during stall development. Yamada et al. [29] showed that the flow separation at the
impeller leading edge generates votices which have a tornado shape, and confirmed that these
vortices are the reason for the tip leakage flow formation at the beginning of a stall. Tomita et al.
[30] presented a numerical and experimental investigation of the tip leakage vortex formation
and its effect on stability. It was found that the link between stall and surge depends on the tip
leakage vortex and its effect on limiting the safe operating range.
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The rotating stall effects may be minimized by modifying or enhancing the design
parameters of the compressor such as the clerance gap size, blade shape and blade angles.
Schleer and Abhari [4] demonstrated the influence of modifying the clerance gap dimension
between the blade tips and casing on the performance of a centrifugal compressor at stall
condition. Results indicated that the compressor stable zone can be increased and the blade
loading can be decreased by minimizing the tip clearance gap. The effect of the clearance ratio
variation on the onset of instability is clarified on the pressure map shown in Fig. 2-2. The
clearance ratio is defined as the ratio between the tip clearance value at impeller exit, and the
diffuser height.

Figure 2-2 Influence of changing the clearance ratio on the onset of instability [4].

Ramakrishna and Govardhan [31] compared the performance of an axial compressor with
forward swept impeller blades with another compressor with unswept blades when the operating
condition is close to stall. Based on the comparison between the two compressors, it was found
that the diffusion factor at the impeller exit has lower values for the compressor with swept
blades. It was also shown that the efficiency losses are lower for an increased clearance gap for
swept impeller blades. Results confirmed that stall impact can be minimized by the sweeping of
the impeller blades. Vagani et al. [32] performed various numerical simulations of the rotating
stall phenomenon for centrifugal compressors and compared the numerical results with
previously done meausrements. The numerical models covered different designs for the diffuser
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vanes including the vanes’ shape and length. Lastly, it was shown that the numerical models
provided accurate results comparedwith measurements for all cases.
The work done by Schleer and Abhari [4], and Ramakrishna and Govardhan [31] prove
that the tip leakage flow can be minimized by adjusting the tip clearance value and by sweeping
the compressor blades, but there is a negative point where the efficiency losses are relatively
high. For this reason, the current research presented in this thesis focuses on other methods of
controlling the tip leakage flow and discusses ways to improve these methods as discussed in
section 2.2; these methods provide relatively lower efficiency losses.

2.2

Compressor Safe Margin Enhancement Methods
There are two significant methods used for increasing the safe margin of the compressor:

the casing treatment method, and the air injection method. In the casing treatment method, the
compressor casing design is modified by adding slots or grooves in order to circulate the weak
flow near the blades tip. In the air injection method, the air is injected with a certain mass flow
rate at specific locations from the shroud or the hub surfaces for the purpose of increasing the
kinetic energy and modifying the flow angle at the stagnant areas.
2.2.1

Casing Treatment
The first common type of casing treatment is called casing grooves, for which

circumferentially continuous grooves are cut into the end wall at the shroud surface. The casing
grooves lead to lower efficiency losses compared to other casing treatment types [33-35].
Kurokawa et al. [36] introduced an experimental and numerical study about using radial
casing grooves in the compressor vaneless area. Results of this study indicated that the
circulation caused by the casing grooves at the diffuser vaneless area modified the flow angle at
the impeller exit during stall, and corrected the deviated flow direction. Back flow from the
diffuser was also limited as a result of using grooves upstream of the diffuser entrance. Park et
al. [19] presented a numerical model for the ring groove design in a centrifugal compressor. The
results of this numerical model showed that the ring groove casing treatment increased the surge
margin by 6% and caused the efficiency to drop by 6% relative to a compressor with smooth
casing. Kim et al. [37] performed numerical simulations to test the optimal dimensions of the
casing grooves and the tip clearance value in order to increase the stable opearting range. The
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optimized model achieved an increase of about 5% in the surge margin but it was accompanied
with 0.18% loss in efficiency relative to another model without casing treatment. Xi et al. [38]
created a numerical optimization for the casing groove location at the diffuser of a centrifugal
compressor. It was found that placing the casing grooves at the area that extends from the middle
of the diffuser length to the diffuser exit can minimize stall in a more effective way than placing
the grooves at the diffuser inlet. Ivor Day [39] constructed an experimental investigation to
identify the best location for the casing grooves in order to delay the stall inception for an axial
compressor. The mid of the chord distance was found to be the most successful position to place
the grooves in terms of shifting the stall onset. Figure 2-3 indicates the impact of varying the
location and number of grooves on the gain in surge margin and the losses in efficiency. This
study found that the summation of the losses in efficiency for single groove components is larger
than the total efficiency losses when using these components together as multiple grooves at the
same time.

Figure 2-3 Effect of changing the grooves’ number and location on the surge margin and
efficiency losses [39].

To conclude, it is important to notice that these studies concerning the use of casing
grooves did not consider the effect of combining all the factors of casing groove redesign. For
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example, the work of Kim et al. [37] only considered the factor of changing the casing grooves’
dimensions, while the study of Xi et al. [38] mentioned the optimization of the casing grooves’
location. The impact of changing the number of casing grooves, their location and their
dimensions is taken into consideration in this presented thesis.
The second type of casing treatment is called discrete slots. For this type, a number of
circumferentially or axially discrete slots are cut into the end wall at the shroud surface [40]. The
efficiency losses caused by the discrete slots are greater than those for the casing grooves [41].
Lu et al. [42] numerically investigated the flow behaviorin a subsonic compressor enhanced by
axial skewed slots. Results showed that the axial skewed slots increased the safe margin by
shifting the vortices, caused by the tip leakage flow, downstream towards the rotor exit. Hembera
et al. [18] simulated the flow inside a specific shape of axial slots for a transonic axial
compressor. These slots have a semicircular shape and were set in the area between the inlet
guide vanes and impeller at various angles to the axial direction. The circulated flow strength
inside the semicircular slots was found to be stronger than for the regular slot shape. It was noted
that there is a steady vortex motion inside the casing slots for the suction side of the inlet guide
vanes close to their trailing edge.
There is a special type of casing treatment that is called the holed casing treatment. The
idea of the holed casing treatment is to make a number of cylindrical cavities in the casing
connecting the impeller inlet to specific locations at the impeller shroud. The tip leakage flow
passes through the holes in the casing and minimizes stall cells [20]. The holes’ diameter is an
important parameter and it is related to the flow rate and flow direction inside the casing cavities
[43]. Ding et al. [44] experimentally investigated the flow in a centrifugal compressor with the
holed casing treatment. Measurements showed that there is a benefit to using the holed casing
treatment design at both the low and high flow rates. At the high flow rate condition, there is a
bypass flow from the impeller inlet to the impeller tip area while at the low flow rate condition,
the tip leakage flow is drawn from the bleeding points at the impeller shroud to the impeller inlet.
This flow mechanism was proven to increase the compressor’s stable region with relatively small
efficiency losses.
The Self Recirculation Casing Treatment (SRCT) method was used also recently and
achieved success in increasing the compressor’s stability during stall, like the casing grooves and
axial skewed slots [45].
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It is important to mention that the holed casing treatment method as described by Ding et
al. [44] and the self recirculation casing treatment method as presented by Yang et al. [45], have
practical manufacturing difficulties compared to other methods. For this reason, the casing
grooves method was chosen to be studied in the current thesis instead of the other mentioned
methods. This thesis offers a detailed discussion of the ways to improve the performance of the
casing grooves method.

2.2.2 Air Injection
Skoch [22] performed a series of experiments on the NASA CC3 centrifugal compressor
equipped with an air injection system. The pressurized air was injected through nozzles which
are fixed at the shroud surface between the impeller and diffuser. The tested range of the
injection flow rate was 0.5% to 4% of the compressor inlet flow rate. The injection stream was
directed circumferentially in the same and opposite directions of the impeller rotation. Figure 2-4
shows the air injection system of the NASA CC3 compressor.

(a) Cross sectional view of the compressor
indicating the injector

(b) Schematic view for the injection
orientations

Figure 2-4 Air injection system used for the NASA CC3 compressor [22].
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It was found that the surge margin can be increased to 13.4% with an injection to inlet
flow rate ratio of 0.9% if the injection has the same direction of impeller rotation. Experimental
results showed that the efficiency losses are greater in the case of injecting the air in the reverse
direction of impeller rotation.
Further experiments done on the NASA CC3 compressor revealed that injecting air at the
hub surface is not as effective as for the shroud surface injection, and that the injection towards
the pressure side of the diffuser vanes is the best orientation that can maximize the surge margin
[46].
Chen et al. [23] conducted accurate simulations of rotating stall propagation for the
NASA CC3 compressor with and without the use of an air injection. They used the reverse
tangent injection, with a flow rate of 1.7% of the design inlet mass flow rate. Results showed that
an air injection can minimize stall areas and prevent reversed flow at the diffuser inlet, and can
also correct the flow angle at the impeller exit to be close to the designed value. Lu et al. [47]
introduced numerical and experimental research about using micro air injections for controlling
stall in an axial compressor. This research pointed to the role of air injections in delaying stall
propagation by shifting the tip leakage vortices away from the impeller tip inlet region. The
kinetic energy added by the air injection at the tip region was found to be the reason behind
enhancing the flow distribution at stall. Khaleghi et al. [48] performed numerical simulations of
the air injection parameters in order to clarify the effect of changing the air injection velocity on
the compressor stability. Based on the results of this numerical analysis, the maximum gain in
the surge margin happens if the Mach number of the injected flow is adjusted to unity. Hiller et
al. [24] measured the flow rate corresponding to surge when using air injections with various
injection flow rates and temperatures at the first stage of a multistage compressor. The changing
of the injected air temperature was found to have little effect on the compressor stability. On the
other hand, the injection flow rate of at least 2% of the compressor inlet flow rate improved the
compressor’s stable zone.
The air injection study of Skoch [22] is valuable in understanding the CC3 compressor,
as for the study by Chen et al. [23]; however, both of these studies presented the air injection
effect in the forward and tangent directions only, which is inadequate for realizing the optimum
injection angle. Furthermore, the injection flow rate and temperature parameters were taken into
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consideration but without studying the injection angles variation for the study of Hiller et al.
[24]. There are few studies which consider all the injection parameters, but the majority of these
studies are for axial compressors, and the others do not show a complete optimization of these
parameters. In an attempt to find the best injection angle for the CC3 compressor, the variation of
the injection flow rate and the injection angle were studied in the presented thesis.
2.3

Structural Analysis of Compressor Blades
The compressor blades are affected by aerodynamic fluctuating forces during stall, and

these forces cause large deflection and stresses on the blades. For this reason, it is very important
to study the effect of the unstable flow condition on blade structure. For any aero elastic system,
there are fluid and structure domains affecting each other. The fluid domain causes aerodynamic
forces on the structure domain where the stresses and deflections take place. The boundary
movement between the two domains depends on both the deformation and the reaction force at
the same time. The coupling between the fluid and structure domains is known numerically as
the Fluid-Structure Interaction (FSI).
The coupling between fluid and structure domains may be weak as in cases of turbo
machinery flutter problems, when the blades have a large inertia and the forces acting on it are
relatively small [49]. For the case of small blade vibrations, the flow can be simulated by
creating a superposition of the steady state flow and a small perturbation flow [50]. The
nonlinear flow may result from the small blade vibrations if the operating flow condition is at the
transonic region [51, 52].
Gnesin et al. [53] used the time marching method to simulate the blades’ vibration and
the aero elastic action for an axial flow turbine. The mode shapes were combined linearly to
represent the motion of the blades. Results showed that there is a nonlinear behaviordue to the
interaction between the mode shapes. This nonlinearity caused a limitation of the blade vibration
oscillations. Srivastava et al. [54] created a numerical model based on solving the Navier Stokes
Equations (N.S.E.). The results of the model were compared to the results of other models which
deal with a linearized potential flow equation and a linearized Euler equation in order to
formulate the blade structural analysis for a turbine and for a fan. The comparison showed that
the proposed model as well as the other models predicted the flutter mode and the inter blade
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phase angle with high accuracy. Also, it was found that the aerodynamic damping decreases as
the back pressure increases. Im et al. [55] presented a numerical investigation about the causes of
the non-synchronous vibration of axial compressor blades by creating a coupled interaction
between the fluid and structure domains. It was found that at the level of 78% of the span at the
impeller leading edge, the vorticity and turbulence are very high and there are strong unstable
tornado vortices which cause the vibrations of the blades. These tornado vortices are formed due
to the complex flow resulting from the interaction between the main flow and the secondary
flow, including the tip clearance flow. Brandsen et al. [56] introduced a numerical study about
the simulation of the impeller blades’ vibrations for an axial compressor by using an accurate
FSI model. The impeller blades were excited with a specific vibration mode and frequency.
Results showed that the forces and the blades’ vibration frequencies can be calculated accurately
using the transient two-way FSI model. Sadeghi and Liu [57] found that the flutter frequency at
low mass flow rate is not the same as the blades’ natural frequency when using the coupled fluidstructure method; this result is different from that of the uncoupled method for which the blades
are assumed to oscillate at their natural frequencies. Pei et al. [58] compared the accuracy of the
coupled and the uncoupled fluid-structure numerical models to predict the unsteady flow
behaviorin a single stage centrifugal pump. Results showed that the coupled model was able to
capture the variations of the hydrodynamic force more accurately than the uncoupled model.
Results indicated that the pressure values are higher for the coupled model compared to the
uncoupled model at any impeller position.
At the end of this section, the importance of performing structural analysis for axial and
centrifugal compressors is clarified. For the current research, structural models were set with
different bearing stiffness values in order to identify the degree of stability at the stall condition
in cases where the compressor is controlled with air injection, and also where the compressor is
not controlled.

2.4

Synopsis of the Literature
Table 2-1 shows the research outcome and the comments and the related proposed

research in the current work for the most important studies mentioned in the literature.
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Table 2-1 Literature summary

Structural analysis

Air injection

Casing treatment

Rotating stall
characteristics

Title

Research outcome

Author/
year

Comments & proposed research in
current work

The tip leakage flow and back flow
impingement are the main features of
rotating stall in axial compressors.

Vo et al.
[25] /
2008

It is important to study these two
features in centrifugal compressors
where the flow nature is more complex.

Tip leakage vortex development with
time during stall is the main cause of
surge appearance.

Tomita et
al [30] /
2013

The tip leakage vortex motion will be
reported in order to introduce better
understanding of the surge initiation.

Tip leakage flow results from the Yamada et
formation of vortices with tornado shape
al [29] /
due to flow separation.
2013
Holed casing treatment can increase the
Xu et al.
compressor surge margin by enhancing
[20] /
the performance at low and high flow
2011
rates.
The most successful location to place the Ivor Day
casing grooves in axial compressors is at
[39] /
the mid of the chord distance.
2012

This result will be verified for the case
of centrifugal compressor by testing
three different locations for the grooves.

The casing grooves performance can be
increased by changing their dimensions.

Kim et al.
[37] /
2013

This analysis will be expanded in the
current research by changing the aspect
ratio of the grooves.

The surge margin of a high speed
centrifugal compressor was increased by
using forward and reverse air injection.

Skoch
[22] /
2003

The effect of using various air injection
angles on the compressor stability will
be studied.

The maximum gain in the compressor Khaleghi
surge margin can be obtained if the et al. [48]
injection air Mach number equals one.
/ 2008
Numerical simulations proved the
Chen et al.
effectiveness of using reverse tangent air
[23] /
injection in improving the compressor
2009
stability.
Sadeghi,
The coupling between fluid and structure
M., and
domains may be weak as in cases of
Liu, F.
turbo machinery flutter problems.
[49]/ 2005
The causes of the non-synchronous
vibration of axial compressor blades
Im et al.
were investigated by creating a coupled
[55] /
interaction between the fluid and
2012
structure domains.
The accuracy of the coupled and the
uncoupled fluid-structure numerical Pei et al.
[58] /
models to predict the unsteady flow
2013
behavior in a single stage centrifugal
pump was illustrated.

The flow separation locations will be
studied in more details.
As a comment, this is a successful
method but there are manufacturing
difficulties for producing these holes.

As a comment, this is a very important
result which clarifies the optimum
injection velocity.
As a comment, this study was beneficial
for knowing the numerical capabilities
in simulating air injection.
As a comment, the large inertia of the
blades supports this point and the d
blades deflections are relatively small.
The vibration and deformation of blades
will be studied in the case of stall/surge.
This study clarified the difference
between coupled and uncoupled fluidstructure interaction simulations and
presented a guidance to identify the
accuracy for each method.
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3)CHAPTER 3: NUMERICAL METHODOLOGY
This chapter discusses the numerical methodology and the governing equations for the
modeling of the turbulent flow. In this research, the commercial program FLUENT [59] was
used to perform the CFD simulations using the finite volume method. In the finite volume
method, the partial differential equations of continuity, turbulence, energy, and Navier Stokes
equations are discretized into a set of algebraic equations. Then, the algebraic equations are
linearized and solved to obtain the values of the dependent variables. The 2nd order discretization
scheme was applied for space and time for the purpose of increasing the solution accuracy. The
conservation equation of transport and its discretization are shown in the Appendix (A.1).
The governing equations were solved using the density based method [60]. The solution
procedure for the density based method begins by obtaining velocity components from the
equations of momentum; then, the velocities are used to compute the density from the equation
of continuity, followed by obtaining the pressure terms from the equation of state. The final step
is to solve the turbulence equations as indicated in Fig. 3-1. The convergence is achieved for
each time step by repeating the steps of this solution procedure.

Figure 3-1 Overview of the density based method.
19

3.1

Turbulence Modeling
There are a variety of choices for modeling turbulent flow as

,

, Reynolds

stress, and large eddy simulation models. The main factors which affect the choice of the suitable
turbulence model are the physics of the problem, the required accuracy level, computational
resources and total simulation time.
The realizable

model was chosen to simulate the turbulent flow because it provides

results with relatively high accuracy when simulating rotating flow at high speeds and also
boundary layer and complex flows [61, 62]. Another reason for selecting the realizable
model is that it does not have the major disadvantages of the other turbulence two equation
models such as the standard
with swirl, and the RNG

model which provides inaccurate results for complex flow
model, which is subjected to limitations due to the isotropic eddy

viscosity assumption. Also, the results of the realizable

model have an acceptable accuracy

and can be achieved with less computational time compared to the Reynolds Stress Model.
The mean velocity gradients are related to the Reynolds stresses according to the
Boussinesq hypothesis [63] as indicated in the Appendix (A.2).
The exact transport equation of the mean square vorticity fluctuation in the realizable
model is used to derive the turbulence dissipation rate. The turbulent viscosity is a function
of the velocity gradients and is not constant. Many comparisons were performed between various
turbulence models to verify the accuracy of simulating the distribution of pressure and velocity.
These comparisons proved the high prediction accuracy of the realizable
unsteady high speed flow. Details about the realizable

model for

equations are presented in the

Appendix (A.3).
By using the realizable

turbulence model, the turbulent viscosity prediction is

enhanced compared to other models as the standard

model by taking advantage of using the

term

as a function of velocities and shear stresses instead of being constant.

3.2

Near-Wall Treatments for Turbulent Flow
At the areas very close to the wall, the tangential velocity fluctuations are reduced by the

effect of viscous damping, and the normal velocity fluctuations are affected by kinematic
blocking. The near-wall area is composed of three regions; the viscous sub layer, the interim
region and the fully turbulent layer. Figure 3-2 shows the layers of the near wall region plotted in
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semi-log coordinates. The vertical axis in Fig. 3-2 represents the dimensionless velocity (
while the horizontal axis is for the dimensionless wall distance (

)

). Definitions of the near-wall

treatment parameters are mentioned in the Appendix (A.4).

Figure 3-2 Classification of the near-wall region.

For the viscous sub layer, the flow is nearly laminar and is governed by molecular
viscosity which has the greatest effect on momentum and heat transfer. At the outer layer or the
fully turbulent layer, the turbulence plays a dominant role. The mean velocity has large gradients
close to the outer layer and this increases the turbulence’s kinetic energy and turbulence rate. The
turbulence and the molecular viscosity have nearly the same impact on the flow at the region
between the viscous sub layer and the fully turbulent layer [64].

3.2.1 Wall Functions
Wall functions are a combination of semi-empirical formulas which work as a link
between the flow variables at the wall and the corresponding values at the near wall cells. The
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idea of the standard wall functions was firstly discussed by Launder and Spalding [65]. There are
wall functions for momentum, energy and turbulence.
(a) Using wall functions for momentum
The general concept of the near wall treatment for the turbulent flow was discussed
before in the introduction of section 3-2 based on the definitions of

and

. For most of the

CFD programs, the same concept is applied but using other definitions. Instead of using
, the dimensionless quantities

∗

and

velocity, respectively. The quantities

and

∗

are used as dimensionless distance and dimensionless

∗

and

are nearly equivalent for the equilibrium

turbulent boundary layers.
The law for the mean velocity is valid for (300 > ∗ >30). The log-law is used in the CFD
program [59] when

∗

> 11.225. More details about the equations for the using of wall functions

for momentum can be found in Appendix (A.5).
(b) Using wall functions for energy
As for the momentum calculations where the logarithmic law for the mean velocity is
used, there is also another logarithmic law applied for mean temperature.
There are two different wall laws for the temperature; the linear law and the logarithmic
law. The linear law is applied when the conduction is important and the logarithmic law is
activated when the turbulence effects are dominant.
The thermal conduction layer thickness ( ∗ ) is not the same as the viscous sub layer
thickness and also differs from one fluid to another. In the case of compressible flow at high
speeds, the temperature distribution close to the wall is different from that for the subsonic flows
due to the heating caused by viscous dissipation [66]. The law for temperature and the procedure
of solution are described in the Appendix (A.6).
(c) Using wall functions for turbulence
For the modeling of turbulence using the

model, the turbulence kinetic energy

equation is solved in all domains including the near wall areas. Equation 3-1 shows the boundary
condition applied at the wall for the turbulence kinetic energy.
(3-1)
Where n is a local coordinate normal to the wall.
22

Based on the local equilibrium hypothesis, the kinetic energy production term
and its dissipation rate

are calculated at the near wall area as described in equations 3-2 and

3-3, respectively. The turbulence dissipation rate equation of the

model is not solved but it

is calculated from equation 3-3 instead.
(3-2)

(3-3)
Finally, it may be seen that the wall boundary conditions for the solution variables including , ,
velocity and temperature are all considered by the wall functions.

3.3

Dynamic Mesh Model
The dynamic mesh model is used for modeling flows which contain moving and static

domains and it may also be used to simulate the flow when the domain shape changes with time
due to the motion of the boundaries.

3.3.1 Dynamic Mesh Concept
The overall mesh contains rotating domains and fixed domains and it is important to
simulate the interaction between the rotating and fixed domains accurately especially at high
speeds. For this reason, the dynamic mesh model was used and its idea is to make the rotating
domain slides on the fixed domains at the interface surfaces which separate these domains. At
the interface, the mesh must be modified and reformed at the end of every time step.
At each time step, the intersection between the interface zones is calculated and then the
interface flux is determined. For periodic problems, this intersection results in an interior zone if
the two interface zones overlap, and also results in periodic zones if there is no overlap. The
interior zone has fluid cells on both sides of the intersection. For non-periodic problems, wall
zones are produced instead of the periodic zones. Figure 3-3 shows an example for a nonperiodic flow problem. Two objects are moving in opposite directions in a fluid medium (Fig. 33 (a)). In this example, the whole fluid domain is split into two zones; each zone covers one
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moving object and slides over the other zone through the interface zones (Fig. 3-3 (b)). During
the sliding process between the two zones, the common area is called the interior zone, which is
surrounded by fluid from both sides, and the remaining areas are treated as wall surfaces (Fig. 33 (c)).
Figure 3-4 shows an example of the faces created due to the interaction between interface
zones. The interface zones are composed of four different faces; A-B, B-C, D-E and E-F. The
faces a-d, d-b, b-e, e-c and c-f are the result of intersection between the interface zones. The
overlapping area between cell zone 1 and cell zone 2 represents the interior zone which includes
faces d-b, b-e, and e-c. The other faces outside of the overlap area, including faces a-d and c-f,
represent the periodic zone. The flux is computed across the interface into the cell III, for
example, by ignoring face B-C and using faces b-e and e-c instead by transferring the
information from cells IV and VI into cell III.

(a) Two objects moving in opposite directions

(b) Splitting the domain with the formation of
two interfaces

(c) Description of the interior and wall zones formed during objects motion

Figure 3-3 Schematic drawing for the various zones result due to a non-periodic
interaction.
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Figure 3-4 Faces and zones created by the interaction between two cell zones.

3.3.2 Dynamic Mesh Conservation Equations
The following equations explain the main concept of the dynamic mesh theory [60,
67,68]. For a general flow variable ∅, the governing equation used for the sliding mesh method is
described in equation 3-4.
∅

∅

.

Γ ∅. dA

Where V is the volume of the mesh and

S ∅ dV

is the density. While

(3-4)
and

are the fluid

velocity vector and the velocity of the moving grid mesh. Also, S ∅ is the source term of
∅ and Γ is the diffusion coefficient. For second order accuracy, the volume integration with time

is calculated as shown in equation 3-5.
∅

3 ∅

4 ∅
2∆

∅

(3-5)
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Where n represents the current time step and the term

is calculated as described in

equation 3-6 by relating it to the volume at the current time step and the rate of change of volume
with time.
(3-6)

∆

The rate of volume change with time ( ) is computed by integrating the grid velocity
over the area (equation 3-7).
(3-7)

.

As an equivalent method to the integration, the term

is computed by making a

summation of the dot product of the velocity vector and area vector at each face of the mesh cell
volume as shown in equation 3-8.
(3-8)

.

represents the number of faces for each control volume and

Where

is the area

vector for the face j.
The R.H.S. of equation 3-8 is a summation of the volume change with time for each cell
or in other words,

which represents the volume swept by the control volume j with

.

time.
The value of the term

.

at a specific time step is determined by computing the same

term at previous time steps according to equation 3-9.
.

3.4

3
2

.

1
2

.

3
2

1
2

(3-9)

Fluid-Structure Interface
Fluid structure interaction (FSI) is a definition for problems which have a strong

dependency between solids and fluids. There is what is called an interface between the solid and
the fluid domain. At the interface, all governing equations and also the boundary conditions for
the fluid and solid regions must be satisfied simultaneously. For the purpose of connecting the
governing equations from the fluid and solid domains, a set of coupling conditions are applied at
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the interface. There are two types of coupling conditions; the kinematic and the traction
(dynamic) conditions. The kinematic condition is related to the motion where the fluid and the
structure must have the same velocity at the interface surface while the traction condition
satisfies the force balance and insures that the fluid and solid are in local equilibrium.
Due to the difference in the accuracy requirements for the fluid and the structural
simulations, there are different surface discretizations used. Usually, the fluid domain requires a
finer mesh comparing with the solid domain in order to capture the nonlinear features accurately.
This discretization difference causes mismatch of the mesh points at the interface surface. Due to
the existence of the mesh mismatch, there is a numerical approach to transfer the pressure values
on the mesh of the fluid domain to corresponding nodal forces on the solid domain and also for
the transfer of displacements of nodes at the solid domain to the corresponding perturbations on
the fluid domain. In order to ensure the consistency and the conservativeness of the load transfer
and the displacements transfer processes, the conservation of load and energy must be satisfied
where the sum of the nodal forces in the solid domain must be equal to the integral of the
pressure fields on the surface boundary in the fluid domain.
Regarding the numerical discretization, there are two approaches; the monolithic (fully coupled)
approach and the partitioned (staggered) approach. For the monolithic approach, the governing
equations of the fluid and solid are solved together and this requires a conformal mesh with
matching nodal positions between the fluid mesh and the solid mesh and also requires fully
integrated FSI solver. For the partitioned approach where the mesh can be non-conformal,
separate solvers can be used to solve the fluid and the solid phases, in sequential order. Also, for
the partitioned approach, there are two solution methods namely one-way coupling and two-way
coupling.
The one-way coupling was used in the current research because of the relatively small
deformation of the blades. In the one-way coupling method, the fluid pressure on the fluid
domain is transferred to the solid domain, but the displacements are not transferred back to the
fluid domain. For the data transfer of System Coupling in the current research, when
conservative quantities as mass and momentum are transferred, a method called General Grid
Interface is applied. This method calculates weights that make the transferred quantity conserved
locally. If all nodes are mapped correctly, the method is also globally conservative.
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4)CHAPTER 4: SELECTED CASE STUDY MODELING AND VALIDATION
4.1

Description of the Case Study
The NASA CC3 high speed centrifugal compressor was selected for this research on

rotating stall simulations because it has been involved in many previous experimental and
numerical studies [22, 23, 46,69-72]. Figure 4-1 (a) and Fig. 4-1 (b) show the cross section view
and the three dimensional view of the NASA CC3 compressor, respectively. It can be seen in
Fig. 4-1 that the compressor impeller is composed of 15 main blades and 15 splitter blades, while
the diffuser contains 24 vane island shaped passages. Table 4-1 summarizes the main dimensions
of the impeller and diffuser and the specification of the compressor design condition. At its best
efficiency point, the design conditions are 21,789 rpm rotational speed, and a mass flow rate of
4.54 kg/s, with a total to total pressure ratio of 4. McKain and Holbrook [73] reported the
complete design specifications of the NASA CC3 compressor, along with a vibration and
structural analysis of the compressor blades.
Diffuser

(a) Cross section view

Impeller

(b) 3-D view

Figure 4-1 NASA CC3 centrifugal compressor [74]
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4.2

Impeller
Diffuser
condition

Design operating

Compressor geometry

Table 4-1 NASA CC3 compressor specifications
Inlet tip diameter

210 mm

Exit tip diameter

431 mm

Number of main blades

15

Number of splitter blades

15

Tip clearance at impeller exit

0.2 mm

Shape

Vane Island

Inlet diameter

465.5 mm

Exit diameter

724 mm

Number of vanes

24

Pressure ratio (total to total)

4

Adiabatic efficiency (total to total)

83.30%

Rotational speed

21,789 rpm

Mass flow rate

4.54 kg/s

Numerical Modeling of the Case Study

4.2.1 CFD Models
There are two numerical models used to simulate the flow in the NASA CC3 compressor:
the first is the single passage model (Fig. 4-2) and the second is the full passage model (Fig. 4-3).
The single passage model was used only for the purposes of validating the numerical results with
measurements while the full passage model was used in all other simulations as rotating stall and
its control. The idea of the single passage model is to simulate part of the compressor volume to
save computational time, and it is composed of three parts: the inlet guide duct, the impeller, and
the diffuser, including the exit bend as shown in Fig. 4-2. This model was used in the steady state
simulations where the flow distribution does not change from one passage to another. The full
annulus model contains the same three main parts as the single passage model does, but also
includes the whole compressor volume as indicated in Fig. 4-3. The full annulus model was used
in the unsteady simulations in order to capture the flow variations accurately.
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Figure 4-2 The single passage numerical model

Y-direction
Bend

Full impeller
blade
Splitter
impeller
blade

X-direction
Axial
direction

Diffuser

Figure 4-3 The full annulus numerical model

There are many boundary condition types available for the numerical simulations at the
flow inlet and outlet, like velocity inlet, mass flow rate, pressure inlet, outlet flow and pressure
exit boundary conditions. Some of these boundary conditions are not suitable for high speed
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compressible flow. For example, in the velocity inlet boundary condition, the density and
velocity have fixed values at the inlet and this causes error in the compressible flow simulation.
Another example is the mass flow rate boundary condition, which does not provide the required
accurate pressure distribution. For the purposes of obtaining a fixed pressure ratio between inlet
and outlet, the pressure inlet boundary condition was assumed at the compressor inlet and the
pressure outlet boundary condition was used at the compressor exit. In this way, by fixing the
pressure values at inlet and outlet, the solution converges to the corresponding flow rate. The
total pressure of 101,325 pa and total temperature of 288 K with a turbulence intensity of 10%
were specified as inlet conditions according to the available data and measurements [73]. The
static pressure was specified at the exit boundary with a value depending on the simulated
operating condition. For the air injection simulations, the mass flow rate boundary condition was
used at the injection inlet locations in order to have the ability to enter the injection flow rate
with a specific injection angle.
The sliding mesh was used, as explained in Chapter 3, to simulate the interaction between
the rotating zones, including the impeller, and the stationary zones, including the diffuser,
through interface surfaces.

4.2.2 Structural Model
The numerical model used for the structural analysis represents the impeller solid volume
(Fig. 4-4). The global algorithm mapping method was implemented in order to transfer stresses
from the fluid domain to the structural domain [75].

Figure 4-4 The structural model
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At some locations, there is a gap between the two meshes; in this case, the node on the
fluid mesh is mapped to the closest element on the structural mesh. Figure 4-5 (a) shows that for
the node N1, there are two facing elements e1 and e2; this node is mapped to the element e1
because the distance d1 is less than the distance d2, and this means that the selection criteria is
based on minimizing the mapping transfer distance in the gap between the two meshes. In the
case that there is any misalignment between the interface edges, the mapping is done by selecting
the closest node as shown in Fig. 4-5 (b).

(a) Node mapping according to the
closest distance to the facing
elements

(b) Node is mapped to the closest facing node
for the case of misaligned edges

Figure 4-5 Global mapping method [75]
The zero displacement boundary condition was applied at a specific location on the shaft
near the inlet. The same boundary condition was also applied at another location on the shaft
near the exit; however, at this location, the displacement in the axial direction is left free to
simulate a sliding joint. The above boundary conditions matched those used for the NASA model
and, therefore, the results were used for verification and validation of the current model [73].

4.2.3

Meshing Analysis
The mesh sensitivity analysis was performed by comparing the results of the numerical

model when using various mesh sizes. The total number of mesh elements in this comparison
ranges from 5 million to 15 million cells. This variety in the total number of mesh elements was
achieved by changing the size of the smallest mesh element and the growth rate of the mesh at
different locations. The following findings present the comparison between the results of three
mesh set levels; the first level represents the coarse mesh with 5 million cells, while the second
and third levels represent mesh with 10 and 15 million cells, respectively. Figure 4-6 (a) shows
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the pressure variation along the axial direction at the mid of the span length for the three mesh
levels with the calculation of the extrapolation curve which was obtained using the method of
Richardson [76]. Figure 4-6 (b) indicates the variation of the pressure in the case of mesh with 15
million cells, and presents the error bars which represent the GCI values. The error values range
between 0.65% and 2.3%. These error values are relatively low and indicate that the 15 million
cell level is sufficient for performing the simulations with high accuracy.

(a) For three different mesh cases and for the
calculated extrapolation curve.

(b) For the fine mesh case clarified with error
bars.

Figure 4-6 Pressure variation at the mid span with the axial direction (z)

The ratio between the time step and the size of the grid was altered in order to test the
temporal accuracy. For the unsteady simulations, the time step used was 6x10-6 second because it
was found that the solution convergence can be achieved within only 20 iterations per time step,
by using this time step value. Also, the CFL number was varied for the selected time step in
order to study its effect on the solution stability. Figure 4-7 indicates the mass flow rate variation
with the number of iterations for three different values of the CFL number. The CFL number and
time step have a direct effect on the solution convergence. It may be concluded from Fig. 4-7
that the smallest fluctuations and the fastest convergence rate happen for the case where CFL
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equals 3. The convergence is reached after nearly 30,000 iterations at the compressor design
operating condition corresponding to a rotational speed of 21,789 rpm and a pressure ratio of 4.

Figure 4-7 Mass flow rate convergence for different CFL values

The air injection method was used in this research to control stall; in this method, the air
is injected at certain points in the vaneless region as explained in the results chapter. The mesh at
the vaneless region was constructed by taking into consideration the mesh quality at the injection
locations. Each injection hole has a diameter of 2 mm and the mesh at this hole has a starting size
of 0.2 mm and increases gradually with a growth rate of 1.1 (Fig. 4-8).

Starting mesh
size of 0.2
mm with
mesh growth
rate of 1.1

30◦
R = 0.234 m

Air injection hole
diameter = 2 mm

Figure 4-8 Meshing at the vaneless region
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The mesh was constructed in a way that it is fine enough at the areas of small gaps, as in
the tip clearance region, in order to obtain accurate simulation of the flow movement above the
blade tips. The tip clearance value is 0.2 mm, and the starting mesh size used is 0.05 mm,
representing the thickness of the first mesh layer at the shroud surface. A mesh growth rate of 1.1
was applied in order to increase the mesh size as it moves away from the shroud surface. The
mesh was also refined at the blade surface and at the leading and trailing edges of the impeller
blades for better prediction of velocity gradients at these surfaces. Figure 4-9 shows the final
mesh generated for the CFD numerical model with a total number of mesh elements of 15
million cells. On the other hand, for the meshing of the mechanical numerical model, several
trials were performed to optimize the mesh quality by monitoring the mapped variables from the
CFD mesh. The final mechanical model mesh is about 2 million cells as indicated in Fig. 4-10.

Figure 4-9 Meshing of the CFD model

Figure 4-10 Meshing of the mechanical model
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4.3

Validation of the Numerical Model
Different operating conditions were simulated in order to form the pressure and

efficiency maps of the compressor at 70%, 80%, 90% and 100% of the compressor design speed.
Figure 4-11 (a) and Fig. 4-11 (b) show the pressure map and the efficiency map respectively for
the numerical model results plotted with measurements done by Skoch [69]. The numerical
model provided correct predictions of the pressure and efficiency curve trends at different
speeds. There is a relatively small error between measurements and numerical results in the
range of 2% to 5%.
All simulations were done using a high speed computer with parallel processing (16
cores, 2.1 GHZ, 96 GB Memory). For the steady state simulations using the single passage
model, the complete solution converged after 30,000 to 40,000 iterations using the time step of
6x10-6 second, with a total computational CPU time of nearly 40 hours for each simulation case.

(a) Pressure map

(b) Efficiency map

Figure 4-11 Compressor pressure and efficiency maps (numerical results versus
measurements [69])

The numerical accuracy was also verified by comparing the pressure and Mach number
contours at blades surfaces at the design operating condition of the presented numerical model
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with those from a previous numerical study [75] as indicated in Fig. 4-12. The pressure
distribution of the current numerical model (Fig. 4-12 (a)) is close to the pressure distribution
found in the previous study (Fig. 4-12 (b)) because the values and locations of the minimum and
maximum pressure regions are similar for both models. The Mach number contours from the
previous study (Fig. 4-12 (d)) have slightly higher values at the inlet tip compared to the present
numerical model results (Fig. 4-12 (c)) but the main variations along the span length are the
same for the two models.

(a) Pressure contours [for the (b) Pressure contours [for a
current numerical study]

previous numerical study]

(c) Mach contours [for the

(d) Mach contours [for a

current numerical study]

previous numerical study]

Figure 4-12 Pressure and Mach number contours for the current model results and for
previous CFD model results [75]

Figure 4-13 indicates the average velocity variation with the percentage meridional
length for the numerical model results and also for previous measurements [73]. It may be
concluded from Fig. 4-13 that there is a good match between the two curves in terms of the
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slope, except for a small margin between 30% and 40% of the meridional distance where the
numerical results curve has lower values.

Figure 4-13 Mean velocity variation with the % meridional distance (numerical results
versus measurements [73])

It is also important to check the accuracy of velocity distribution from hub to tip. The
most complicated flow variations occur at the vaneless region especially near the shroud surface.
Figure 4-14 shows the distribution of the velocity relative to the tip value from hub to tip at a
point inside the vaneless region at a radius ratio of 1.1 for the numerical model results and for
measurements [69].

Figure 4-14 Velocity profile from hub to tip at the vaneless region at radius ratio of 1.1
(numerical results versus measurements [69])
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It may be noted from Fig. 4-14 that the numerical model successfully predicted the
velocity profile along the span length with high accuracy. Figure 4-15 shows the variation of the
static pressure normalized by the total inlet pressure, with the normalized meridional chord at the
impeller tip for the blade suction and pressure surfaces. The pressure variation shown in Fig. 415 is for the numerical model results compared with measurements [77]. It may be concluded
from Fig. 4-15 that the blade pressure side curve predicted by the numerical model matches the
measurements accurately with a small deviation at the leading and trailing edge points only.
There is also a relatively small error between the numerical results and measurements at the midrange of the suction side curve, but in general, the blade loading curves were predicted correctly
with a maximum relative error of 5 %.

Figure 4-15 Normalized pressure variation with the normalized meridional distance at the
impeller tip (numerical results versus measurements [77])

Validation for the flow in the unsteady case was performed in order to ensure the
accuracy of the CFD code for predicting transient flow variations. Figures 4-16 (a) and 4-16 (b)
show the surge cycle for measurements [72] and for the numerical model results of this study,
respectively. When comparing one of the measured surge cycles shown in Fig.4-16 (a) to that in
Fig.4-16 (b), there are some fluctuations in the beginning with nearly constant amplitude and at
some time the pressure turns up to approximately 400 kpa and then decreases sharply.
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Point B
Point C
Point A

(a) Surge cycle curve [measurements]

(b) Surge cycle [numerical results]

(c) Point A [measurements]

(d) Point A [CFD results]

(e) Point B [measurements]

(f) Point B [CFD results]

(g) Point C [measurements]

(h) Point C [CFD results]

Figure 4-16 Velocity at the diffuser different times of the surge cycle (numerical results
versus measurements [72]
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The numerical results are close to the measurements especially for the surge cycle time
interval and the fluctuations amplitude. Figure 4-16 ((c) to (h)) shows the velocity distribution
enhanced with velocity vectors inside the diffuser at four different points, as clarified on the
surge cycle diagram for the numerical results of this study versus experimental results of
reference [72]. At the steady state condition (Point A), the comparison between Fig.4-16 (c) and
Fig.4-16 (d) indicates that the flow enters the diffuser with a maximum velocity value around
375 m/s, and the flow distribution for the CFD results is consistent with the measurements. At
the maximum pressure point of the surge cycle (Point B), the CFD results (Fig.4-16 (f)) confirm
the measurements (Fig.4-16 (e)), revealing that there is a reversed flow inside the diffuser with a
maximum velocity of 225 m/s at the diffuser throat. Finally, at the minimum pressure value
(Point C), the measurements (Figure 4-16 (g)) show that a small portion of the flow domain with
a corrected flow direction appears at the diffuser throat, while the CFD results (Figure 4-16 (h))
confirm this finding but with a wider corrected flow region. It may be concluded from Figure 416 that CFD modeling can capture the unsteady flow variations during surge accurately.
One of the most important parameters needed for the validation of the mechanical model
is the stress distribution. Figure 4-17 (a to c) shows the maximum principal stress at the full
blade pressure surface, the equivalent stress at the full blade pressure surface, and the equivalent
stress at the splitter blade pressure surface, for the results of the currently presented numerical
model. Figure 4-17 (d to f) indicates the same parameters as Figure4-17 (a to c), but for the
numerical model results done by NASA [73]. By comparing Figure 4-17 (d) with Figure 4-17
(a), the currently presented numerical model results agree with the NASA model results that
there are two regions with high stresses within the range from 27 KSI to 31 KSI at the hub and
shroud surfaces close to the impeller exit, and the location with the minimum amount of stress is
at the blade inlet. The equivalent stress distribution shown in Fig. 4-17 (e) demonstrates that the
region of low stress at the blade tip inlet is expanded for a large area and the maximum stress
appears at two areas with a value of 30 KSI; these results are very close to those shown in Fig. 417 (b). Figure 4-17 (f) indicates that the maximum stress regions are enlarged compared with
those in Fig. 4-17 (e) and the minimum stress region is localized to a relatively smaller region;
this result is confirmed by the NASA model results shown in Fig. 4-17 (c).
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(a) Maximum principal stress at the full

(b) Equivalent stress at the full blade

(c) Equivalent stress at the splitter blade

blade pressure surface (for NASA results

pressure surface (for NASA results [73])

pressure surface (for NASA results [73])

[73])

PSI
PSI

PSI

(d) Maximum principal stress at the full

(e) Equivalent stress at the full blade

(f) Equivalent stress at the splitter blade

blade pressure surface (for the presented

pressure surface (for the presented

pressure surface (for the presented

numerical model results)

numerical model results)

numerical model results)

Figure 4-17 Stress distribution at impeller blade surface (The presented numerical model
results compared with the NASA numerical model results [73])
The deflection of the blades was computed in the axial direction as presented in Fig. 418. The most critical point is at the blade tip exit, where the axial deflection is - 0.014 inch
according to the numerical model results, while the corresponding value for the NASA model
results is - 0.01463 inch. This point at the blade tip exit is critical because it is the closest point to
the shroud surface compared to any other point on the blade tip surface [73]. This result may be
considered as a validation for the deflection calculations.
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The most critical point (at the blade tip exit)
in terms of its closeness to the casing

+ve axial direction

Figure 4-18 Axial deflection (for the presented numerical model results)
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5)CHAPTER 5: RESULTS AND DISCUSSION

5.1

Rotating Stall Simulation for the Compressor with a Vaned Diffuser

5.1.1

Overall View of Stall Characteristics
The development of stall in the early stage of surge may be viewed in the form of main

characteristics of the stall phenomenon. Due to weakness of the inlet axial flow velocity,
separation occurs early, causing turbulence and vortices in the impeller passages as shown in Fig.
5-1, in which the velocity vectors are presented at a plane close to the impeller blades tip during
the stall process. This early separation can be seen in the magnified view in Fig. 5-1, where the
flow separation appears at the impeller’s leading edge, followed by a stalled region.

Early separation causing vortex formation

Figure 5-1 Velocity vectors near impeller shroud during stall

The first main characteristic of the stall phenomenon is the occurrence of the tip leakage
flow at which the fluid moves from blade pressure side to blade suction side across the clearance
between the blade tip and the shroud, causing disturbance in the flow in the affected passage
(Fig. 5-2).
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Figure 5-2 Velocity vectors showing tip leakage flow

The second main characteristic of the stall phenomenon is the back flow impingement
when the fluid at the rotor exit is turning back from one passage to another through the vaneless
region instead of transferring into the diffuser, and this causes fluid velocity deviation at the
impeller exit as shown in Fig. 5-3.

Figure 5-3 Velocity vectors showing back flow impingement at impeller exit during stall

The velocity deviation at the impeller exit causes diffuser blockage or failure of the fluid
to enter the diffuser at the designed vane angle; and this causes the formation of very low
velocity regions at the diffuser entrance, which can develop over time to form a back flow: this is
considered the sign of the beginning of a surge. Figure 5-4 shows the velocity contours near the
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diffuser shroud surface during stall, and it is clear that there are some diffuser passages with very
low velocity values. It is also shown in Fig. 5-4 the velocity vectors at part of the compressor
(the area inside the rectangle); and the velocity vectors indicate the formation of back flow,
which explains the low velocity values at this area.

Velocity vectors show formation of back flow

Figure 5-4 Velocity contours near diffuser shroud surface during stall

5.1.2

Tip Leakage Flow Variation With Time
The path lines are the trajectories of flow particles starting from the inlet through the

impeller and diffuser. Figures 5-5 (a) to 5-5 (d) show path lines colored by velocity magnitude at
different times (2, 4, 7 revolutions)at a condition near surge (reference time = 0). The path lines
are slightly disturbed from the ideal path and there are no odd flow patterns in the vaneless
region or in the diffuser (Fig. 5-5 (a)).

46

m/s

Appearance of tip leakage

(a) At the beginning of stall (reference time=0)

(b) After 2 revolutions

Flow direction
deviation causes
diffuser blockage

Tip leakage flow increases

Appearance of
vortex flow

(c) After 4 revolutions

(d) After 7 revolutions

Figure 5-5 Path lines near shroud surface at different time frames
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Figure 5-5 (b) indicates that there are some path lines crossing the impeller blades
through the tip clearance and concentrated near the impeller exit, indicating the initiation of the
tip leakage flow.
Figure 5-5 (c) shows that the number of path lines crossing the tip is increasing and
starting to appear at lower radii, and are not only appearing near the impeller exit. The increase
in the tip leakage flow is developed because the impeller passages are partially blocked at the
impeller exit. The worst case scenario is the occurrence of reversed flow (Fig. 5-5 (d)), where the
flow in the vaneless region is very weak and the flow angle at the diffuser entrance is very high,
so the fluid is turned back towards the impeller blades; this is considered to be the beginning of
the surge cycle. Figure 5-5 (d) also shows the formation of vortices in some passages close to the
vaneless region.
Figure 5-6 describes velocity vectors at five planes perpendicular to flow direction in the
impeller at times corresponding to 4 and 7 revolutions from the reference time stated previously
at an operating condition near to surge line.

m/s

(a) After 4 revolutions from the reference time

(b) After 7 revolutions from the reference time

Figure 5-6 Velocity vectors at different planes through the impeller at an instant of time
during stall

The tip leakage vortex occurs because of the tip leakage flow interaction with the
incoming radial inward flow as seen in Fig. 5-6 (a) at some passages near the exit. Also, the tip
leakage vortex develops at the splitters inlet as shown in Fig. 5-6 (b). As the tip leakage flow
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increases and the axial flow velocity component decreases, the tip leakage vortex starts to appear
earlier in the impeller near inlet, while the tip leakage vortex near the exit becomes larger. It can
be concluded that there are two vortices, one is perpendicular to the flow direction (the tip
leakage vortex), and the other is at a plane parallel and close to the impeller shroud.
5.1.3

Rotating Stall Effects on the Compressor Blades
During the stall process, the velocity and pressure distributions vary with time, especially

near the shroud surface where the stall cells initiated. Figure 5-7 indicates the pressure
distribution at a plane of 95% of the span length at different time frames, starting from the
reference time at which stall is initiated and after 3, 5, 7 and 9 rotor revolutions from the
reference time. It may be noted that pressure distribution is normal at the reference time with a
pressure ratio of 4:1, but after 3 revolutions, pressure distribution changes at the vaneless region
between the impeller and the diffuser and this can be related to the velocity disturbances. After 5
revolutions, some localized high pressure regions appear at the vaneless region; this is because
the fluid is impacting the impeller blades. These high pressure regions increase in size and
number, which can be seen after 7 and 9 revolutions.

At the reference
time

After 3
revolutions

After 5
revolutions

After 7
revolutions

After 9
revolutions

Figure 5-7 Pressure development during stall
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When the stall starts, there are pressure and velocity fluctuations at some places in the
compressor, especially near the shroud surface; these fluctuations continue and may increase
with time to cause surge. Figure 5-8 shows the fluid stream lines at 95% of the span length
through the impeller and diffuser, starting from the stall inception condition up to the condition
after surge initiation. It can be noted from Fig. 5-8 that the stream lines are normally distributed
with little disturbances at the diffuser exit and the vaneless region when the stall initiates. After 5
rotor revolutions from the beginning of stall, flow separations start to appear at the impeller
blades’ leading edge and the fluid deviates from the ideal flow path. After 7 rotor revolutions
from stall initiation, separations are seen in most of the impeller passages. Furthermore, the
stream lines in the vaneless region deviate toward the tangential direction, and there is back flow
in some of the diffuser passages. The beginning of surge is considered to occur after 9 rotor
revolutions because the number of diffuser passages with back flow increases, and there is a
complete breakdown of flow distribution with complete back flow within 2 rotor revolutions
from the beginning of surge.

At the reference
time
(stall initiation)

After 5
revolutions

After 7
revolutions

After 9
revolutions
(start of surge)

After 11
revolutions

Figure 5-8 Stream lines distribution during stall and surge at location near shroud surface
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Pressure fluctuations during stall can be expressed in the form of forces. Figure 5-9
shows the variation of the force acting on the impeller blades in the axial direction with time
during stall and surge.

Figure 5-9 Variation of the force affecting impeller blades with time during surge

There are three curves indicating: the force on the tip of the blades, the force on blades
suction and pressure surfaces, and finally, the total force which equals the summation of the
forces of the other two curves. It can be concluded from Fig. 5-9 that the total force is increasing
up to double of its initial value. Meanwhile the force acting on the blade tips increases by 1.5
times its initial value during the surge event, and this increase in force is followed by another
decrease as a part of the surge cycle which can be repeated with time; this means that the blades
may be damaged due to this strong variation in force.

5.1.4

The Most Affected Region by Rotating Stall
It is important to monitor the flow at the tip clearance, because this provides an indication

of the strength of the tip leakage flow. Five points located at the tip clearance gap above the
impeller blade tips were selected in order to monitor the dynamic pressure as shown in Fig. 5-10.
Figure 5-11 illustrates the dynamic pressure variation with the number of time steps during stall
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at the five points selected and listed in Fig. 5-10, where the time step used in the simulations is
2x10-6 second. It can be noted from Fig. 5-11 that for all pressure signals, there are fluctuations
with time, and that the amplitude of fluctuations varies from one point to another because there is
a different pressure distribution for each point according to its location. The fluctuations at all
points at a specific time point begin to increase suddenly and this is an indication of stall
inception. Signals at points 1 and 2 have very large variations compared to other points. This
means that the tip leakage flow at points 1 and 2 or at the impeller blade tips’ trailing edge is
stronger compared to other locations; this also indicates that the problem of stall originates in the
vaneless region between the impeller exit and the diffuser inlet.

Figure 5-10 Location of the numerical monitor points at the tip clearance gap

Figure 5-11 Dynamic pressure variation with time at points in the tip clearance gap

52

Based on the results shown in Fig. 5-11, the vanless region may be the reason for the high
pressure fluctuations at the impeller exit; so, a point was selected in the vaneless region to
monitor the pressure variation with time, as shown in Fig. 5-12. It may be seen from Fig. 5-12
that the pressure fluctuations develop with time from 250000 Pa to 450000 Pa, and then decrease
again to 350000 Pa. This is a part of the surge cycle when the back flow appears at the maximum
pressure value in the curve, and this cycle is supposed to be repeated during surge. Figure 5-12
also illustrates velocity vectors for a part of the vaneless region at three moments: before stall
initiation, during stall, and during surge. The velocity vectors before stall initiation are uniform
without any deviation, but during stall, velocity vectors start to turn from some diffuser passages
to the impeller. During surge, the velocity vectors show that there is a complete back flow from

Pressure (pa)

the diffuser to the impeller.

Number of time steps

Figure 5-12 Pressure variation with time during stall and surge for a point in the vaneless
region
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During the solution of the operating condition near the surge, the pressure values at the
vaneless region between the impeller and diffuser were monitored over time for the pressure
fluctuations. Figure 5-13 indicates the pressure values with time (in rotor revolutions) at 12
locations at the vaneless region, and it can be noted that the pressure fluctuates at a small
amplitude for some time, and then the amplitude grows gradually over time until it reaches a
moment at which pressure starts to fluctuate sharply; this sharp pressure fluctuation indicates that

Pressure at 12 annular positions

the rotating stall begins at this time and then develops.

Time (rotor revolutions)
Figure 5-13 Pressure monitoring with time at the vaneless region

5.2

Rotating Stall Simulation for a Compressor with a Vaneless Diffuser and its

Comparison to a Compressor with a Vaned Diffuser
The numerical model of the compressor with a vaneless diffuser is composed of three
main sections: the inlet pipe with a bell mouth attached to its exit, the impeller and the vaneless
diffuser with impeller hub cavity, followed by a shaft seal as shown in Fig. 5-14. The straight
pipe section, with a length of 1.5 m, was added at the inlet to ensure that the flow is fully
developed at the impeller inlet. Also, there is a radial to axial bend added after the vaneless
diffuser section in order to redirect the flow in the axial direction. The axial part of the bend was
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extended to be longer than its actual size to reduce the effect of the outlet boundary condition on
the flow distribution inside the vaneless diffuser.

Splitter
Blade

Full
Blade

Figure 5-14 The numerical model for the compressor with a vaneless diffuser

The results compare a compressor with a vaneless diffuser and a compressor with a vaned
diffuser, at design condition close to surge, and at surge condition. For the time averaged results
section, the sampling time was chosen to be between 0.025 sec and 0.11 sec, which is equivalent
to 18 rotor revolutions from the start of the sampling at time, 0.025 sec. The reason for this
choice is to ensure the convergence of the solution before sampling.
There are several operating conditions used in the simulations in order to test the
compressor in a range of conditions, from its design condition to surge. Figure 5-15 shows the
location of six different operating conditions: three of the conditions are for the vaneless diffuser
case and the other three are for the vaned diffuser case. Operating conditions 1, 2, 3 represent the
design condition, close to surge and at surge for the vaneless diffuser case, while the operating
conditions 4, 5, 6 represent the design condition, close to surge and at surge for the vaned
diffuser case.
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Figure 5-15 Description of the operating conditions used for the simulations of the vaneless
and the vaned diffuser cases

5.2.1

Monitoring the Fluctuating Parameters During Surge

(a) Mass flow rate monitoring
Mass flow rate monitoring can indicate the degree of flow unsteadiness and reversed flow
in the case of stall development. The mass flow rate averaged over the area at the diffuser exit
was monitored overtime near surge condition as shown in Fig. 5-16. For the vaneless diffuser
case shown in Fig. 5-16 (a), there are strong fluctuations with high amplitudes, and after some
time the averaged mass flow rate value changes rapidly, with smaller fluctuations. On the other
hand, for the vaned diffuser case shown in Fig. 5-16 (b), similar behaviorappears but with
amplitudes lower than those for the vaneless diffuser case; furthermore, each pulse takes more
time relative to the vaneless diffuser case. For the vaneless diffuser case, there is no guide for the
flow motion at the diffuser as the flow is not forced to move in a specific path; so, the flow
moves randomly at the diffuser exit and this random motion results in the rapid mass flow rate
fluctuations that occur during stall. For the vaned diffuser case, during stall, there are some
diffuser passages affected by stall in the vaneless region, and also, there are some passages not
affected by stall. The flow direction at the diffuser exit from all passages is not the same in the
circumferential direction and there is a weak flow at the affected passages only; therefore, the
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mass flow rate fluctuations are relatively small because of the localized reversed flow at the

Mass flow rate (lbm/sec)

Mass flow rate (lbm/sec)

affected diffuser passages during stall.

Time (rotor revolutions)

Time (rotor revolutions)

(a) For the vaneless diffuser case at the operating
point 2

(b) For the vaned diffuser case at the operating
point 5

Figure 5-16 Area weighted average of the mass flow rate at compressor exit near surge
condition for the vaneless and vaned diffuser cases

(b) Static pressure monitoring at the area between the impeller and the diffuser
The stall initiates inside the impeller due to the formation of the secondary flow and the
tip leakage flow, however stall development begins at the diffuser entrance. The chance of stall
development occurs at the vaneless region between the impeller and diffuser for the vaned
diffuser case, and at any position in the diffuser close to the impeller exit for the vaneless
diffuser case. For this reason, it is very important to study the pressure variation of the flow after
it leaves the impeller. Static pressure was monitored with time at a location with a radius ratio of
1.1 near the surge condition, as shown in Fig. 5-17, in order to identify the characteristics of the
stage before surge. For the vaneless diffuser case, the pressure decreases gradually from 305 kpa
to 20 kpa, accompanied with high pressure fluctuations. For the vaned diffuser case, the pressure
varies periodically around an average value of 325 kpa for some time, then drops suddenly to
100 kpa, and then begins to rise again gradually. These pressure fluctuations are part of the surge
cycle which repeats continuously during surge.
Figure 5-18 illustrates the pressure surge cycle for the vaned diffuser case according to
the measurements [72]. The numerical results described in Fig. 5-17 (b) are consistent with the
measurements shown in Fig. 5-18. The dotted rectangle shown in Fig. 5-18 highlights one of the
surge cycles obtained experimentally and it is clear that the pressure curve from numerical
results in Fig. 5-17 (b) has nearly the same trend as measurements, except for the moment before
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the appearance of the pressure drop, where the pressure does not quite reach the 400 kpa level
but reaches 380 kpa instead. There is a very interesting difference between the pressure variation
during stall for the vaned and vaneless diffuser cases. The main difference is that the pressure
decreases gradually with time during stall for the vaneless diffuser case, but decreases suddenly
and sharply for the vaned diffuser case, and this is due to the differences in the way the stall cells
develop for the two cases. During stall for the case of the vaned diffuser, the flow leaves the
impeller with an angle that deviates from the design angle, and then the flow passes through the
vaneless region and at some locations, the flow fails to enter the diffuser passages, causing stall
cells to be formed at these locations. After some time, some stall cells merge to form a large stall
cell, causing a weak flow inside a large number of diffuser passages; at this moment, the
reversed flow at the diffuser exit appears as part of a surge cycle with a sharp rise and drop of the
pressure value for the case of the vaned diffuser. When stall occurs in the case of the vaneless
diffuser, there is a kind of symmetry of pressure values in the tangential direction when the
stagnant flow begins to appear; the flow is not guided by vanes as in the vaned diffuser case.
This can explain the gradual pressure drop at the beginning of the surge cycle for the case of the

Static pressure (Kpa)

Static pressure (Kpa)

vaneless diffuser, as stall develops more uniformly than in the case of the vaned diffuser.

Time (rotor revolutions)

Time (rotor revolutions)

(a) For the vaneless diffuser case at the operating
point 2

(b) For the vaned diffuser case at the operating
point 5

Figure 5-17 Static pressure at radius ratio of 1.1 near surge condition for the vaneless and
vaned diffuser cases
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Part of the surge cycle is in a
good match with the results
shown in Fig. 5-17 (b).

Figure 5-18 Pressure surge cycle for the vaned diffuser case according to measurements
[72]

(c) Dynamic pressure monitoring at the area between the impeller and the diffuser
The dynamic pressure was also monitored with time as shown in Fig. 5-19 and the
spectral analysis of the dynamic pressure signal is indicated in Fig. 5-20. It may be noted that the
pressure fluctuations in the case of the vaneless diffuser (Fig. 5-19 (a)) are similar to those for
the vaned diffuser case (Fig. 5-19 (b)) but the number of pulses in the case of vaneless diffuser is
larger in the same time frame. The spectral analysis of the vaneless diffuser case (Fig. 5-20 (a))
shows that there are 2 major peaks and several minor peaks while the spectral analysis of the
vaned diffuser case (Fig. 5-20 (b)) indicates that there are more than 2 major peaks and with
higher magnitude values. This means that the impact of the dynamic fluctuations in the case of
the vaned diffuser is stronger than the impact of the dynamic fluctuations for the vaneless
diffuser case, because as the number of frequency pulses increases, this indicates that stall cells

Dynamic pressure
(Kpa)

Dynamic pressure
(Kpa)

are formed and are moving with a specific speed.

Time (rotor revolutions)

Time (rotor revolutions)

(a) Vaneless diffuser case at the operating point 2

(b) Vaned diffuser case at the operating point 5

Figure 5-19 Dynamic pressure at radius ratio of 1.1 near surge condition for the vaneless
and vaned diffuser cases
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Magnite (Pa)

Magnite (Pa)

Frequency (Hz)

Frequency (Hz)

(a) Vaneless diffuser case

(b) Vaned diffuser case

Figure 5-20 Spectral analysis of the convergence history of the dynamic pressure at radius
ratio of 1.1 near surge condition for the vaneless and vaned diffuser cases

5.2.2

Velocity Contours Comparison
It is also important to study the velocity variation near the impeller entrance as this can

indicate the degree of severity of the stalled area formed at the impeller shroud during stall.
Figure 5-21 shows the normalized axial velocity contours at a plane located upstream of the
impeller inlet for the vaneless and vaned diffuser cases at three different operating conditions:
design, near surge, and at surge. The axial velocity is normalized by relating it to the tip velocity
at the impeller exit.
For the vaneless diffuser case, it may be noted from Fig. 5-21 (a) that the velocity
distribution is nearly uniform without stall cells at the design condition. At the near surge
condition, the velocity decreases in the radial direction from the hub surface towards the shroud
surface, as shown in Fig. 5-21 (b). Also, near surge, there is a very low velocity region formed
near the shroud surface and there are some small areas with negative values. Figure 5-21 (c)
indicates the situation at surge, in which the low velocity area is increased and the overall axial
velocity values are decreased compared to the results of the near surge condition.
For the vaned diffuser case, the velocity distribution is uniform at the design condition
except for a very small area with a slightly lower velocity value as shown in Fig. 5-21 (d). When
the compressor operates near surge, some stall areas are formed randomly with different sizes
and intensities and they are localized close to the shroud surface, as illustrated in Fig. 5-21 (e).
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Figure 5-21 (f) indicates that at surge, the stall areas that appeared earlier are merged, forming
larger areas, and these areas extend from the shroud surface toward the hub surface.
It may be noted from this comparison that in the case of a compressor with a vaneless
diffuser, the stall cells appear near the shroud surface in the form of one continuous layer
developing overtime. On the other hand, for the vaned diffuser case, the stall cells appear at
random locations and some of them merge together causing the stall area to enlarge and reach the
hub surface.

For the vaneless diffuser case

For the vaned diffuser case

(a) At design condition
(operating point 1)

(d) At design condition
(operating point 4)

(b) Near surge
(operating point 2)

(e) Near surge
(operating point 5)

va/Utip exit
(c) At surge
(operating point 3)

va/Utip exit

(f) At surge
(operating point 6)

Figure 5-21 Axial velocity contours upstream the impeller inlet at different operating
conditions for the vaneless and the vaned diffuser cases
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5.2.3

Pressure Contours Comparison
In order to demonstrate the degree of unsteadiness during stall, the Root Mean Square

(RMS) of the static pressure at the impeller blades and hub surfaces are shown in Fig. 5-22 for
the vaneless and the vaned diffuser cases at the design, near surge and at surge conditions. The
higher values of pressure indicate higher unsteadiness or relatively stronger change overtime.

For the vaneless diffuser case

For the vaned diffuser case

(a) At design condition
(operating point 1)

(d) At design condition
(operating point 4)

(b) Near surge
(operating point 2)

(e) Near surge
(operating point 5)

(c) At surge
(operating point 3)

(f) At surge
(operating point 6)

bar

Figure 5-22 RMS of the static pressure at the impeller hub and blades surfaces at different
operating conditions for the vaneless and the vaned diffuser cases.
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For the vaneless diffuser case, the high pressure values are concentrated at the impeller
blades’ leading edge, and at the blade tips at the design condition as shown in Fig. 5-22 (a). Near
surge, the areas of high pressure values are increased, especially at the blade tips near the inlet
and exit of the impeller, as indicated in Fig. 5-22 (b). At surge, the area most affected by pressure
fluctuations is the impeller exit; the pressure values are slightly higher than those for the near
surge condition, as seen in Fig. 5-22 (c).
For the vaned diffuser case, at the design operating condition, the pressure values are low
at most locations inside the impeller, except near the impeller exit, as shown in Fig. 5-22 (d).
Near surge, there are some impeller passages with high pressure values from inlet to exit while
there are also passages with relatively low pressure values, as indicated in Fig. 5-22 (e). Figure
5-22 (f) describes the strong pressure instability at the impeller tip exit area at surge condition,
with high pressure values formed at the splitter blades’ leading edge up to the impeller exit,
where the pressure values are maximized.
The comparison of pressure contours reveals that the maximum pressure fluctuations are
at the impeller tip exit, and that the pressure distribution is nearly symmetrical for the vaneless
diffuser case, while in the case of vaned diffuser, every passage has different pressure
distributions. This means that for both the vaned and vaneless cases the most critical location
regarding the deformation is at the impeller tip exit because the strong pressure fluctuations
cause high stresses on the blades. Consequently, the blade tips may deform inside the tip
clearance gap and approach the impeller shroud surface.

5.2.4

Velocity Vectors Comparison
Figure 5-23 describes the comparison of the velocity vectors between the vaneless and

vaned diffuser cases at a plane located at 98% of the span length, when the compressor is
operating at surge condition. For the vaneless diffuser case, the flow inside the diffuser is nearly
tangential and turns back toward the impeller at some locations; there is also a very low velocity
region near the diffuser exit with stagnant areas, as seen in the left column of Fig. 5-23 in the
magnified images. Furthermore, the velocity distribution is identical at impeller exit for all
passages. For the vaned diffuser case, the magnified images in Fig. 5-23 in the right column
show that some impeller passages are exposed to back flow from the diffuser due to the failure of
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the flow to enter the diffuser, which is a result of weak flow and low velocity angle at the
impeller exit. Also, this back flow causes the stalling of the corresponding diffuser passages and
a completely stagnant flow appears inside these passages.

Vaneless diffuser case

Vaned diffuser case
Some diffuser passages are stalled

Very low velocity region with back flow

Flow direction is nearly tangential

Back flow at the diffuser throat

m/s

Figure 5-23 Velocity vectors at 98% of span for the vaneless and vaned diffuser cases
during surge

5.3

Air Injection Simulations
The full annulus model was used to simulate the compressor’s behavior during stall. The

simulations were performed at an operating condition outside the steady region of the
compressor map. Figure 5-24 shows the compressor map (the total pressure ratio versus mass
flow rate) with an indication of the selected point for simulations. For the speed curve of 21,789
rpm, which is the design speed for this compressor, there is a point at the end of this speed curve
to the left of the surge line corresponding to a mass flow rate of 4.1 kg/s. When the compressor
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works at a mass flow rate less than this value for the design speed line, the compressor is
exposed to stall. Therefore, a point was selected at the left of the surge line corresponding to a
mass flow rate of 3.8 kg/s in order to test the compressor behaviorat this point, with and without
injection, and at several angles and different injection mass flow rates. Since the numerical
model will not converge if we start directly at the point of stall, the model was used first for an
operational point close to the surge limit as shown in Fig. 5-24, and the obtained steady solution
was then used as an initial value to begin the simulation at the point of stall.

Figure 5-24 Location of the point selected for the air injection simulations

5.3.1

Description of the Location and Orientation of the Injected Air
In the vaneless region, there is no guide for the motion of the fluid after it leaves the

impeller. At low flow rates, there is a probability of reversed flow formation at the diffuser throat
due to the random flow motion at the vaneless area. For this reason, the injection of air was
selected to be in the vaneless region at the shroud surface in order to minimize the flow
disturbances caused by the tip leakage flow. The air was injected at twelve points through holes
each with a diameter of 2 mm, as shown in Fig. 5-25 (a). The selection of the number of injection
points and the diameter of injection holes for this compressor was based on recommendations
clarified in previous studies [22, 46]. The injected air was directed toward the diffuser with an
angle Ɵ measured from the tangential direction in the radial-tangential plane as indicated in Fig.
5-25 (b). Several values of Ɵ were selected as follows 0◦, 10◦, 20◦, 30◦, 40◦, 180◦. The injection at
Ɵ = 0◦ is known as the forward tangent injection while at Ɵ = 180◦, it is called the reverse tangent
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injection. The forward tangent injection can increase the stall margin with lower efficiency losses
compared to the reverse tangent injection [22]. Therefore, the Ɵ values of 10◦, 20◦, 30◦, 40◦ were
chosen in order to find the best injection angle in the range close to the forward injection angle.

Tangential
direction

Injection point

θ
Direction of
rotation

(a) Injection locations

Radial
direction

(b) Injection angle

Figure 5-25 Description of the injection locations and the injection angle

5.3.2 Clarification of the Air Injection Effect
The role of the air injection can be clarified by comparing flow behaviorbetween the case
with an injection and the case without an injection. Figures 5-26 (a) and 5-27 (a) show pressure
distribution and velocity vectors respectively near the shroud surface during the stall
development at a region affected by stall for the case without the use of injections; meanwhile,
figures 5-26 (b) and 5-27 (b) show the pressure distribution and velocity vectors respectively for
the same region for the case with an injection, at an angle of 20◦ and with a mass flow rate of
1.5%.
Figure 5-26 (a) shows that there is a high pressure region at the impeller exit (inside the
ellipse shown on the figure); this high pressure region is caused by the back flow coming from
the diffuser and impacting the blade as illustrated in Fig. 5-27 (a). The effect of an air injection is
clear: the disturbed flow at the vaneless region is corrected as shown in Fig. 5-26 (b) and the
velocity vectors’ direction is moved towards the diffuser passage; this leads to normal and
identical pressure distribution in the diffuser passages.
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(a) Without using injection

(b) With using injection at angle of 20◦

Figure 5-26 Pressure contours near the shroud surface

(a) Without using injection

(b) With using injection at angle of 20◦

Figure 5-27 Velocity vectors near the shroud surface

5.3.3

Comparison Between all Injection Cases
During stall, the fluid angle at the diffuser inlet is lower than the ideal value, and part of

the fluid returns back to the impeller instead of entering the diffuser. The number of diffuser
passages with reversed flow was taken as an indication of the degree of success of the air
injection to control stall. Figure 5-28 shows the total number of diffuser passages affected by
reversed flow during stall for all injection cases at the different injection angles and mass flow
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rates. It may be concluded from Fig. 5-28 that increasing the injection mass flow rate minimized
the total number of reversed flow locations for all injection angles except for Ɵ = 10◦ and Ɵ =
180◦. For the case of Ɵ = 10◦, there is no effect of increasing the injection mass flow rate because
in this case, the injected air is directed toward the diffuser’s leading edge point without direct
interaction with main flow entering the diffuser. For the case of Ɵ = 180◦, the reversed flow
problem worsened as the injection mass flow rate was increased because the injection is
administered against the fluid motion; therefore the fluid velocity is excessively decreased. In
general, the minimum number of reversed flow passages occurs with an injection angle of Ɵ =
30◦ especially at an injection rate of 1.5% of the design mass flow rate (ṁdesign) where the
reversed flow disappeared completely.

Figure 5-28 The number of diffuser passages with reversed flow for various angles of
injection and injection mass flow rates

Figure 5-29 shows the path lines of the injected air for various injection angles and for
the minimum and maximum injection mass flow rates at the section of the compressor most
affected by stall formation. It may be noted from Fig. 5-29 that all the cases with the minimum
injection mass flow rate (0.7% of ṁdesign) have some path lines not directed correctly through the
diffuser passage. The worst cases are Ɵ = 0◦, 10◦, 20◦ at an injection rate of 0.7% of ṁdesign,and
the case of Ɵ = 180◦ at an injection rate of 1.5% of ṁdesign ,because there are some path lines that
transfer tangentially and move randomly towards unexpected diffuser passages or return back to
the impeller.
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Θ = 0◦ at ṁ = 0.7%
ṁdesign

Θ = 0◦ at ṁ = 1.5%
ṁdesign

Θ = 10◦ at ṁ = 0.7%
ṁdesign

Θ = 10◦ at ṁ = 1.5%
ṁdesign

Θ = 20◦ at ṁ = 0.7%
ṁdesign

Θ = 20◦ at ṁ = 1.5%
ṁdesign

Θ = 30◦ at ṁ = 0.7%
ṁdesign

Θ = 30◦ at ṁ = 1.5%
ṁdesign

Θ = 40◦ at ṁ = 0.7%
ṁdesign

Θ = 40◦ at ṁ = 1.5%
ṁdesign

Θ= 180◦ at ṁ = 0.7%
ṁdesign

Θ= 180◦ at ṁ = 1.5%
ṁdesign

Figure 5-29 Flow path lines colored by Mach number value for various angles of injection
at the minimum and maximum injection mass flow rate used
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The deviated path line portions of the worst cases are shown inside the circles in Fig. 529. By increasing the injection mass flow rate to 1.5% of ṁdesign instead of 0.7%, the path lines’
directions are corrected, with slight variations, except for the case of an injection angle of 180◦.
For the case of injection at the angle of 180◦, the path lines’ directions are deteriorated and
shifted in the tangential direction at the injection rate of 1.5% of ṁdesign compared to the injection
rate of 0.7% of ṁdesign. This means that increasing the injection mass flow rate is not always
beneficial, especially when the injection direction is against the main flow direction. The most
successful injection method is at an angle of 30◦ with an injection mass flow rate of 1.5% of
ṁdesign because the path lines move through the middle of the diffuser passage without deviation
and without the formation of vortices. This means that the injected air in this case is able to
modify the fluid velocity and direction entering the diffuser to be close to the design
requirements. Based on the comparisons shown in Figures 5-28 and 5-29, the best 6 injection
cases among all the 18 injection cases are Ɵ = 0◦, 10◦, 20◦, 30◦, 40◦ at an injection rate of 1.5% of
ṁdesign and Ɵ = 180◦ at injection rate of 0.7% of ṁdesign. Also, results indicate that the case of a
30◦ injection angle provides the best results; however, in order to verify this result, the following
comparisons were applied to the 6 best injection cases.
Figure 5-30 shows one of the paths used for plotting the velocity variation for different
injection cases for the specified diffuser passages. This path is composed of two lines; the first
line connects the impeller exit with the vaneless region exit passing through the injection point
location, and the second line connects the vaneless region exit with the diffuser exit.

Figure 5-30 Representation of one of the paths through a diffuser passage used to show
results
Figure 5-31 indicates the Mach number variation, along the radial distance for different
injection mass flow rates and angles of injection (10◦, 20◦, 30◦, 40◦ and 180◦) through the path
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shown previously in Fig. 5-30. The vaneless region begins at a radius of 0.2175 m and ends at
0.234 m, while the injection point location is located at a radius of 0.227 m, where the velocity
peak also occurs due to injection.

Injection Rate (0% [no injection])
Injection Rate (0.7% of ṁdesign)
Injection Rate (1% of ṁdesign)
Injection Rate (1.5% of ṁdesign)

Figure 5-31 Mach number variation with the radial distance at different injection mass
flow rates for injection angles of 10◦, 20◦, 30◦, 40◦ and 180◦
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The diffuser passage that was selected to show the effect of increasing injection mass
flow rate is different for each case. The diffuser passage selection was based on information in
Fig. 5-28, through selecting one of the diffuser passages which stalled at a low injection mass
flow rate, but was restored by increasing the injection mass flow rate. The main purpose of the
comparison presented in Fig. 5-31 is to show the role of increasing the injection velocity in
removing stall for different injection angles. The increase of the injection mass flow rate from
0.7% to 1.5% of ṁdesign resulted in increasing the Mach number at the diffuser entrance (at r =
0.2345 m): from 0.5 to 0.6 in the case of an injection angle of 10◦ (Fig. 5-31 (a)); from 0.55% to
0.63% of ṁdesignin the case of an injection angle of 20◦ (Fig. 5-31 (b)); from 0.61% to 0.75% of
ṁdesign in the case of an injection angle of 30◦ (Fig. 5-31 (c)); from 0.5% to 0.7% of ṁdesign in the
case of an injection angle of 40◦ (Fig. 5-31 (d)) and from 0.4% to 0.55% of ṁdesign in the case of a
reverse tangent injection (Fig. 5-31 (e)).
For the case of no injection, the Mach number is 0.25 at the diffuser inlet only, which is
smaller than the corresponding value in all injection cases. It may be concluded from Fig. 5-31 (b
& c & d) that there is a small velocity peak at the diffuser entrance (at r = 0.2345 m) for an
injection rate of 1.5% of ṁdesign; this means that injection at angles of 20◦, 30◦ and 40◦ are the best
orientations for modifying the velocity at the diffuser inlet or transferring kinetic energy in the
correct direction. The reverse tangent injection case is the worst among all injection cases,
because it is based on reducing the tangential velocity in order to correct the velocity angle, but
this method is only suitable for working at lower pressure ratios compared with the other
injection angles.

5.3.4. Comparison Between the Best Injection Cases
In order to identify the best suitable injection method, the best cases for each injection
angle were compared. It was found that the best results were obtained at an injection mass flow
rate of 1.5% of ṁdesign for the injection angles of 10◦, 20◦, 30◦ and 40◦. It was also shown that for
the case of a reverse tangent injection, the best results were obtained at an injection mass flow
rate of 0.7% of ṁdesign.
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(I) Velocity distribution comparison for the best injection cases
By combining the best injection cases in one graph (Fig. 5-32), it can be concluded that
the worst case is the reverse tangent injection, while the best case is the injection angle of 30◦,
with the other three cases rating in-between the two extremes. The differences between these
cases can be seen at the end of the vaneless region or at the diffuser inlet, because a jump in
velocity magnitude occurs at this location due to air injection. The ordering of the best to the
worst cases is as follows: an injection at the angle of 30◦, 20◦,10◦, 40◦, and the reverse tangent
injection. Figure 5-32 (a) demonstrates that when the velocity peak at the end of the vaneless
region is higher, the entire velocity distribution is shifted to higher values. The fluid velocity
angle distribution in the vaneless region for all the selected best injection cases is illustrated in
Fig. 5-32 (b) for ease of comparison. The ideal flow occurs when the fluid velocity angle is equal
to or close to the diffuser vane angle at the diffuser inlet. Knowing that the diffuser vane angle
for this compressor is 13.5◦, it is clear from Fig. 5-32 (b) that the reverse tangent injection is the
least effective case because there is a big gap between the fluid and vane angles (about 3.5◦),
while the fluid velocity angle for the other remaining injection cases is very close to 13.5◦, the
best cases being injections with angles of 30◦ and 40◦.
Injection by 1.5 % of ṁdesign & at 10◦
Injection by 1.5 % of ṁdesign & at 20◦
Injection by 1.5 % of ṁdesign & at 30◦
Injection by 1.5 % of ṁdesign & at 40◦
Injection by 0.7 % of ṁdesign& at 180◦

(a) Mach number variation

(b) Velocity angle variation

Figure 5-32 Mach number and velocity angle variations for the best injection cases
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(II) Pressure contours comparison for the best injection cases
At the beginning of stall, low velocity regions are formed at some positions in the
vaneless space between the impeller and diffuser near the shroud surface. These low velocity
regions are equivalent to high pressure regions at the same time. The high pressure regions are
increasing with time during stall development and can be extended to impeller blades close to the
vaneless area. This means that the impeller blades are passing through high pressure regions and
then through low pressure regions. These pressure fluctuations are strong near the impeller exit
and can break the impeller blades. Figure 5-33 shows the pressure distribution at a plane close to
the impeller shroud surface for the best five cases of injection selected earlier, along with the
case of no injection after 5 revolutions from the start of instabilities and pressure fluctuations.
The following key points are concluded from Fig. 5-33:
-

At an injection angle of 10◦, two slightly high pressure regions occur at the impeller exit.
There are no high pressure regions occurring at an injection angle of 20◦ and 30◦. The
case with an injection angle of 30◦ is the best in achieving the compressor stability
because the pressure distribution is more uniform radially and the pressure values are
lower than those at an injection angle of 20◦.

-

By increasing the angle of injection to 40◦, there is only one high pressure region, and for
the case of a reverse tangent injection, there are two large regions of high pressure.

-

The worst case scenario is the case of no injection, where the impeller blades are exposed
to extreme and deep pressure fluctuations compared to cases in which injections are used.

74

For injection angle = 10 ◦

For injection angle = 20 ◦

For injection angle = 30 ◦

For injection angle = 40 ◦

For reverse tangent injection For the case of no injection

Figure 5-33 Pressure contours (in Pascals) at impeller shroud for the best injection cases

(III) Forces acting on the impeller for the best injection cases
The net forces acting on the compressor rotator vanes were calculated by the integration
of pressure on the suction and pressure sides, and the tip surface of the impeller blades. The
forces are calculated in the x, y and axial directions. These directions are shown in Fig. 5-34.
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y-direction

Full impeller
blade

Bend
Splitter
impeller
blade

x-direction
Axial
direction

Diffuser

Figure 5-34 The CFD numerical model of the NASA CC3 compressor

Figures 5-35 (a), 5-35 (b) and 5-35 (c) show the variation of forces overtime (in rotor
revolutions) in the axial, x and y directions respectively for the best injection cases at different
injection angles, and also for the case with no injection. The reference time (t=0) is the time at
the beginning of the appearance of high pressure fluctuations in the vaneless region in the case of
no injection. Figure 5-35 also shows that for the case of no injection, the force magnitudes are
large compared to those for the other cases of injection, while the smallest force values occur
with the injection at angles of 20◦ and 30◦. Figure 5-35 (a) indicates that the injections at angles
of 20◦ and 30◦ are the best cases for the stabilization of the compressor because the force
distribution is more uniform with small fluctuations. The case of a reverse tangent injection, an
injection at an angle of 10◦, and the case of no injection are the worst cases because that the force
increases gradually with time, especially for the case with no injection, where the largest force
values occur with strong fluctuations.
Figure 5-35 (b) indicates that the best case is the injection with an angle of 30◦ because
the force distribution has the lowest fluctuation amplitude, nearly fluctuating around zero. Also,
the case with an injection angle of 20◦ shows that the force fluctuates around some value which is
not equal to zero.
For the case of no injection, the force changes randomly and reaches extreme values as
shown in Fig.5-35 (c). All the other cases show that the force increases with time except for the
76

case of an injection angle of 30◦ at which there are fluctuations between 0 &100 N, and the
average force is not increasing with time as in the other cases.
In summary, it may be concluded that the best stabilized case is the injection with an
angle of 30◦ because the force distribution is nearly uniform, with the smallest fluctuations
compared to the other cases in which the average force increases gradually over time.

(a) In the axial direction

(b) In x- direction

(c) In y- direction

Figure 5-35 Variation of the force acting on blades with time for the best injection cases
and for the case without using injection
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5.3.5. Effect of Changing the Injection Angle in the Radial-Axial Plane
The variation of the injection angle Ɵ at the radial-tangential plane was studied in detail
as discussed above. Another factor was taken into consideration, which is studying the effect of
changing the injection angle at the radial-axial plane. Figure 5-36 indicates an explanation of the
injection angle α defined at the radial-axial plane where the fluid is injected at a point at the
shroud surface and is directed toward the diffuser inlet with an angle α measured from the radial
direction. All previous results were calculated at α = 5◦ and the best obtained results were
achieved for the case of Ɵ = 30◦.

Figure 5-36 The angle of injection α at the radial-axial plane
The following results are for the case of Ɵ = 30◦ at two other values for α (10◦ and 15◦) in
comparison with the previous results obtained at α = 5◦. Figure 5-37 (a, b and c) shows the
variation of pressure with time for the injection cases of α = 5◦, 10◦, 15◦ at Ɵ = 30◦ for points
located at the vaneless region at 90% of the span length. It may be seen from Fig. 5-37 (a) that
the pressure fluctuations for all points are nearly identical, and also the minimum and maximum
pressure values are nearly constant. For the case of α = 10◦ shown in Fig. 5-37 (b), the pressure
fluctuations are close to those of the case of α = 5◦, but there are two signals with a sudden
change of pressure values. The amplitudes of fluctuation of these two signals are higher than
those for the other signals; this means that at the location of these two points in the vaneless
region, a stall area is initiated. For the case of α = 15◦ as shown in Fig. 5-37 (c), the pressure
fluctuations for all signals are random and with relatively high amplitude; this ensures that the
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injection at α = 15◦ fails to keep the fluid stabilized in the vaneless region compared to other
cases.
Based on the obtained results, the injection of air with Ɵ = 30◦ and α = 5◦ at an injection
mass flow rate of 1.5% of ṁdesign achieved compressor stability at an operating condition in the
unstable zone corresponding to a mass flow rate of 3.8 kg/s.

(a) For α = 5◦

(b) For α = 10◦

(c) For α = 15◦

Figure 5-37 Pressure variation at points in the vaneless region with time at Ɵ = 30◦ for α =
10◦, 15◦, 20◦
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5.4

Casing Treatment Simulations
This section is divided into two segments; the first segment (5.4.1) discusses the

simulations of various casing treatment configurations whereas the second segment (5.4.2) is
about a specific type of casing treatment: casing grooves, also known as casing slots. The aim of
the first segment is to compare the efficiency of different casing treatment methods for reducing
stall. The main goal of the second segment is to study the effects of changing some of the
parameters on the performance of the casing grooves.

5.4.1

Simulation of Different Casing Treatment Configurations
There are four numerical models used in the simulations of this segment. The first model

represents the compressor without modifications in its casing. The second model contains two
types of casing treatments, while the third model is identical to the second model but enhanced
with an external air injection. The fourth model contains one type of casing treatment.
The first model is shown in Fig. 5-38 (a); there is no casing treatment in this model. It is
composed of four main components: the inlet guide duct, the impeller, the diffuser and the
shroud thin layer. The thin layer surface is smooth for the first model, but for the other three
models, this layer is modified according to the casing treatment type. The function of the shroud
thin layer is to capture the tip leakage flow and its thickness is 0.1 mm, which is half of the tip
clearance value. The other half of the tip clearance belongs to the impeller rotating zone which
slides on the thin layer fixed zone.
The second model combines the holed casing treatment and the casing slots (Fig. 5-38
(b)); this model is called case 1 in this study. There are 15 tubes connecting the impeller casing
with the inlet guide duct. Each tube has a diameter of 3 mm and this diameter was selected based
on a recommendation from previous studies [20, 44]. There is a slot in the casing and the
dimensions of this slot are assumed to be 4 mm in width and 2 mm in height. The third model is
the same as the second model, but the slot is modified to have 15 injection holes through its
upper wall. Figure 5-38 (c) shows the configuration of the slot with the air injection positions.
This model is called case 2 in this study. The air is injected through these holes in the tangential
direction at an injection mass flow rate of 1% of the inlet design mass flow rate, and this value
was assumed because it is the middle of the range used in several previous studies [3, 22, 70, 78,
79]. The fourth model contains three casing slots with the same dimensions as described in the
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first and the second models; the fourth model is called case 3 in this study. Figure 5-38 (d)
describes the shape of the fourth model. The position of slot 1 is the same as in previous models,
the position of slot 2 is at the leading edge of the splitter blades, and the position of slot 3 was
selected so that that slot 2 is located equidistant between slots 1 and 3.

(a) The numerical model without casing treatment
(case 0)

(a) The combined model of the holed casing and
the casing slot (case 1)

(c) The combined model of the holed casing and the
casing slot with air injection (case 2)

(d) The numerical model with casing slots only
(case 3)

Figure 5-38 Numerical models for three different casing treatment cases and for the case
without casing treatment

The problem of stall starts near the impeller shroud surface due to the formation of the tip
leakage flow. So, it is important to study the velocity contours at the blades tip in order to
determine the stall areas and its propagation level. Figure 5-39 (a to d) illustrates the velocity
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contours averaged over a 10 rotor revolution time period starting from the occurrence of stall at
0.99 of the span length for the case with no casing treatment, case 1, case 2 and case 3,
respectively. It can be noted from Fig. 5-39 (a) that there are large areas with relatively low
velocity values or stagnation regions which cause a blockage of the flow inside the impeller
passages.
Figure 5-39 (b) shows that the velocity values are high at the slot position due to the
circulation of the tip leakage flow inside the slot, and that the low velocity regions are
concentrated at the impeller blades’ leading edge. The overall velocity distribution is enhanced
compared to the case with no casing treatment, especially at the area around the slot position and
also at the area between the slot position and the impeller exit.

m/s

(a) For case 0

(b) For case 1

(c) For case 2

(d) For case 3

Figure 5-39 Velocity contours at 0.99 of span for the four different cases
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The area marked by a circle in Fig. 5-39 (b) is explained in a separate figure above Fig. 539 (b); it shows the effect of the holed casing treatment and the velocity vectors inside one of the
tubes at the casing. The direction of the flow inside the tube is from the impeller casing towards
the impeller inlet, which means that the tip leakage flow is sucked into the tube due to the
relatively high pressure area formed at the shroud surface.
Figure 5-39 (c) indicates similar conclusions made for Fig. 5-39 (b) but with higher
velocity values at the slot position, and this is due to the use of air injections at some points in
the slot wall. It can be noted that the velocity distribution is more uniform compared to Fig. 5-39
(b) especially near the impeller trailing edge, and also the velocity values are slightly higher
before and around the slot position.
Figure 5-39 (d) shows the influence of using several slots distributed along the casing
length as the low velocity regions disappear around each slot position. Also, the velocity is
higher at the leading edge compared to all other cases discussed before.
Casing slots increase kinetic energy due to the circulation effect of the flow at the areas
of stagnation. Figures 5-40, 5-41 indicate the kinetic energy gain due to using casing slots by
comparing the casing treatment cases with the case without casing treatment. Figure 5-40 shows
the average Mach number at the position of the first slot and its variation with time for all cases.
It can be noted from Fig. 5-40 that the Mach number for cases 1, 2 and 3 is higher than that for
case 4, without casing treatment. Also, the Mach number distribution for cases 1 and 3 are close
to each other but case 2 achieved a significant increase in the kinetic energy because of the use of
an air injection. Figures 5-41 (a), 5-41 (b) show the variation of the average Mach number over
time at the position of the second slot and the third slot, respectively. Figure 5-41 (a) proved
again that the kinetic energy is increased at the slot position but this increase is less than that for
the first slot. Also, for the third slot (Fig. 5-41 (b)), there is nearly no benefit from the casing slot
as the two curves shown are nearly identical. Therefore, it can be concluded that as the position
of the slot approaches the impeller inlet, the kinetic energy gained from it decreases.
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The isentropic efficiency also varies with time during stall. Figure 5-42 indicates the
variation of the total to total isentropic efficiency with time during stall. It can be noted from Fig.
5-42 that all casing treatment cases have an efficiency value lower than the case without casing
treatment and this is due to the interaction between the main flow in the impeller passages and
the secondary flow in the casing slots. Also, it can be seen that case 3 is the best among all of the

Average Mach number at the position of
the first slot

casing treatment cases.

For case 1
For case 2
For case 3
For the case of no casing treatment
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(a) At the position of the second slot
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Figure 5-40 Average Mach number variation with time at the position of the first slot
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(b) At the position of the third slot

Figure 5-41 Average Mach number variation with time
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For case 1
For case 2
For case 3
For the case of no casing treatment
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Figure 5-42 Isentropic total to total efficiency variation with time during stall for all cases

5.4.2

Simulation of the Casing Grooves with the Variation of their Parameters
This section is composed of four parts: the first part discusses the simulations of

groove aspect ratio variation; the second part presents the simulations of the effect of changing
the groove location; the third part presents the simulations for changing the number of grooves;
and, the last part introduces a comparison between the groove flow performance at the best
efficiency point and that for the stall operating condition. The stall operating condition is located
at the surge line corresponding to mass flow rate of 4.1 kg/s.
The numerical model used for the groove aspect ratio simulations is shown in Fig. 5-43.
It is indicated in Fig. 5-43 that there is only one groove at the leading edge of the impeller blades
and the cross section of this groove has a width (W) and height (H). The width of the groove was
assumed to be constant in all cases and equals 5 mm, while the groove height was varied, with
assumed values of 1, 3, 5, 7 and 9 mm in order to generate grooves with 5 different aspect ratio
(H/W) values equal to 0.2, 0.6, 1, 1.4 and 1.8.
For the simulations regarding the effect of changing groove location, there are three
numerical models used. The first and second models are for the groove locations 1 & 2 where the
groove is located at the impeller full blades leading edge and at the impeller splitter blades
leading edge, as seen in Fig. 5-44 (a) and Fig. 5-44 (b), respectively. For the third model (Fig. 585

44 (c)), the groove is located at location 3 after the splitter blade leading edge, and it is located in
a way that groove location 2 is in the middle of the meridional distance between groove locations
1 & 3.
The numerical models used for the simulations of the effect of changing the number of
grooves, are shown in Fig. 5-45. Figures 5-45 (a) to (d) show the numerical model with 1 groove,
3 grooves, 5 grooves, and 7 grooves, respectively. It is apparent in Fig. 5-45 that the grooves
locations are concentrated near the impeller inlet more than at the impeller exit; this was chosen
based on the results extracted concerning the best groove location, and will be discussed in
detail.

Groove

W
H

WxH ≡ 5 x 5 mm

WxH ≡ 5 x 1 mm

WxH ≡ 5 x 3 mm

WxH ≡ 5 x 7 mm

WxH ≡ 5 x 9 mm

Figure 5-43 The numerical model used for the simulations of the groove aspect ratio
variation
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(a) location 1

(b) location 2

(c) location 3

Figure 5-44 The numerical model used for the simulations of the groove location variation

(a) with 1 groove

(b) with 3 grooves

(c) with 5 grooves

(d) with 7 grooves

Figure 5-45 The numerical models used for the simulations of changing the number of
grooves
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(a) Results of the simulations for changing groove cross section aspect ratio
Figures 5-46 (a) to (e) illustrate the velocity contours at a plane perpendicular to the axial
direction and passing through the groove, with clarification of the velocity vectors inside the
groove area for the groove cross section aspect ratios of 0.2, 0.6, 1, 1.4 and 1.8. Fig. 5-46
contains other explanatory figures marked by arrows in order to show the velocity vectors at the
grooves cross section at specified locations; these locations are at the start of the reinjected flow
coming from the grooves through the impeller passages. In general, the blade pushes the flow
inside the groove and this flow is re-injected again from the groove after the blade passes.
It may be noted from Fig. 5-46 (a) that the reinjected flow from the groove is weak
because the height of the groove is relatively too short to allow the flow to circulate inside the
groove properly as shown in right column in Fig. 5-46 (a).
For the case of a groove aspect ratio of 0.6 (Fig. 5-46 (b)), the flow has more space inside
the groove to move and circulate; as a result, the reinjected flow is more uniform when entering
the impeller passage compared to the case in Fig. 5-46 (a); however, the reinjected flow velocity
is still small.
For the case of a groove aspect ratio of 1 (Fig. 5-46 (c)), the reinjected flow velocity
becomes higher, as is apparent when comparing the images on the right side of Fig. 5-46 (c) and
Fig. 5-46 (b).
When the groove aspect ratio is increased to be more than 1, the reinjected flow velocity
increases slightly, and this may be concluded by comparing the images to the right in Fig. 5-46
(d) and Fig. 5-46 (e) with the other previous aspect ratio cases. However, at the same time, the
reinjected flow effective area increases in the circumferential direction as is visible when
comparing the images on the left of Fig. 5-46 (d) and Fig. 5-46 (e) with previous aspect ratio
cases.
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Direction
of rotation

(a) For the groove aspect ratio of 0.2

(b) For the groove aspect ratio of 0.6

(c) For the groove aspect ratio of 1

(d) For the groove aspect ratio of 1.4

(e) For the groove aspect ratio of 1.8

Figure 5-46 Velocity contours at a plane perpendicular to the axial direction with the
clarification of the velocity vectors inside the groove for various groove aspect ratio values
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Figure 5-47 shows the plotting of the radial velocity on the vertical axis against the
circumferential angle on the horizontal axis for a line that passes circumferentially at the impeller
shroud level through the groove for 3 cases with groove aspect ratios of 0.2, 1 and 1.8, which
represent the minimum, average and maximum studied values, respectively. The circumferential
angle shown in Fig. 5-47 is for a quarter of the circumferential length because it was found to be
enough to make the comparison as the complimentary part of the circumferential length has
similar trends and values.

Figure 5-47 Radial velocity variation with the circumferential angle for 3 different groove
aspect ratio values

The positive radial velocity values represent the flow entering the groove coming from
the area at the blade pressure side. The negative radial velocity values represent the reinjected
flow, which leaves the groove at the area near the blade suction side. It may be noted from Fig.
5-47 that the negative velocity values for the case with a groove aspect ratio of 0.2 is relatively
low compared to the other cases. For the cases with groove aspect ratios of 1 and 1.8, the
maximum negative velocity values are very close to each other. But the area under the curve for
the negative velocity values in the case of a groove aspect ratio of 1.8 is higher than that for the
case with a groove aspect ratio of 1. In conclusion, Fig. 5-47 demonstrates that when the groove
aspect ratio is increased to be more than 1, the reinjected flow velocity remains nearly the same,
but the reinjected flow effective area is increased. But, when the groove aspect ratio is decreased
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to be less than 1, both the reinjected flow velocity and the reinjected flow effective area are
decreased.
(b) Results of the simulations of changing groove location
Figures 5-48 (a), (b) and (c) indicate the Mach number values at a plane located at 99%
of the span length of the impeller for the cases with groove locations 1, 2 and 3, respectively. It
may be noted from Fig. 5-48 that for the case with groove location 1, the low Mach number
values at the entrance are limited to small areas around the blade surface. For the case with
groove location 2, the low Mach number area is expanded in the circumferential direction at the
impeller leading edge but is minimized in the axial direction compared to the case of groove
location 1. For the case with groove location 3, the low Mach number area covers a wide region
at the impeller entrance and connects the leading points of the blades, but the area around the
groove has high Mach number values compared to the other 2 cases in Fig. 5-48 (a) and Fig. 548 (b). Based on the results shown in Fig. 5-48, it may be said that groove location 1 has,
relatively, the best results; this is because the flow separation at the inlet is controlled.
Meanwhile, for groove location 3, the flow is improved only around the groove location but
there is no control of the flow at the impeller entrance.

Groove 1

(a) For the groove location 1

Groove 2

(b) For the groove location 2

Groove 3

(c) For the groove location 3

Figure 5-48 Mach number values at 99% of the impeller span for 3 different groove
locations
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In order to clarify the comparison of groove locations, the static pressure value is plotted
with the circumferential angle at a line that extends circumferentially below the shroud surface at
99% of the span length at the impeller blades’ leading edge, for the three groove location cases,
as shown in Fig. 5-49. Also, Fig. 5-49 demonstrates that all curves have pressure fluctuations and
that this is normal because there is a pressure variation between the blade pressure side and the
blade suction side. The lowest pressure values are for the case with groove location 1; groove
location 1 provides the lowest blade loading at the impeller inlet area, compared to the other 2
cases, as shown in Fig. 5-49.

Figure 5-49 Static pressure variation in the circumferential direction at the blades leading
edge at 99% of span

(c) Results of the simulations in which the number of grooves are varied
When the number of grooves is increased, velocity distribution and direction may differ.
In order to illustrate this distribution, the stream lines colored by velocity magnitude at 98% of
the span length of the impeller are shown in Fig. 5-50((a) to (e)) for the cases including no
grooves, 1 groove, 3 grooves, 5 grooves, and 7 grooves. Figure 5-50 (a) indicates that there are
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strong flow disturbances, especially at the impeller blades’ leading edge, and that the stream
lines deviate from the blades in many locations. If the results of the case without grooves were
taken as a reference for the other results, the effect of increasing the number of grooves may be
realized clearly. Figure 5-50 (b) shows that the stream lines distribution for the case of 1 groove
is not improved compared to that for the case without grooves in Fig. 5-50 (a). By using 3
grooves (Fig. 5-50 (c)), the velocity values are increased and the stream lines distribution at the
inlet is improved, but flow separations still occur at the middle of the meridional path at the
splitter leading edge. The blades’ flow separations are shifted further towards the impeller exit in
the case of using 5 grooves as indicated in Fig. 5-50 (d). Figure 5-50 (e) shows that the stall
problem is nearly resolved and the flow appears to be uniform with minor disturbances when
using 7 grooves.
The results shown in Fig. 5-50 give the indication that the location of the flow separations
can be shifted towards the impeller exit by increasing the number of grooves. Therefore, the
importance of groove location must be taken into consideration because results prove that the
stall can be reduced when the groove is located near the blades’ leading edge.

(a) For the case of (b) For the case of (c) For the case of (d) For the case of
smooth casing
1 groove
3 grooves
5 grooves

(e) For the case
of 7 grooves

Figure 5-50 Velocity stream lines at 98% of span for cases with different numbers of
grooves
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It is important to evaluate the flow behaviorat the area between the hub and shroud
surfaces in order to understand the depth of the stall areas. The average velocity contours at the
meridional plane of the impeller are shown in Fig. 5-51((a) to (e)) for the cases with no grooves,
1 groove, 3 grooves, 5 grooves and 7 grooves. The worst results are for the case without grooves
(Fig. 5-51 (a)) where the stall areas with low velocity values appear near the hub and shroud
surfaces. By using 1 groove (Fig. 5-51 (b)), there is still a large stall area at the tip, but the
overall velocity values are increased compared to the case without grooves. By tracking the
results inside the oval shape added to each image in Fig. 5-51, it can be seen that by increasing
the number of grooves, the stall area at the tip region is decreased in size and is shifted towards
the impeller blades’ trailing edge at the same time.

(a) For the case
of smooth
casing

(b) For the
case of 1
groove

(c) For the
case of 3
grooves

(d) For the
case of 5
grooves

(e) For the
case
of 7 grooves

Figure 5-51 Average velocity contours at the impeller meridional plane for cases with
different numbers of grooves

Based on the results from Fig. 5-50 and Fig. 5-51, the cases with 5 and 7 grooves have
the best stream lines and velocity distributions compared to the other cases. Figure 5-52 presents
the average pressure distribution along the meridional direction in the impeller for the case of
smooth casing, along with cases in which 5 and 7 grooves are implemented. It may be noted
from Fig. 5-52 that the highest pressure values are for the case of the smooth casing, without the
use of any grooves. Also, it may be seen from Fig. 5-52 that the pressure values for the case of 7
grooves are slightly higher than those for the case of 5 grooves at up to 30% of the meridional
distance, but the contrary occurs in the range of 30% to 100% of the meridional distance.
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Figure 5-52 Pressure variation with the normalized meridional distance for the cases of
smooth casing and for the cases with 5 and 7 grooves

Changing the number of grooves does not only affect the velocity and pressure
distributions, but also affects the overall isentropic efficiency of the compressor. Figure 5-53
describes the total to total isentropic efficiency at an operating point at the surge limit
corresponding to a mass flow rate of 4.1 kg/s for the case of smooth casing and also for all other
cases in which grooves are used. There is nearly no difference in efficiency values between the
case of smooth casing and the case of using 1 groove. This indicates that the effect of casing
grooves on efficiency losses is nearly negligible when using 1 groove only, as shown in Fig. 553. It may be noted from Fig. 5-53 that the efficiency starts to decrease gradually when using
more than 1 groove. Therefore, it is clear that increasing the number of casing grooves improves
the flow distribution near the shroud surface and minimizes the tip leakage flow, but this is
accompanied with some losses in the isentropic efficiency.
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Figure 5-53 Total to total isentropic efficiency for cases with different numbers of grooves

(d) Groove performance comparison at different operating conditions
The groove performance depends on the compressor operating condition because the
groove flow is generated based on the magnitude and direction of the main flow velocity in the
impeller passages. Figures 5-54 & 5-55 describe the velocity vectors near the shroud surface and
also inside the grooves at the best efficiency operating condition, and at the stall operating
condition, respectively.

Groove flow

Main flow

Groove flow interferes with the main flow with weak interaction.

Figure 5-54 Velocity vectors inside the grooves and at a plane near the shroud surface at
the best efficiency operating condition
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Groove flow

Groove flow

Main
flow

Tip leakage
flow

Tip leakage
flow
Vortex is formed because the tip leakage flow is
slightly stronger than the groove flow.

The flow regenerated correctly inside the impeller
passage after strong interaction.

Figure 5-55 Velocity vectors inside the grooves and at a plane near the shroud surface at
the stall operating condition

At the best efficiency condition (Fig. 5-54), the flow in the groove is relatively weaker
than the main flow, and the interaction between the main flow and the groove flow does not
affect the main flow direction or magnitude. This interaction depends on the location of the
groove; and a slight interaction may occur if the groove is placed at the inlet.
Figure 5-55 shows that the flow distribution is different from that at the best efficiency
condition and there is a secondary flow appearing: the tip leakage flow. The tip leakage flow is a
part of the main flow, and moves from one passage to another through the tip clearance, against
the groove flow direction. The magnified views of Fig. 5-55 show two different scenarios that
result from the interference between the tip leakage flow and the groove wall. The magnified
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view at the right of Fig. 5-55 shows that the tip leakage flow velocity is slightly higher than the
groove wall velocity, resulting in the formation of some vortices with tangential flow. In this
situation, the reversed flow is prevented, but also, the resulting flow is not in the correct
direction. The magnified image at the bottom of Fig. 5-55 shows that the groove flow is stronger
than the tip leakage flow, and after the interaction, the groove flow was able to overcome the tip
leakage flow, resulting in a flow that is in the correct direction but weaker than the ideal flow.
So, the compressor flow stability depends on how much flow escapes from the main passages
and forms the tip leakage flow, and also on the groove reinjected flow, which varies according to
variations in groove geometry and location.

5.5

Structural Analysis of the NASA CC3 Compressor
The structural analysis section presents the results extracted from the mechanical model,

including deflections and stresses which were obtained after transferring the aerodynamic load
from the CFD model. The results in this section are presented in the form of comparisons
between the original designed compressor (the uncontrolled compressor) and the compressor
using air injection (the controlled compressor).

5.5.1 Stress Variation Near Surge for the Controlled and the Uncontrolled Compressors
The maximum principal stress and the equivalent stress distributions at the blade surface
at the steady state condition were discussed in the validation results (section 4.3). During stall,
these distributions vary strongly over time. For this reason, the peak values of these distributions
were traced during the transition from stall to surge.
Figures 5-56 (a) and 5-56 (b) show the variation of the peak value of maximum principal
stress with time (in rotor revolutions) for the full blade and the splitter blade, respectively.
Figures 5-57 (a) and 5-57 (b) indicate the variation of the peak value of the equivalent stress with
time (in rotor revolutions) for the full blade and the splitter blade, respectively. The time frame
for Fig. 5-56 and Fig. 5-57 begins at a moment during stall (the reference time) and spans up to
the time corresponding to the peak of the first surge cycle. It may be seen from Fig. 5-56 (a) that
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the maximum principal stress for the full blade, for the two cases, fluctuates around two
convergent mean values; however, there is some difference near the end of the curve as the final
value of the uncontrolled case reaches 370 Mpa, compared with the final value of 250 Mpa for
the controlled case. Fig. 5-56 (b) shows that the stress distribution of the splitter blade for the
uncontrolled case reaches relatively high values up to 500 Mpa, but the controlled case maintains
the same range of stress values for the full blade. This means that the controlled case is stable
because both of the full and splitter blades have nearly the same stress range of variations.

(a) For the full blade pressure side

(b) For the splitter blade pressure side

Figure 5-56 The variation of the peak value of the maximum principal stress with time for
the impeller blade
The maximum equivalent stress variation for the full blade in the uncontrolled case is
slightly higher than for the controlled case (Fig. 5-57 (a)). However, for the splitter blade, there
is a sudden variation at surge after 6 rotor revolutions for the uncontrolled case, as shown in Fig.
5-57 (b). Finally, it may be noted that for the uncontrolled case, there are stress fluctuations
during stall and then the stress increases sharply when approaching surge. For the controlled
case, the stress changes slightly with time and is more stable.
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(a) For the full blade pressure side

(b) For the splitter blade pressure side

Figure 5-57 The variation of the peak value of equivalent stress with time for the impeller
blade

5.5.2 Total Force and Moment Variations Near Surge for the Controlled and the
Uncontrolled Compressors
The total force and moment were computed for the uncontrolled and controlled
compressor cases in x, y and z directions. The z-direction represents the axial flow direction
while the x-y plane is perpendicular to the z-direction. Figure 5-58 ((a) to (e)) presents the
variation of Fx, Mx, Fy, My, Fz and Mz respectively with time for both of the controlled and the
uncontrolled compressor cases. The time frame shown in Fig. 5-58 is the same as explained for
Fig. 5-57, where F stands for the force and M represents the moment. There are strong
fluctuations for Fx with time for the case of the uncontrolled compressor (Fig. 5-58 (a)) and also
for Fy (Fig. 5-58 (c)); this is due to the non-uniform pressure distribution during stall as a result
of the formation of stall cells at some impeller passages. Figure 5-58 (e) shows that Fz for the
uncontrolled compressor case increases gradually with time due to the expansion of the
stagnation areas at the impeller exit at the curved part of the hub surface. On the other hand, the
force fluctuates around some mean values which are nearly constant with time for the controlled
compressor case. Also, the mean fluctuation value is nearly zero for the Fx variation, which is a
good indicator that the compressor is balanced. The moment variation is a reflection of the
fluctuations of the force magnitude and direction. For this reason, the Mx and My variations are
close to zero for the controlled compressor case but they have relatively high values for the
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uncontrolled compressor case. Figure 5-58 (f) shows that there is no significant difference
between the two cases for the variation of Mz. In general, it may be concluded that the force and
moment values are lower for the case with the use of air injection, compared to the uncontrolled
compressor results.

(a) Fx variation with time

(b) Mx variation with time

(c) Fy variation with time

(d) My variation with time

(e) Fz variation with time

(f) Mz variation with time

Figure 5-58 The variation of forces and moments with time for both of the controlled and
the uncontrolled cases
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5.5.3 Deflection of the Blades During Stall for the Controlled and the Uncontrolled
Compressors
The most important results concern the blades’ deflection especially at the blades’ tip
zone, because the compressor can be damaged if the deflection value is larger than the tip
clearance gap distance. Figure 5-59 (a) shows the full blades’ tip profile with maximum
deformation which occurs at the peak pressure of the surge cycle for the uncontrolled compressor
case. The base surface profile (before deformation) and the shroud surface profile are also shown
in Fig. 5-59 (a). The tip clearance value is relatively very small compared to the complete axial
distance, Z, and the radial distance, R. For this reason, Fig. 5-59 (a) does not clearly illustrate the
three profiles.
Three zones were selected to illustrate the deformation more clearly: zone 1 (Fig. 5-59
(b)) is at the impeller exit, while zone 2 (Fig. 5-59 (c)), and zone 3 (Fig. 5-59 (d)) are at the
transition from the axial to the radial profile. In fact, the entire profile was checked for the
deformation values, but these three zones were found to be the most critical areas where the
deformed blade surface approaches the shroud surface. At zone 1, the deformed full blade
surface is close to the shroud surface but it does not touch it, and as seen in Fig. 5-59 (b), there is
a deformation in the radial direction; this deformation is not dangerous because it actually
deforms freely in the vaneless region, radially. At zones 2 and 3, the deformed full blade surface
approaches the shroud surface at a dangerously close proximity, and touches the shroud surface
at some points, especially in zone 2 at the z-range from 0.1015 m to 0.103 m, as seen in Fig. 5-59
(c). It was also found that for the splitter blade, the z-range from 0.1017 m to 0.1028 m is a
dangerous deflection zone. The reason zone 2 has been identified as the most critical deflection
area is that in this region, the radial and axial deflection components are combined together and
the resultant component direction is towards the shroud surface. For the inlet impeller region, the
profile is mostly axial, so the axial deformation is not effective. For the impeller exit region, the
profile is mostly radial, and only the axial deformation is effective.
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Figure 5-59 The maximum full tip blade surface deformation profile for the case of an
uncontrolled compressor

For the case of a controlled compressor, the results are much better than those for the
uncontrolled compressor case in terms of the maximum deformation values. Figure 5-60 presents
the maximum full tip blade surface deformation profile for the case of a controlled compressor at
zone 2. By comparing the blade profile in Fig. 5-60 to that in Fig. 5-59 (c), it may be noted that
for the controlled compressor case, there is no contact between the blade surface and the shroud
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surface. This means that using the air injection control was beneficial in decreasing the pressure
fluctuations, and hence decreasing blade deformation during stall.

Figure 5-60 The maximum full tip blade surface deformation profile for the case of
controlled compressor using air injection at zone 2

5.5.4 Effect of Variation in the Bearing Stiffness on the Deformation of the Blades Tip
Surfaces During Stall
There is a relationship between the blades’ deformation and the compressor shaft fixation
method. This section discusses how the deformation of blades is affected by the shaft stability
governed by bearings. Figure 5-61 (a) describes the two locations of the bearing while Fig. 5-61
(b) indicates the way that each bearing is numerically represented. Each bearing was assumed to
be represented by 12 springs connecting the shaft to reference points which have zero
displacement. There are six different values for the spring stiffness assumed in order to cover the
range of relatively low to high stiffness values. The ball bearing radial stiffness varies from
8x107 N/m to 108 N/m for the radial load range between 1000 N and 1500 N according to
measurements [80] and numerical results [81]. The six values for the total stiffness were selected
especially to cover this range, and at the same time, to extend slightly out of this range in order
to study the effect of using very low and very high stiffness values. The range of stiffness values
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selected are 4x107 N/m, 6x107 N/m, 8x107 N/m, 10x107 N/m, 12x107 N/m and 14x107 N/m. The
stiffness of each spring was assumed to be equal to the value of the total stiffness divided by the
number of springs. The values of total stiffness and spring stiffness are shown in table 5-1.

Spring

Shaft

Location 2

Location 1

(a) location of the bearings

(b) representation of each
bearing by springs

Figure 5-61 The location of the compressor shaft bearings and their numerical
representation

Table 5-1 Stiffness values
Total stiffness (N/m)
Spring stiffness (N/m)

4x107
1.666x106
[ks1]

6x107
2.5x106
[ks2]

8x107
3.333x106
[ks3]

10x107
4.166x106
[ks4]

12x107
5x106
[ks5]

14x107
5.833x106
[ks6]

Figure 5-62 shows the deformed blades tip surface profile at the peak of surge at zone 2
for various bearing stiffness values. It may be noted from Fig. 5-62 (a) that the blade profile
touches the shroud surface profile for nearly half of the z-range in zone 2 when using the k1
stiffness value. There are also many points of contact for the other zones, and this indicates that
using a ks1 value is not safe for the blades unless the current tip clearance is increased to avoid
blade damage. By increasing the stiffness to the value of ks2, the blade deformation profile is
slightly shifted but still very close around the position of z = 0.102 m as shown in Fig. 5-62 (b).
At the k3 value (Fig. 5-62 (c)), the blades profile comes close to the mid position between the
base and shroud surface profiles. Based on this result, it may be concluded that the value of ks3
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satisfies a reasonable and acceptable safety limit for the deformation of the blades tip. When the
stiffness was increased to more than the ks3 value as in the case of ks4, it was noted that the blade
profile is far from the shroud surface and becomes closer to the base surface ks4 as seen in Fig. 562 (d). For the stiffness values of ks5 and ks6, the deformation of the blades was decreased to the
point where that there are a few locations with a slight deformation from the base surface, as
shown in Fig. 5-62 (e) and Fig. 5-62 (f), respectively. For more clarification about the stiffness
variation effect, the blade profiles for all stiffness cases were combined in one graph for the most
affected part in zone 2, as shown in Fig. 5-63. It may be noted from Fig. 5-63 that increasing the
stiffness has a positive effect on decreasing the deformation and shifting the blade profile
towards the base surface profile. It may also be noted that using a stiffness value lower than ks3
caused the blades to approach the shroud surface closely.

Figure 5-62 Deformation of the blade tip surface at zone 2 for different stiffness values
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Figure 5-63 Deformation of the blade tip surface at a specific part of zone 2 for different
stiffness values
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CHAPTER 6: CONCLUSIONS & FUTURE WORK
6.1

Conclusions

6.1.1 Conclusions on the Simulations of Rotating Stall for the Compressor With Vaned
Diffuser


The inception and development of rotating stall over time may be described in
consecutive stages, as follows:
-

At a low flow rate operating condition, the flow separation occurs at the full
and splitter blades’ leading edge. The random flow motion at the blades tip
area causes the formation of the tip leakage flow.

-

The tip leakage flow causes more disturbances to the flow path inside the
impeller passages and leads to an expansion of the stall area. As the stall area
expands, the flow separation and tip leakage flow begin to appear at more
locations, especially around the splitter blades leading edge region. The
impact between the tip leakage flow and the regular inlet flow results in the
formation of the tip leakage vortices.

-

The strength of the tip leakage vortices increases with time and these vortices
move backward towards the impeller inlet.

-

The impeller passages become partially blocked by stall areas and the flow
angle at the impeller exit deviates from the ideal value. As a result, the flow
reaches the diffuser inlet with a flow angle different from the diffuser vane
angle, and part of the flow fails to enter the diffuser correctly and turns back
through the vaneless area; this initiates a reversed flow.



It was noted that the maximum pressure fluctuations during stall occur at the blades
tip area due to the effect of the tip leakage vortices; maximum pressure fluctuations
also occur at the impeller exit as a result of the strong velocity variation over time at
the vaneless space.



The key point of the rotating stall process in centrifugal compressors is that the stall
initiates at the impeller inlet due to flow separations, while stall development starts at
the vaneless area due to the failure of the impeller to deliver the flow correctly to the
diffuser, leading to back flow from the diffuser.
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Stall may cause a surge as the stall area increases and the reversed flow appears at
many locations at the diffuser inlet.

6.1.2 Notes on the Difference Between Compressors With Vaned and Vaneless Diffusers
in the Stall Development


For a compressor with a vaneless diffuser, the stall extends circumferentially at the
blades tip as a thin layer that covers most of the impeller passages. This layer expands
radially with time from the impeller shroud surface to the hub surface.



For a compressor with a vaned diffuser, there are some impeller passages with severe
stall cells and other passages that are not stalled. As time passes during stall
development, stall cells start to merge and interfere with each other, forming larger
stall regions.



In general, at the early stages of stall, the impeller passages have a nearly identical
stall effect and distribution for a compressor with a vaneless diffuser, but this
distribution differs completely among passages for a compressor with a vaned
diffuser, depending on which passages are affected by the back flow from the
diffuser.



It was found that the amplitude of pressure fluctuations at the diffuser inlet for a
compressor with a vaneless diffuser is larger than that for a vaned diffuser
compressor. Also, for the same time interval, the surge takes place faster in the case
of a vaned diffuser compared to the case of a vaneless diffuser.

6.1.3

Comments on the Air Injection Simulations


The air injection angle (Ɵ) and the injection flow rate were found to be the most
powerful parameters that can determine the effectiveness of the air injection process.
Compressor stability during stall can be enhanced by optimizing these parameters.



It was found that the number of stall cells can be decreased by increasing the injection
flow rate, except at the specific injection angles of Ɵ = 10◦ and 180◦. When the air is
injected at Ɵ = 10◦, the injected air is most likely impacting with the diffuser vanes
rather than being directed towards the diffuser passages. Also, the injection with an
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angle of Ɵ = 180◦, in a direction against the flow motion, corrects the flow angle but
causes flow deceleration, especially at high injection flow rates.


By orienting the injected air stream closer to the impeller shroud surface by an angle
of α = 5◦, the obtained results were slightly improved. The monitored pressure
fluctuations at the vaneless region over time were reduced by the injection at α = 5◦,
relative to the results for the angles of α = 10◦ and 15◦. This result indicates that the
stall problem can be better resolved by concentrating on the regions which are very
close to the shroud surface, more than other areas.



The velocity distribution at the diffuser indicated that injecting air at an angle Ɵ in the
range between 20◦ and 30◦ with an injection flow rate of 1.5% of the design inlet mass
flow rate is the best option to correct the flow angle at the diffuser inlet and prevent
the formation of reversed flow.



Pressure contour results show that there are relatively high pressure areas at the
impeller exit, including parts of the vaneless region, in the case of using a compressor
without air injection control near the stall condition. It was found that setting the
injecting angle Ɵ close to the values of 20◦ and 30◦ prevented the appearance of these
high pressure regions and made the pressure distributions for most of the impeller
passages identical and normal.



Injection with an angle Ɵ of 30◦ provided the most stable conditions for the
compressor compared to the results of other injection angles, in terms of minimizing
the unsteady forces which act on the impeller blades during stall.



The injection angle Ɵ of 30◦ is equivalent to nearly double of the diffuser inlet vane
angle. The injection at an angle less than this value does not provide enough increase
in the kinetic energy to overcome stall, while an injection at an angle larger than 30◦
value means that the injected flow starts to turn against the main flow motion,
causing weakness of the main flow.



For the NASA CC3 compressor, an injection at the angle Ɵ of 30◦ with an injection
flow rate of 1.5% of the design inlet flow rate made the flow completely stable at an
operating condition corresponding to a mass flow rate of 3.8 kg/s, and this result
proves the success of the control method to shift the surge limit and increase the
compressor’s stable range.
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6.1.4

Comments on the Casing Treatment Simulations
The casing grooves’ performance can be optimized by selecting the proper groove shape,

size, location, and number of grooves:


It was found that if the groove height is too short with respect to its width, or if the
aspect ratio (height to width ratio) is less than 1, the recirculation flow generated from
the groove is weak and is not sufficient to make a change in the stalled regions.



If the groove cross section aspect ratio is equal to 1, the groove flow moves uniformly
inside the groove and the reinjected flow velocity is enhanced compared to that for an
aspect ratio of less than 1.



If the groove cross section aspect ratio is larger than 1, there is no significant increase
in the recirculation flow velocity compared to the case with an aspect ratio of 1, but
the total area at which the flow is injected from groove increases.



By locating the groove at the impeller full blades leading edge, there is a significant
decrease in stall areas and blade loading. This effect diminishes gradually as the
groove is located further away from this location. It was found that locating the
groove at the impeller splitter blades leading edge has a relatively moderate effect on
minimizing stall while locating the groove near the impeller exit has nearly no effect
on minimizing stall.



As the number of grooves increases, the low velocity and separation regions at the
shroud surface decrease in size and move towards the impeller blades' trailing edge.
On the other hand, increasing the number of grooves causes the isentropic efficiency
to decrease, especially when the number of grooves exceeds 3.



Groove performance at the best efficiency point is different from that during stall. At
the best efficiency point, the groove flow is relatively weak compared to the main
flow, and the reinjection groove flow has a nearly negligible effect on the main flow.
But during stall, there is a tip leakage flow that moves against the groove flow
motion, and if the tip leakage flow is stronger than the groove flow, the stall will
develop till surge. If the contrary occurs and the groove flow strength is higher
relatively, then the groove flow overcomes the tip leakage flow and the flow is
redirected in the required direction in the impeller passages.
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6.1.5

Conclusions on the Structural Analysis Work


The amplitude of the dynamic pressure fluctuations at the blades tip increases with
time as the stall develops to surge due to the interaction between the main flow and
the secondary flow. The strongest fluctuations occur at the impeller tip exit due to the
effect of reversed flow from the diffuser during surge.



At an operating condition close to surge, the compressor is exposed to high pressure
fluctuations which affect the impeller blades and cause high stresses and deformation
of the blades at the tip region.



The compressor model with the use of air injection provides more stability than the
uncontrolled compressor model in terms of minimizing the forces and moment
variation with time during stall.



The most critical component which has the maximum deformation was found to be
the blades tip area when the blades tip profile turns from axial to radial. This is
because when the radial and axial deflection components at this area combine
together, the resultant component direction is towards the shroud surface; however,
for other areas such as at the impeller inlet, the blade tip profile is axial, and so the
axial deformation component is not effective.



It is recommended that the deflection calculations at the surge condition are taken into
consideration before the final manufacturing of the compressor. It was found that the
blades’ deflection during surge can cause compressor damage because the initial
design for the tip clearance, designed based on steady state calculations, is smaller
than the deflection during surge at some locations.



By increasing the compressor shaft bearing stiffness to a specified value, it was found
that the blades’ deflection at the tip area can be minimized. It would be recommended
to consider this factor regarding the tip clearance value in the initial compressor
design, in addition to the traditional blade deflection calculations.
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6.2

Future Work



Making more detailed optimization for the parameters of the air injection control and the
casing treatment control methods. This may be infeasible because of the intensive
requirement of the CPU time. According, an investigation of performing design
sensitivity analysis should be considered.



Regarding the air injection control, it is recommended to perform more simulations on
various compressors having different geometries and then generating dimensionless
relationships between the air injection parameters and the main dimensions of the
compressor especially at the vanless region where the injection is recommended to be
applied.



Developing a design sensitivity FEM model to investigate the optimum behavior for
parameter changes.



Performing fully coupled fluid/structure interaction analysis and reporting the blades
deflections during stall/surge. It is expected that the dynamic deformation will change the
incident angle on the aerofoil and accordingly will change the dynamic behavior.



Studying the compressor behavior at relatively high flow rate operating conditions close
to the choke limit for a compressor enhanced by air injection control and also for a
compressor modified by casing treatments.
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APPENDIX
A.1

The Conservation Equation of Transport and its Discretization
The discretization can be described by considering the conservation equation of transport

for the scalar variable ∅ for an arbitrary control volume

as shown in equation A-1 which is

applied to each control volume. The discretization of equation A-1 on a given cell results in
equation A-2.
Γ

ρϕv.

Where

∅.

is the fluid density, v is the velocity vector ( v

vector, Γ∅ is the diffusion coefficient for ∅ and
∅

∅

∅

̂

̂

∅

Where

∅

̂

̂

), is the surface area

is the source of ∅ per unit volume. Also,

.

∅

Γ

∅

.

(A-2)

∅

is the number of faces enclosing the cell, ∅ is the value of ∅ convected through the
∅ is the mass flux through the face,

face f,
),

A.2

(A-1)

∅

∅

is the magnitude of

∅

is the area of face f for (| |

normal to face f, and

̂

̂

is the cell volume.

Boussinesq Hypothesis

Equation A-3 shows the concept of the Boussinesq hypothesis.
́ ́

Where

2
3

(A-3)

is the turbulent viscosity which is computed by solving the transport equations for the

turbulence kinetic energy ( ) and the turbulence dissipation rate ( ).
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A.3

Realizable

Model Equations

Equation A-4 indicates the method of calculation of the turbulent viscosity
realizable

for the

turbulence model.
(A-4)

Where

is calculated as shown in equation 3-5.
1

(A-5)

4.04

Where

is a parameter which depends on many factors related to velocity gradients and shear

stresses as described in equation A-6.
6

Where

Ω

cos

1
cos
3

√6

(A-6)
̅

is the shear stress and ̅ refers to the average shear stress while Ω represents the mean

rate of rotation tensor. Equations A-7 and A-8 indicate how ̅ and

are calculated respectively.

̅

(A-7)
1
2

A.4

(A-8)

Definitions of the Near-Wall Treatment Parameters
The dimensionless wall distance

is defined as shown in equation A-9.
(A-9)

μ

Where

is the distance from point P to the wall,

is the fluid density, while the definition of

is the dynamic viscosity of the fluid,

(the frictional velocity) is given in equation A-

10.
(A-10)
Where

is the wall shear stress and it is computed as shown in equation A-11.
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(A-11)

μ

Where

is the mean velocity of the fluid at point P

Also, the

is the dimensionless velocity and its definition is as presented in

equation A-12.
(A-12)
The logarithmic law of the wall is applied at the inner layer region and it is described in
equation A-13.
1

ln

(A-13)

C

Where C is a constant depends on the wall surface roughness and
constant (= 0.42). The logarithmic law of the wall can be used for
When

A.5

11, then

is nearly equal to

is the von Kármán
11

.

Equations for the Using of Wall Functions for Momentum
∗

The dimensionless parameters

∗

and

are described in equations A-14 & A-15

respectively.
⁄

⁄
∗

(A-14)

⁄
⁄

⁄

(A-15)

∗

Where
at point P,

is the mean velocity of the fluid at point P,

is the distance from point P to the wall, and

is the turbulence kinetic energy

is the dynamic viscosity of the fluid.

The law of the wall for the mean velocity can be described as shown in equation A-16.
(A-16)
Where

is the von Kármán constant (= 0.42),

is an empirical constant (= 9.793).
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∗

When

< 11.225 at the cells adjacent to wall, the laminar relation is used as shown in

equation A-17.
(A-17)

A.6

Equations for the Using of Wall Functions for Energy
The law of the wall for temperature is described in equation A-18.
⁄

⁄
∗

∗

Pr
∗

1

ln

1
Pr
2

⁄

⁄

∗
⁄

⁄

1
Pr
2

∗

(A-18)

∗

∗

Pr

∗

Where P is calculated based on equation A-19
(A-19)
Where

represents the specific heat of the fluid,

temperature at the cell adjacent to wall,
number,
∗

is the wall heat flux,

is the wall temperature,

is the turbulent Prandtl number and

describes the

is the molecular Prandtl

is the mean velocity magnitude when

∗

.
The thermal sub-layer thickness

∗

presented in equation A-18 is calculated like

∗

value

for which the logarithmic and linear laws intersect resulting in the definition of the fluid
molecular Prandtl number.
The application of the law of the wall for temperature has a specific procedure. Based on
the values of the fluid physical properties, the molecular Prandtl number is calculated. After that,
the thermal sub layer thickness
profiles. Based on the

∗

∗

is computed by intersecting the linear and logarithmic

value near wall, the linear or the logarithmic profile is applied in order

to compute the wall temperature

or the heat flux

which depends on the thermal boundary

condition type.
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